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SUMMARY

In this study, the Partially Premixed Compression Ignition (PPCI) combustion strategy in the
high-speed, direct-injection diesel engine was investigated numerically by KIVA-3V code
coupled with detailed chemistry, aiming to find the solution to meet the increasingly stringent
emission regulations. Using split-injection, the parameters including injection timing,
split-proportion, spray angle and injection pressures have been studied for their effects on
combustion performance and emissions. The effects of swirl ratio, EGR rate and boost pressure
are evaluated for improving the mixing and combustion of PPCI. The Homogeneity Factor (HF)
was proposed for evaluating the quality of mixing and for quantitatively investigating the effects
of injection parameters and in-cylinder air motion on mixture formation. Relationships between
the quality of mixing and combustion performance and emissions were discussed using this
factor. The results showed that HF had well revealed overall quality of mixture and the effects

of operating parameters explicitly.

Different EGR compositions with varied fractions of CO, or H,O were applied in PPCI
combustion in order to evaluate the effects of EGR constituents on the combustion performance
and emissions. Moreover, the parametric study was conducted under a sweep of the 2nd
injection timing and EGR rate, for the understanding of the effects of CO, and water vapour in

EGR at different operating modes

The speed range and load range for the PPCI diesel combustion using split injection was
investigated. The results showed that the high level of EGR rate limited the implementation of
PPCI combustion at high engine load, while the engine speed was limited by increased CO
emissions. The application of high level cooled EGR had the potential for extending operating
limits. The proposed Premixed Rate (PR) has revealed the correlations between the degree of
premixed combustion and ignition delay, together with overall equivalence ratio. Good
responses in fuel consumption have been shown with increase PR. And the significant reduce in

PR indicated low degree of premixed at high engine load.



Acknowledgements

It is a pleasure to thank those who made this thesis possible. First and foremost, my gratitude
goes to Dr. Zhijun Peng, my supervisor, for his constant encouragement and guidance. He leads
me to go through all the stages of my DPhil study since 2007. Without his consistent and
illuminating instructions, this thesis could not have reached its present form.

Secondly, | owe my heartfelt gratitude to Professor Yunging Li, who guided me into the
academic research of automotive engine, and gave me consistent helps without reservation. It is
a great sorrow that now he is unable to witness my completion of this thesis. But | know he

certainly would be extremely happy for me as he also did at every step of my progress.

I would also like to thank Professor Abdulhaser Sayma and Dr William Wang. As my co-
supervisors, they have made available their support in a number of ways. Thanks are due to Dr.
Ming Jia who was a research fellow from 2007 to 2009 at the University of Sussex, and now is
at the Dalian University of Technology, China. He kindly provided the modified version of
KIVA-3V code which was used though out this thesis. And the other faculty and research
students in the School of Engineering and Informatics, University of Sussex also play an

essential role in assisting me to overcome obstacles through this adventure.

I am also immensely grateful to Professor Hua Zhao of the Brunel University and Dr. Evgeny
Petrov of the University of Sussex as they kindly accepted to be my examiners and for their

constructive comments.

Lastly, I am indebted to my family, for their love, patience, encouragement and support all

through these years. They are the source that confers the meanings on every piece of my life.



Contents

(O10] 1 (<7 | £ F TP P PSPPSR i
LISE OF TADIES ...t vi
LISE OF FIQUIES ...ttt ettt et e s viii
NOMENCIATUIE. ...ttt bbbttt e e nne e Xviii
Chapter 1 INTrOQUCTION ......eeieiiiieii ettt 1
Chapter 2 LItErature REVIEW........ccuiiiiiiiiieitie ettt 5
2.1 PPCI COMBUSTION ...ttt 5
2.1.1 Introduction to PPCI COMBUSLION..........ciuiiiiiiiiiiieiie e 5

2.1.2 Operating Limits and Implementation of PPCI Combustion..............cccceevennen. 6

2.2 Emission Control Techniques in Diesel ENQINe .........ocoviiiiiiiiiiiiiii e 8
2.2.1 Exhaust Gas Recirculation (EGR)..........cccveiviiiiiiiiiie e 8

2.2.2 INJECHION SErALEYIES ......veeiiiei et sttt e e srae e eesnaee s 10

2.2.3 SWIT RALIO ...ttt 11

2.3 HOMOQENEItY OF IMIXEUIE......cccviiiiiie et 12

2.4 Degree of Premix in PPCI CombBUSHION .........cccoeiiiiiiiei e 15

2.5 SUMMAIY 1.ttt e et e e s st e e e st e e e s sstr e e e s sntbeeeeasntaeeeesnneeeeas 15
Chapter 3 Numerical Model and Validation ............ccccooiieiiii i, 17
BTN 1Y/ Lol L= I [ty ot T o] RSP 17
3.1.1 GOVErning EQUALIONS ..........coiiviiiiiec ettt stre e e e e snree s 17

3.1.2 Turbulence MOGEN .........cooiiiiiiie e 18

3.1.3 FUEl SPray MOGEIS .......ccoviiiiiec et 19

3.1.4 Combustion and Emission MOGEIS.............ccceoiiieiiiiiiiiiceece 25

3.2 MOGEI VAIALION ... 29
3.2.1 Introduction of Validating EXPeriments...........ccccceeviviiiiieeiiie e 33

3.2.2Validating RESUIES.........oeoieiieie e 37



iv

3.2.2 Validation with Traditional Diesel Combustion Mode ............cccooeeiiiiiiiinennn. 39

3.3 SUMMAIY .ttt s e e e n e s e e s m e e e nn e e e e e e nnne e e nnn e ennes 40
Chapter 4 Diesel PPCI Combustion with Split-Injection and Homogeneity Factor Study ......... 42
4.1 Diesel PPCI Combustion with Split-INJection..............ccevveiiiiiiiiieiieeeee e 42
4.1.1 Operating CONGITIONS .......ccviiiiiiieiie e 42
4.1.2 Data Processing Method...........cocviiiiiiiiiiciii e 43
4.1.3 The Effects of the 2™ INjection TIMING ..........ccccovvvererererereeeeseeesesereeseeenenn, 44
4.1.4 The Effects of Fuel Splitting Proportion............cccocoveiviiiiiienic e 48
4.1.5 The Effects of Spray ANgle........ocvoiiiiiiiii e 52
4.1.6 The Effects of INJECTION PreSSUIE .......cocuiiiiiiiiiiiieciie e 56
4.1.7 The Effects of SWIrl RALIO .........cccvviiiiiiiiie i 60
4.1.8 The Effects of EGR Rate and BOOSt PreSSure.........cccocvevienieniieiiieiie e 64

4.2 Homogeneity FACtOr SLULY .........coiuiiiiiie i 70
4.2.1 Definition and FOrmUIAS ...........cccoiiiiiiiiiic e 70
4.2.2 The Characterization of Mixing in PPCIENQINe ........cc.cccoovevviveiiee e 71
4.2.3 The Characterization of Combustion and Emissions in PPCI Combustion........ 74

e TS T 11101 1Y SO RPPRR 80
Chapter 5 Constituents of Exhausted Gas for Recirculation .............cccceeveiiiiiiiie e, 83
5.1 Test MEethOUOIOQY .....ccvveeiiieecie e e e e e ees 83
5.2 The Effects of CO2 and Water Vapour in EGR .........cccccocviiiiiiiiec e 85
5.1.1 COMBUSEION PTOCESS .....cuviiieiiiiiieiesieeit ettt 85

5. 1.2 EMISSIONS ...ttt 89

5.2 Conditional SENSIDIIILY ........cooviiiiiiii s 93
5.2.1 Sensibility to the 2™ iNeCtion tIMING ...........coeveeeeeeeeeeeeeee e, 93
5.2.2 Sensibility t0 EGR RALE.........cceiiiiiiie et 99

LT TS U 1111117 1Y ESSRP 104

Chapter 6 Operating Limits and Optimization of Thermal Conversion Efficiency in PPCI
COMBUSTION. ...ttt s et et e e e nne e 106



6.1 SPEEA TTANSITION ...t 106
6.1.1 Operating CoNGItIONS ........ccooviiiieiiiiie e 106
6.1.2 SPEEU SWEEP ...ttt 107
6.1.3 Optimization for Speed TranSitioN ...........ccocoveiieriiniieie e 112

6.2 L0AG TrANSITION. ...c.vviiieiiii ettt 117
6.2.1 Operating CoNdItiONS ..........cciviiiieiii e 118
6.2.2 LOAU SWEEP ...ttt 118
6.2.3 Optimization for Load TranSition............ccceieeiieiieiiienie e 122

6.3 Premixed Combustion Ratio STUAY ..........ccoeiviiiiiiieiiiie e 132
6.3.1 Definition and FOIrMUIAS ...........cciiiiiiiiii e 132
6.3.2 Injection Strategies and In-Cylinder Conditions............cccceevvvveviieeiiieesneeene, 134
6.3.3 Correlations of Ignition Delay and Equivalence Ratio..............ccccooovvviiennnnne 139
6.3.4 Speed and Load TranSitioNS.........ccccocvveiiieiiiee e 142

LR T 11071V PSS PR 147

Chapter 7 Conclusions and DISCUSSION ........cccuviiiireiiiieiiee et sre e 150

Further reComMMENdALION...........cuiiiiiiii s 153

S (ST 101 TR 155



vi

Table 3.1

Table 3.2

Table 3.3

Table 3.4

Table 3.5

Table 3.6

Table 3.7

Table 3.8

Table 3.9

Table 3.10

Table 3.11

Table 3.12

Table 4.1

Table 5.1

Table 6.1

Table 6.2

Table 6.3

List of Tables

The reduced NOx mechanism [Golovichev, 2002]

The C2H2 formation and oxidation mechanism [Jia et al., 2009]
The global steps of soot formation [Jia et al., 2009]

The coefficients for the break-up model and the collision model

The constants of reaction rates in the NO, mechanism according
to the Table 3.1

The constants of reaction rates in the C,H, mechanism according
to the Table 3.2

The constants of reaction rates in the soot mechanism according
to the Table 3.3

Engine specifications [Lee, 2006]

Injection system specifications [Lee, 2006]

The operation conditions [Lee, 2006]

Engine specifications of HU and Rutland’s experiments [2006]
Operating conditions of HU and Rutland’s experiments [2006]

The operating conditions for PPCI combustion using

split-injection
Operating conditions and EGR constitutions
The operating conditions for speed tests

Parameters for adjusting combustion phase location at different

engine speeds

Parameters for adjusting combustion phase locations for different

engine loads

27

28

29

30

31

32

33

34

35

36

39

40

43

84

107

113

123



vii

Table 6.4 Injection pressures and EGR rates for premixed ratio study 134



viii

Figure 1.1

Figure 3.1

Figure 3.2

Figure 3.3

Figure 3.4

Figure 3.5

Figure 3.6

Figure 3.7

Figure 3.8

Figure 3.9

Figure 4.1

Figure 4.2

Figure 4.3

List of Figures

Simplified diesel combustion strategies in ¢ — T map, modified from the
work of Kamimoto and Bae [1988]

Two parcels travelling towards each other.

The sketch of the mechanism of the coupling of KIVA-3V2 code and
Chemkin [Kong et al., 2001].

Schematic representation of the improved phenomenological soot
model [Jia et al., 2009]

The Schematic diagrams of the intake port and piston bowl of Ricardo

Hydra engine
The computational grids at TDC and at the IVC

The comparisons between experimental [Lee, 2006] and simulation
results for the pressure and the heat release rate with different SOI_2nd

timings.

The comparisons between experimental [Lee, 2006] and simulation

results for NOx and soot with different SOI_2nd timings.

The comparisons between experimental [Lee, 2006] and simulation
results for UHC and CO with different SOI_2nd timings.

The comparisons between experimental [Hu and Rutland, 2006] and

simulation results for the pressure and the heat release rate.

In-cylinder pressure and heat release rate for several different 2nd

injection timings (SOI_2)

The 10%, 50% and 90% burn location of the cases with different 2nd

injection timing

Effects of the 2nd injection timing on NOx and soot emission

22

26

29

34

35

37

38

38

40

45

46

47



Figure 4.4

Figure 4.5

Figure 4.6

Figure 4.7

Figure 4.8

Figure 4.9

Figure 4.10

Figure 4.11

Figure 4.12

Figure 4.13

Figure 4.14

Figure 4.15

Figure 4.16

Effects of the 2nd injection timing on CO and UHC emission

Equivalence ratio distribution prior to the ignition (at -15°CA ATDC
and at -5°CA ATDC), when SOI_2= -30°CA ATDC and -10°CA
ATDC.

The 10% burn location and combustion duration for the cases of
different 2nd injection timings with different fraction of fuel in the 1st
injection

The 50% burn location and ISFC for the cases of different 2nd injection

timings with different fraction of fuel in the 1st injection

The NOx and soot emission for the cases of different 2nd injection

timings with different fraction of fuel in the 1st injection

The CO and UHC emission for the cases of different 2nd injection

timings with different fraction of fuel in the 1st injection

The 10% burn location and combustion duration for the cases of

different 2nd injection timings with different spray angle.

Equivalence ratio distribution at 5°CA after the 2nd injection for the
cases with different spray angle, when SOI 2= -30°CA ATDC and
-15°CA ATDC.

The 50% burn location and ISFC for the cases of different 2nd injection

timings with different spray angle

The NOx and soot emission for the cases of different 2nd injection

timings with different spray angle

Soot mass distribution at 120°CA ATDC for the cases with different
spray angle, when SOIl_2=-15°CA ATDC and -5°CA ATDC

The CO and UHC emission for the cases of different 2nd injection

timings with different spray angle

The 10% burn location and combustion duration for the cases of

different 2nd injection timings with different injection pressure

48

48

49

50

o1

52

53

54

54

55

56

56

57



Figure 4.17

Figure 4.18

Figure 4.19

Figure 4.20

Figure 4.21

Figure 4.22

Figure 4.23

Figure 4.24

Figure 4.25

Figure 4.26

Figure 4.27

Figure 4.28

Figure 4.29

The 50% burn location and ISFC for the cases of different 2nd injection

timings with different injection pressure

Equivalence ratio distribution at 5°CA after the 2nd injection for the
cases with different injection pressures, when SOI_2=-15°CA ATDC.

The NOx and soot emission for the cases of different 2nd injection

timings with different injection pressure

The CO and UHC emission for the cases of different 2nd injection

timings with different injection pressure

The 10% burn location and combustion duration for the cases of

different 2nd injection timings with different swirl ratio

The 50% burn location and ISFC for the cases of different 2nd injection

timings with different swirl ratio

The NOx and soot emission for the cases of different 2nd injection

timings with different swirl ratio

Equivalence ratio distribution at 5°CA after the 2nd injection for the
cases with different swirl ratio, when SOI_2=-15°CA ATDC.

The CO and UHC emission for the cases of different 2nd injection

timings with different swirl ratio

The 10% burn location and combustion duration for the cases of

different 2nd injection timings with different EGR rate

The 50% burn location and ISFC for the cases of different 2nd injection

timings with different EGR rate

The NOx and soot emission for the cases of different 2nd injection

timings with different EGR rate

The CO and UHC emission for the cases of different 2nd injection

timings with different EGR rate

58

58

59

60

61

62

62

63

63

65

65

66

67



Xi

Figure 4.30

Figure 4.31

Figure 4.32

Figure 4.33

Figure 4.34

Figure 4.35

Figure 4.36

Figure 4.37

Figure 4.38

Figure 4.39

Figure 4.40
Figure 4.41
Figure 4.42
Figure 4.43

Figure 4.44

The 10% burn location and combustion duration for the cases of
different 2nd injection timings with different intake pressure

The 50% burn location and ISFC for the cases of different 2nd injection
timings with different intake pressure

The NOx and soot emission for the cases of different 2nd injection
timings with different intake pressure

The CO and UHC emission for the cases of different 2nd injection

timings with different intake pressure

The plot of Homogeneity Factor for various timings of the 2nd

injection.

The effects of fuel fraction in the 1st injection on the HF for various

timings of the 2nd injection.

The effects of fuel injection pressure on the HF for various timings of

the 2nd injection.

The effects of in-cylinder swirl ratio on the HF for various timings of

the 2nd injection.

The effect of the HF on the 10% burn location under various operating

conditions.

The effect of the HF on the 50% burn location under various operating

conditions.

The effect of the HF on the ISFC under various operating conditions.

The effect of the HF on the NOx under various operating conditions.

The effect of the HF on the soot under various operating conditions.

The effect of the HF on the CO under various operating conditions.

The effect of the HF on the UHC under various operating conditions.

67

68

69

69

72

72

73

73

74

75

76

77

78

79

80



Xii

Figure 5.1

Figure 5.2

Figure 5.3

Figure 5.4

Figure 5.5

Figure 5.6

Figure 5.7

Figure 5.8

Figure 5.9

Figure 5.10

Figure 5.11

Figure 5.12

Figure 5.13

Figure 5.14

Figure 5.15

The EGR introduced into inlet air which is original: a) Normal; and
50% of water vapour has been replaced by CO2: b) 50%H20_rp

In-cylinder pressure and heat release rate of the cases with different
EGR compositions

Molar heat capacities of different gases. [Rogers and Mayhew, 1994]
In-cylinder temperatures for the cases with different EGR compositions
The starts of combustion for the cases with different EGR compositions

The durations of combustion for the cases with different EGR

compositions

The ISFC respects to the combustion phase location for the cases with

different EGR compositions

The trade-offs of NOx and soot for the cases with different EGR

compositions

The trade-offs of NOx and CO for the cases with different EGR

compositions

The trade-offs of NOx and UHC for the cases with different EGR

compositions

The trade-offs of NOx and ISFC for the cases with different EGR

compositions

The starts of combustion for the cases with different EGR compositions

and varied 2nd injection timing

The durations of combustion for the cases with different EGR

compositions and varied 2nd injection timing

Detailed burn durations for the cases with different EGR compositions

and varied 2nd injection timing

The ISFC respects to the combustion phase location for the cases with

different EGR compositions and varied 2nd injection timing

85

86

86

87

88

89

90

91

92

92

94

94

95

96



xiii

Figure 5.16

Figure 5.17

Figure 5.18

Figure 5.19

Figure 5.20

Figure 5.21

Figure 5.22

Figure 5.23

Figure 5.24

Figure 5.25

Figure 5.26

Figure 6.1

Figure 6.2

The trade-offs of NOx and soot for the cases with different EGR

compositions and varied 2nd injection timing

The trade-offs of NOx and CO for the cases with different EGR

compositions and varied 2nd injection timing

The trade-offs of NOx and UHC for the cases with different EGR

compositions and varied 2nd injection timing

The trade-offs of NOx and ISFC for the cases with different EGR

compositions and varied 2nd injection timing

The effect of EGR composition on the start of combustion at three EGR

rates

The effect of EGR composition on the duration of combustion at three
EGR rates

The ISFC respects to the combustion phase location for the cases with

different EGR compositions of three EGR rates

The effect of EGR composition on the trade-offs of NO, and soot at
three EGR rates

The effect of EGR composition on the trade-offs of NO, and CO at
three EGR rates

The effect of EGR composition on the trade-offs of NO, and UHC at
three EGR rates

The effect of EGR composition on the trade-offs of NO, and ISFC at
three EGR rates

In-cylinder pressures and heat release rates at several different engine

speeds

The starts of combustion and ignition delays at several different engine

speeds

97

98

99

99

101

101

102

103

103

104

104

108

108



Xiv

Figure 6.3

Figure 6.4
Figure 6.5
Figure 6.6

Figure 6.7

Figure 6.8

Figure 6.9

Figure 6.10

Figure 6.11

Figure 6.12

Figure 6.13

Figure 6.14

Figure 6.15

Figure 6.16

Figure 6.17

The ISFC respects to the combustion phase location for the cases at
different engine speeds

Effects of engine speed on NOx and soot emissions
The traces of soot formation for different engine speeds
Effects of engine speed on CO and UHC emissions

Thermal conversion efficiencies at different speeds for the cases of

original and after adjustment

Combustion durations at different speeds for original engine speed

sweep and after adjustment

Fuel consumptions at different speeds after adjustment and their

differences from original

Heat rejection efficiency at different speeds for original engine speed

sweep and after adjustment

NOx emissions at different speeds after adjustment and their differences

from original

Soot emissions at different speeds after adjustment and their differences

from original

CO emissions at different speeds after adjustment and their differences

from original

UHC emissions at different speeds after adjustment and their

differences from original

In-cylinder pressures and heat release rates for several different engine
loads at 1900 rpm

The ISFC respects to the combustion phase location with increased

engine load at 1500 rpm, 1900 rpm, and 2500 rpm

The trade-offs of NOx and soot with increased engine load at 1500 rpm,
1900 rpm, and 2500 rpm

109

110

111

111

113

114

115

115

116

116

117

117

119

120

120



XV

Figure 6.18

Figure 6.19

Figure 6.20

Figure 6.21

Figure 6.22

Figure 6.23

Figure 6.24

Figure 6.25

Figure 6.26

Figure 6.27
Figure 6.28
Figure 6.29
Figure 6.30

Figure 6.31

Effects of engine load on CO emissions at 1500 rpm, 1900 rpm and
2500 rpm

Effects of engine load on UHC emissions at 1500 rpm, 1900 rpm and
2500 rpm

The loads under adjusted equivalence ratios at 1500 rpm, 1900 rpm and
2500 rpm

Thermal conversion efficiencies at different engine loads after

adjustment

Improvements in thermal conversion efficiency at different engine loads

after adjustment

Increases in combustion duration at different engine loads after

adjustment

Fuel consumptions against equivalence ratio for a range of engine loads

after adjustment

Improvement in fuel consumption against improvement in thermal

conversion efficiency for a range of engine loads after adjustment

Improvement in fuel consumption against improvement in heat rejection

efficiency for a range of engine loads after adjustment
NOx emissions at different engine loads after adjustment
Soot emissions at different engine loads after adjustment
CO emissions at different engine loads after adjustment
UHC emissions at different engine loads after adjustment

Typical DI engine heat release rate diagram identifying different diesel

combustion stages [Heywood , 1988]

121

122

124

125

126

126

127

128

128

129

130

131

131

133



XVi

Figure 6.32

Figure 6.33

Figure 6.34

Figure 6.35

Figure 6.36

Figure 6.37

Figure 6.38

Figure 6.39

Figure 6.40

Figure 6.41

Typical heat release rate diagram and the derivative of the heat release
rate for PPCI diesel combustion, and the identifying of different
combustion stages. Data from the baseline case in Chapter 4, with the
2nd injection timing at -30°CA ATDC.

The premixed ratios by mass and by heat for the cases of different 2nd

injection timings with different injection pressures

The premixed ratios by mass and by heat for the cases of different 2nd

injection timings with different EGR rates

The fuel consumptions against the premixed ratios by heat for the cases
of different 2nd injection timings with varied injection pressures and
EGR rates

The soot emissions against the premixed ratios by mass for the cases of
different 2nd injection timings with varied injection pressures and EGR

rates

The CO emissions against the premixed ratios by heat for the cases of
different 2nd injection timings with varied injection pressures and EGR

rates

The UHC emissions against the premixed ratios by heat for the cases of
different 2nd injection timings with varied injection pressures and EGR

rates

The premixed ratios by mass against ignition delay for the cases of
different 2nd injection timings with varied injection pressures and EGR

rates

The premixed ratios by heat against ignition delay for the cases of
different 2nd injection timings with varied injection pressures and EGR

rates

The premixed ratios by heat from equation (6.2) and from prediction for
the cases of different 2nd injection timings with varied injection

pressures

133

135

136

137

138

138

139

140

140

142



XVii

Figure 6.42

Figure 6.43

Figure 6.44

Figure 6.45

Figure 6.46

Figure 6.47

Figure 6.48

The premixed ratios by heat from equation (6.2) and from prediction for
the cases of different 2nd injection timings with varied EGR rates

The premixed ratios by mass and by heat at different engine speeds for
original cases and adjusted cases

The premixed ratios by mass and by heat at different engine loads after
adjustment

The fuel consumptions against the premixed ratios by heat with

increased engine load at 1500 rpm, 1900 rpm, and 2500 rpm

The soot emissions against the premixed ratios by mass with increased

engine load at 1500 rpm, 1900 rpm, and 2500 rpm

The CO emissions against the premixed ratios by mass with increased

engine load at 1500 rpm, 1900 rpm, and 2500 rpm

The UHC emissions against the premixed ratios by mass with increased

engine load at 1500 rpm, 1900 rpm, and 2500 rpm

142

143

144

145

146

146

147



XViii

Nomenclature

Abbreviations

ABDC

ATDC

BBDC

BMEP

CFD

CO

CA

DPF

EGR

EVC

EVO

FTIR

GA

HCCI

HRR

HSDI

IMEP

IvVC

VO

ISFC

LNT

LTC

MK

NADI

NEDS

After Bottom Dead Center ATDC
After Top Dead Center BBDC
Before Bottom Dead Center
Break Mean Effective Pressure
Computational Fluid Dynamics
Carbon Monoxide

Crank Angle

Diesel Particulate Filter EGR
Exhaust Gas Recirculation
Exhaust Valve Closing

Exhaust Valve Opening

Fourier Transform Infra-Red
Genetic Algorithm

Homogeneous Charge Compression Ignition
Heat Release Rate

High Speed Direct Injection
Indicated Mean Effective Pressure
Intake Valve Closing

Intake Valve Opening

Gross Indicated specific fuel consumption
Lean NOx Trap

Low Temperature Combustion
Modulated Kinetics

Narrow Angle Direct Injection

New European Drive Cycle

[9/kW-hr]



XiX

NO Nitric Oxide
PCCI Premixed Charge Compression Ignition
PPCI Partially Premixed Compression Ignition

PREDIC PREmixed lean Dlesel Combustion regime

ROI Rate of Injection

SOl Start of Injection

SR Swirl ratio

TAB Taylor Analogy Breakup
TDC Top Dead Center

UNIBUS UNIforrn Bulky combustion System

UHC Unburned Hydro Carbon

VCO Valve Covered Orifice
Equations

L Liquid length

Py Liquid fuel density

Pa Surround air density

C, Orifice area-contraction coefficient
0 Spray cone angle

d Orifice diameter

T, Surround air temperature

P, Surround air pressure

Tr Fuel temperature

h, Enthalpy of surround air

hs Enthalpy of fuel

T Saturated fuel vapor temperature
Py Saturated fuel vapor pressure

U Fuel conversion efficiency



XX

Ntc

Nhi

Ncomb

Nhr

Thermal conversion efficiency
Heat loss efficiency
Combustion efficiency

Heat rejection efficiency
Gross Indicated work

Fuel mass injected per cycle
Lower heating value of fuel
Total chemical heat release
Heat transfer losses

Intake boost pressure [kPa]
Fuel mass injected per cycle [mg/cyc]
Intake air temperature [°C]

Injection pressure [MPa]



1

Chapter 1 Introduction

Diesel engine is a power source for in automotive industry because of its superior economy than
gasoline engine. However, its intrinsic drawback of high level of NO, and soot emissions
generated during the diffusion combustion processes limit the spread of using diesel engine on
passenger cars in many countries. Fortunately, the research and develop on diesel engine have
not been abandoned in Europe.

In recent decades, diesel engine becomes attractive again because it offers lower fuel
consumption and generates lower CO, output compared with gasoline engine due to its higher
compression ratio and leaner operating conditions. As the main constituent of green house gas,
CO; now is one of the most important target pollutions in much legislation and regulations of
environment protecting. And the increasingly raised oil price also drives more attentions on the
application and optimizing of diesel engine on passenger cars and boosts the growth of diesel
engine industry. Meantime, the developed electronic controlled fuel injection system makes it
feasible to realize multiple-injection and high-pressure injection, which is helpful for the

implementation of advanced combustion strategies.

Various combustion strategies have been proposed aiming to reduce NO4 and soot emissions
without massive sacrifices in fuel consumption. The research of Kamimoto and Bae [1988]
evaluated the effects of equivalence ratio (¢) and temperature (T) on the formation of NO, and
soot. The representative ¢ — T map presented by Kamimoto and Bae have become the basis for
the studies about diesel combustion strategies for low emissions .As shown in Figure 1.1,
simultaneously reduced NO, and soot emission is possible to realize if the regions favorable for

forming emissions can be avoid during combustion.

Homogeneity Charge Compression Ignition (HCCI) combustion and Partially Premixed
Compression Ignition (PPCI) combustion are two typical strategies derived from this concept.
HCCI combustion shows great capability in simultaneously reducing NO, and soot emissions.
However, to acquire homogeneous mixture, extremely early injection (before -60°ATDC) or
fuel-air pre-mixing out of cylinder is utilized, which leads to significant wall wetting due to the
inferior volatility of diesel and consequently deteriorated combustion efficiency and increased
HC and CO emissions in HCCI combustion. Moreover, with uniform distribution of equivalence
ratio the combustion in HCCI is dominated by chemical reaction kinetics. Therefore, the control

over combustion phase is difficult for HCCI combustion.

In comparison with HCCI, PPCI is more practical and adopts moderately early fuel injection to
reduce wall wetting. A Large amount of EGR is introduced to prolong ignition delay and

suppress the combustion temperature avoid the formation regions of NOy and soot. Though the
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mixture is still stratified prior to ignition, combustion takes place at much higher fraction of
premixed combustion compared with the conventional diesel combustion process. Increased
proportion of fuel burned under leaner equivalence ratio and lower combustion temperature
results improved NO, and soot emissions. More important, the control over combustion through

injection strategy is feasible in PPCI combustion.

Local Equivalence Ratio
b

1400 1200 2200 2600 3000
Temperature (K)

Figure 1.1 Simplified diesel combustion strategies in ¢ — T map, modified from the work of
Kamimoto and Bae [1988]

PPCI combustion is not limited to extremely lean mixtures, then improving fuel-air mixing is
the most important pathway to drastically reduce NO and soot emissions and avoid acceptable
fuel economy penalty. Split-injection that has been commonly used in conventional diesel
engines shows potentials to enhance the fuel-air mixing by appropriately increasing the
in-cylinder temperature during the evaporation of the main injected fuel [Kook et al., 2006]. The
pertinent literatures available demonstrated that fuel consumption and the output of CO and
UHC can be improved by utilizing a pilot injection, where the simultaneously low NO, and soot
are achieved at the same level of PPCI combustion with single-injection [Koci et al., 2009; Park
and Bae, 2011]. However, most of the PPCI research has been constrained to single-injection,
while the knowledge about the engine performance and emission mechanisms of PPCI using

split-injection is lacking.

In the meantime, the quality of mixing in PPCI combustion is difficult to evaluate directly or
individually. Based on the same overall equivalence ratio, the homogeneity of mixture is
evaluated through the comparison of conditions for mixing, like the length of ignition delay,

injection pressure, the intensity of in-cylinder air motion, or through the data of combustion
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performance and the formation of emissions. Limited pertinent literatures have discussed the
definition of homogeneity but in primary stage [Nandha and Abraham, 2002]. Their definitions
are not generalized, the relationships between homogeneity and engine performance and

emission mechanism have not be investigated in their studies.

Because a significantly large amount of EGR is introduced into intake air for the
implementation of PPCI diesel combustion, the effect of EGR and contributions of each
constituent on engine performance and emission mechanism need to be discussed thoroughly.
The dilution effect and thermal effect of EGR are the major factors that influence the mixing
and combustion processes of PPCI combustion. Two major constituents in EGR, i.e. CO,, and
water vapor, show different results in dilution and thermal effect [Ladommatos et al., 1997].
Therefore, different EGR compositions with varied faction of CO, or H,O may result in

different effects in PPCI combustion, if same amount of EGR is introduced.

The high EGR requirement limits the power output, whilst the operating speed is constrained
because the preparation of mixture requires appropriate ignition delay. It is of great interest to
push the current limit of PPCI combustion to higher speed and loads level and eventually make
it approaching the requirement of the engine in a passenger car. Meantime, for real
implementation of PPCI combustion the thermal conversion efficiency has to be improved.
Normally, the combustion phase of PPCI locates away from the TDC, where is usually
considered as the thermodynamically efficient location. Therefore, the relations between the
location of combustion phase and the thermal conversion efficiency need to be investigated in

PPCI diesel combustion.

It is important to notice that PPCI combustion processes in stratified mixture rather than
completely homogeneous charge. Though, the level of premixed combustion is much higher
than in conventional diesel combustion, diffusion combustion, which is controlled by mixing,
still exists in PPCI combustion. Currently, the evaluations of the degree of premixed combustion
are conducted through qualitative analysis of heat release rate. This approach is adequate for
comparing the level of premix between cases with similar engine configurations. However, it is
difficult to clearly discuss the relations between the degree of premix combustion and engine
responses without clear definition. Therefore, the proper definition of the degree of premixed

combustion will be helpful for the investigation of PPCI combustion.

The objectives of present study can be summarized into following aspects: 1) to gain sufficient
understandings about the combustion characteristics and emission mechanisms of PPCI diesel
combustion with split-injection; 2) to propose a definition about the degree of homogeneity to
evaluate the quality of mixture providing for PPCI combustion; 3) to evaluate the effects of

EGR compositions on combustion performance and emission formations in PPCI diesel
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combustion; 4) to explore the operating range of PPCI combustion with split-injection and
evaluate the control methods for optimizing the thermal conversion efficiency in PPCI
combustion; 5) to quantitatively define the degree of premix in PPCI combustion.

The structure of this thesis is: Chapter 2 gives the review of pertinent literature regarding the
PPCI combustion, EGR, homogeneity of mixture, the degree of premixed combustion and other
research area involved in this study. The numerical method and models used in this study are
introduced in Chapter 3. Chapter 4 illustrates the parametrical investigation about the effects of
split-injection strategy, swirl ratio, EGR rate and boost pressure on the combustion performance
and emission formations in PPCI diesel combustion. Meantime, definition of the Homogeneity
Factor (HF) is presented, together with discussions about the relations between the homogeneity
of mixture and combustion characteristics or emissions are given in this chapter. The evaluation
for the effects of EGR compositions on combustion performance and emission formations in
PPCI diesel combustion is given in Chapter 5. The speed and load limits are explored in Chapter
6, together with the control methods for optimizing the thermal conversion efficiency in PPCI
combustion. Moreover, the definition and discussions about Premixed Ratio (PR) are given here.
Finally, the conclusions of this study and recommendation for future investigation are presented
in Chapter 7.
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Chapter 2 Literature Review

2.1 PPCI Combustion

As Dbriefly discussed in Chapter 1, PPCI diesel combustion is considered as a promising strategy
to simultaneously reduce NO, and soot emissions and retain the control over combustion
through injection. This section will give more information about the mechanisms, advantages
and limitations of PPCI diesel combustion. Moreover, typical implementation of PPCI

combustion will be presented.
2.1.1 Introduction to PPCI combustion

PPCI combustion is characterised by increased fraction of fuel burned in premixed combustion
stage compared to conventional diesel combustion [Keeler and Shayler, 2008]. According to
Figure 1.1, the combustion temperature is suppressed by large amount of EGR to avoiding
region of NO, formation [Kamimoto and Bae, 1988]. Meantime, the reduced bulk-air
temperature during compression stroke delays the auto ignition of mixture and prolongs the time
for mixing. The increased ignition delay leads to more uniform fuel distribution and reduced

local equivalence ratios, which help the combustion to avoid the formation of soot.

Unlike HCCI combustion, PPCI combustion utilize moderately early injection timing initial for
the purpose of reducing the wall wetting of fuel [Kong et al., 2005]. Though prolonged ignition
delay allows more time for mixing, the completely homogeneous mixture is impossible to
achieve with this moderately early injection. Thus, despite relatively low local equivalence ratio
is achieved, fuel-air mixture features significant gradients in equivalence ratio. Although,
partially mix-controlled combustion may be resulted, the gradient of equivalence ratio implies

the possibility to control the combustion of PPCI by injection strategy [Park and Bae, 2011].

Since the level of premixed charge is increased in PPCI combustion, the reaction rate is much
faster than that in conventional diesel combustion. The relatively rapid combustion leads to
shorter combustion duration and increased level of combustion noise [Keeler and Shayler, 2008].
Also, the moderate advanced injection timing and shorter combustion duration causes the
location of combustion phase away from the TDC, which is unbeneficial for thermal conversion
efficiency. In order to increase the time for the flammable mixture reaching ignition limit, the
in-cylinder temperature and pressure are suppressed by introducing large amount of cool EGR
and reduced compression ratio, respectively. Wall impinging results in higher output of
unburned hydrocarbon and increased fuel consumption due to the longer spray penetration and
slower evaporation in the environment of lower temperature and pressure. Moreover, the
reduced combustion temperature in PPCI combustion is not favourable for the oxidation of CO.

Therefore, penalty in fuel economy and increased CO and UHC emissions challenge the



implementation of PPCI combustion.

2.1.2 Operating Limits and Implementation of PPCI Combustion

The operating limit is one of the major concerns for the implementation of PPCI diesel
combustion. As shown in Figure 1.1, PPCI combustion is not constrained to extremely lean
mixture. However, the power output is limited due to the high EGR requirement for suppressing
temperature. Meantime, the engine speed is also limited since adequate time is required for

achieving sufficient mixing in PPCI combustion.

Lewander et al. [2009] investigated the operating range of PPCI combustion in a heavy duty
engine referring to the criteria shown below. The criteria are based on the assumption that after
treatment is utilized to reduce smoke, while the NOx output is original. Constrained to the
criteria, 30% of maximum load of conventional combustion can be achieved at low speed;
whilst 21% of maximum load of conventional combustion can be achieved at high speed. Since
the the time for mixing is reduced, the load limit decrease linearly with increased engine speed.

They also showed that reducing EGR temperature can increase the operating range significantly.
SNOy <= 0.3¢g/kWh
Smoke <= 2FSN
bfsc < bSfChaseline % 1.05

Keeler and Shayler [2008] studied the constraints on fuel injection and EGR strategies for PPCI
diesel combustion. In their study, the limits on speed and load in PPCI combustion are attributed
to oxygen availability. Based on this conclusion, they suggested improving mixing, increasing
boost pressure and further intake cooling to allow higher limits of speed and load. The load
output of 9 bar IMEP was achieved with an intake pressure of 2.6 bar, where the overall
equivalence ratio is 0.7. They also considered the combustion noise as an indicator limited the
operating range of PPCI combustion. Increasing EGR rate or utilizing a pilot injection was
suggested as effective measures to limit noise. Moreover, pilot injection with appropriate timing
was found favourable for reducing soot output, which also beneficial for extending the limits of

operation.

Helmantel [2008] pointed out that excessively increased boost pressure to extend the load limits
could results in high combustion temperature which exceeded the limit of PPCI combustion,
though high EGR rate (50%) is used. In this study, the load up to 13 bar IMEP have been
achieved by PPCI combustion, with boost pressure of 2 bar, intake temperature of 60€ and
EGR rate up to 46%. Also, increased injection pressure (1800 bar) and intensive in-cylinder air

motion were used to enhance fuel-air mixing. This high level of boost pressure is difficult to
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realize in a practical application. Moreover, they suggested alternative valve opening strategies

to increase swirl ratio to improve the soot output under relatively high combustion temperature.

Within the current limits on engine speed and load, there are some typical implementations of
PPCI combustion strategy need to be noted:

Although with retarded injection, which is different from the method utilized in this study, the
Modulated Kinetics (MK) is a promising implementation to achieve simultaneously reduced
NOy and soot emissions under PPCI combustion concept [Kimura et al., 1999; 2001]. Increased
EGR rate and injection pressure, together with high swirl ratio were adopted to improve mixing.
Kimura et al. [1999] found that the operating range could be extended to cover the Japanese test
cycle (10-15 mode) by using high pressure injection and injector with large nozzle hole.
Thereafter, near stoichiometric combustion was released by Kimura et al. [2001] using MK
strategy with low compression ratio and cool EGR. They showed soot emission could be avoid
if the injection finished within ignition delay and allow sufficient for fuel-air mixing. However,
the requirement for complex intake port structure and considerably high injection pressure
impeded MK strategy to be practically used. The investigations for developing MK strategy are

still continuing.

Lee and Reitz [2006a] experimentally studied the characteristics of PPCI combustion in a single
cylinder diesel engine under a representative operating condition for small bore HSDI engines
in the New European Drive Cycle (NEDC). Their results demonstrate that combustion
performance and emissions are strongly affected by injection timing. They proposed that there
was a boundary of injection timing between conventional diesel and PPCI combustion in their
study. They also indicated that spray targeting at the surface of piston bowl directly impacted
the formation of emissions. In their opinion, start-of-injection timing could not explain the
emission trends in PPCI combustion independently but with spay including angle. They
considered the spray targeting point which was located near the edge of piston bowl as the
optimum for PPCI combustion through different engine operating conditions because an

excellent NOx and soot trade-off, together with better CO emissions could be achieved then.

The study of Lee et al. [2006b] showed that diesel stoichiometric operation can be realized by
PPCI combustion with acceptable increase of fuel consumption (7%) compared to the
conventional diesel combustion of best fuel economy, while sufficient reductions in NO, (0.1
o/kW h) and soot (0.2 g/kW h) emissions were achieved. They also suggested higher fuel
injection pressure and boost pressure for the future improvement of fuel consumption under
stoichiometric diesel operation. Moreover, the realization of stoichiometric operation made it is
possible to use three-way catalyst for the after treatment of emissions. However, the temperature

of exhaust gas needs to be check for reaching the lighting-up limit of catalyst.
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Kerschgens et al [2009] numerically studied the influence of combustion chamber geometry on
mixture formation and pollutant emissions of PPCI combustion with CFD-Multi-Zone approach.
The simulation was operated at part-load conditions with a speed of 2000 rpm and external EGR
rate of 30%. Three piston-bowl shapes with original, reduced and stretched bow! diameters were
simulated under same operating condition and with different injection timing in order to find the
way to optimize the piston-bowl design for PPCI combustion. Their results showed that narrow
bowl would trap the fuel inside and leading to incomplete combustion, while wide bowl would
abate the effecting of air motion on mixing and leading to increased CO emissions. This
suggested that an intermediate bowl diameter had to consider both pray targeting and fuel-air

interaction.

Kokjohn et al [2010] investigated the potential of controlling PPCI combustion through varying
fuel-reactivity. The dual-fuel strategy using port-injection gasoline and direct-injection diesel
was adopted to realize variable fuel-reactivity stratification aiming to control combustion phase
under a medium load of 9 bar net IMEP in their study. According to their results, fuel-reactivity
stratification working with equivalence ration stratification could extend the combustion
duration and reduce the rate of pressure rise compared to single fuel PPCI combustion.
Additionally, fuel-reactivity stratification played a larger role in these effects than equivalence
ratio stratification. They also stated that engines using this dual-fuel PPCI strategy could easily
meet US EPA 2010 heavy-duty NOy and PM emissions regulations without after-treatment,

while reaching a net indicated thermal efficiency of 53%.
2.2 Emission Control Techniques in Diesel Engine

Apart from the alternative combustion strategies, many other technigques have been applied on
diesel engine in order to reduce the emissions. The most commonly used and well developed
techniques are including Exhaust Gas Recirculation (EGR), advanced injection systems,
variable in-cylinder motion and pressure charging VGT. Some of them are important for the
implementation and improvement of PPCI diesel combustion. This section will introduce these

techniques and their applications on PPCI combustion.
2.2.1 Exhaust Gas Recirculation (EGR)

Exhaust gas recirculation (EGR) is considered one of the most effective techniques for NOy
control in diesel engines [Lapuerta et al., 1995]. Meantime, the impacts on fuel consumption
and other emissions (soot, CO, UHC) can be massive because the application of changes the
oxygen concentration and thermodynamic properties of intake air. Azetsu and Ito [2005]
simplified the investigation about the effects of EGR by using CO, and N, to mix into ambient
air, where intermittent spray combustion took place. The results from the optical study showed

that both the ignition delay and combustion duration became longer with increased mixing gas,
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whilst the combustion temperature decreased at the same time. They attributed these effects to
the decreased O, concentration and higher heat capacity of CO,. However, the effects of actual
EGR are more complicated to understand.

A series of studies conducted by Ladommatos et al. [1996a; 1996b; 1997a; 1997b] tried to
isolate the effects of EGR: 1) the dilution effect by replacing oxygen from intake air; 2) the
thermal effect due to the higher heat capacity of EGR gas; 3) the chemical effect resulting from
the dissociation of CO, or H,O. The results showed that the reduced oxygen concentration was
the main contributor to impact emissions. Increased dilution effects resulted reduced NOy
emission and increased output in soot, CO and UHC. The thermal effects of EGR were majorly
responsible for the increased ignition delay and reduced combustion temperature. The effect of
dissociation were minor compared to other two effects and did not act under low temperature
combustion. However, small decrease of both NOyx and soot were obtained due to the
dissociation of CO,. They also compared the effects of CO, or H,O in each aspect. Since the
amount of CO; is almost twice as much as H,O in EGR, CO, showed enlarged contribution in
dilution effects and overall effects. With same mass, H,O showed higher thermal effects due to

its higher specific heat capacity. More chemical effects were observed in CO..

For PPCI diesel combustion, EGR is an effective way to achieve simultaneous low NOx and
soot emission through prolonged ignition delay and reduced combustion temperature. However,
the oxidation rate may reduce due to the lower oxygen availability at high EGR rate. Increased
CO and UHC could be resulted from the decreased combustion efficiency. Meantime, the
decreased combustion temperature due to the increased heat capacity by introducing EGR is not
favorable for the oxidation of CO, and may leads to further increased of CO emissions.
Therefore, higher CO outputs are often observed in PPCI combustion [Kook et al., 2006].
Moreover, internal EGR, which is feasible to realize without much cost in the re-structure of
engine system, is found not suitable for apply in PPCI combustion due to its high temperature

[Neely et al., 2005]. Thus, more pressure has been laid on the cooling system.

Kiplimo et al. [2012] investigated the effects of EGR on the combustion and emission
characteristics of a PPCI diesel engine with a volume of 781.7 cm®. The results for two EGR
rates, i.e. 0% and 40%, were compared. With increased EGR rate, the excess air ratio reduced
from 4.5 to 3.0, where the equivalence ratio was still in the lean area. Simultaneously reductions
of NO, and soot emissions were observed in the high EGR case. Though increased HC and CO
emissions were detected in the high EGR case, the fuel efficiency and IMEP were improved.
This indicated increased thermal conversion efficiency resulting from the shorter combustion

duration and less advanced combustion phase location.

Hardy and Reitz [2006] performed the study of the effects of high EGR on a heavy-duty engine
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at high speed (1737 rpm) and loads up to 60% of full load for PPCI combustion. With the
earliest injection timing at -60°ATDC, EGR level up to 75% was introduced and resulted in
equivalence ratios up to 0.95. The results showed that increasing EGR rate to such a high level
could still achieve reductions in soot, NO, and CO with slightly increase in HC. Moreover,
combustion noise intended to reduce at each load since the pressure rise rate dropped with
increased EGR rate. BSFC decreased due to the decreased thermodynamic efficiency when the
combustion phase retarded further after TDC.

2.2.2 Injection Strategies

Advanced injection strategies, like complex multiple injections, are developed base on the
techniques of common rail and electronic control which allow injecting with high pressure and
precisely respond. As discussed in previous section, improved fuel-air mixing is a major method
to enhance fuel efficiency and reduce emissions in PPCI diesel combustion. Therefore, injection
strategy significant impacts the responds of PPCI in both fuel consumption and emissions since
it highly determines the mixing process. Following, the literature about the effects of injection
timing, injection pressure, spray angle and split-injection on the characteristics of PPCI

combustion are introduced.

Park and Bae [2011] explored the optimal injection timing for PPCI combustion by experiments
on a single-cylinder direct injection diesel engine which was modified from diesel passenger car
engine. With intake temperature of 80°C, ignition delay started to increase as injection timing
was advance to more than -20CATDC. They also showed that start of combustion was governed
by injection timing when it in the range of 0 ~ -30°ATDC. Therefore, the injection timing
between -209ATDC to -30<ATDC was chosen for PPCI combustion in order to realize sufficient
timing for mixing and controlling over combustion by injection. Meantime, they investigated
the effects of pilot injection on PPCI combustion with split ratio of 10% to 30% at -35°ATDC.
The results showed that applying of pilot injection was effective for increasing IMEP and

reducing emissions in PPCI diesel combustion.

Lee and Reitz [2006a] investigated the effects of spray targeting on exhaust emissions in PPCI
combustion with a single-cylinder HSDI diesel engine, through sweeps of injection timing with
several nozzles having different spray angles ranging from 5020 1542 The results demonstrated
that there were optimal targeting spot on piston for low soot and CO emissions, while NO,
emissions were not affected by targeting. Cases using narrow spray angle showed high soot and
CO emissions in conventional combustion region. However, CO decreased significantly in PPCI

combustion region for narrow spray angle cases.

Kong et al [2009] numerically studied the performance of low pressure injector (15 MPa) and

high pressure injector (190 MPa) in PPCI combustion based on the modified KIVA code
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coupled with CHEMKIN. Their results showed that both extremely early injecting by low
pressure injector and retarded injecting (-52ATDC) by high pressure injector could achieve
efficiently reduced emissions. Opat et al. [2007] investigated the mixing effects on HC/CO
emissions for PPCI combustion in a light duty diesel engine through varied injection pressures
ranged from 600 to 1120 bar. Decreased CO output was observed with increased injection
pressure in their study. In fact, due to the enhanced air entrainment by increased injection
pressure reduced soot could be achieved [Keeler and Shayler, 2008].

Kokjohn [2008] discussed a two-stage combustion (TSC) concept where the fuel injection per
cycle was split into two portions. One portion was fully premixed with air to achieve
homogeneous condition in cylinder at the beginning of compression process, and the second
portion of fuel was injected directly into combustion chamber near TDC. Then two combustion
modes were combined in the combustion process, which were ideally HCCI combustion in the
first stage and diffusion dominated combustion in the second stage. In the study, six objectives
including improving NO,, soot, CO, HC, ISFC, and peak pressure rise rate (PRR) were
optimized by adjusting four parameters including boost pressure, EGR rate, fraction of
premixed fuel, and start-of-injection timing. His results demonstrated that low NOx and soot
with a low peak PRR of 4.3 bar/deg could be achieved by utilizing a high EGR (54%), low IVC
pressure (1.74 bar), premixing rate of 36%, and late injection timing of 2.99CAATDC.

Koci et. al. [2009] experimentally investigated the emission mechanisms and engine
performance with multiple injections in low temperature combustion (LTC) at a light to medium
load condition of 5.5 bar net IMEP at 2000 rev/min. An optimal split ratio was proposed to
minimize the UHC and CO emissions in their study. Meanwhile their research suggested the
noise could be effectively suppressed by spreading the heat release through equally split
injections. Nevertheless, increased injection pressure led to reduced soot emission for all split

fuel injection ranges.

Horibe et al. [2009] conducted the study for extending the operating range in PPCI diesel
combustion by utilizing split-injection. According to their results, fuel fraction in the first
injection should be reduced to avoid noise. Lower EGR level was suggested for split-injection
cases in order to suppress unburned species emissions. They also suggested different splitting
strategies for low load and high load. At low engine load, the second injection was suggested
start before the combustion of the fuel in the first injection. At high load, the first injection was
recommended to advance for reducing the soot emissions; while the second injection was

suggested to be located near TDC for higher thermal efficiency.
2.2.3 Swirl Ratio

The large scale in-cylinder flows mainly include swirl, tumble and squish motion, which have
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been found significantly influence the combustion performance and emission mechanism in
diesel engine. Swirl flow usually generates during the intake stroke and reaches the peak value
of its kinetic energy at the close of intake valve timing. With the rotating movement around the
vertical axis of cylinder, swirl flow has been proved having the capability to enhance fuel-air
mixing and to reduce soot emissions and fuel consumption for conventional diesel combustion
in several studies [Miles, 2000]. As introduced above, the study of MK combustion strategy
cited that swirl motion was important for reducing soot and UHC emissions in PPCI diesel
combustion [Kimura et al., 2001].

Moreover, because the applications of high EGR rate the oxidation of CO is reduced due to the
decreased oxygen availability and combustion temperature in PPCI diesel combustion.
Therefore, improvement in fuel-air mixing is required for suppressing the CO output. Kook et al.
[2006] investigated the effects of swirl ratio on CO emissions and fuel consumption in a PPCI
combustion engine through both numerical simulations and optical experiments. Swirl ratios
ranged of 1.44 to 7.12 were tested over a broad range of injection timing. The results showed
that there was optimal swirl ratio with certain injection timing for minimum CO emission and
fuel consumption. They attributed these improvements to the enhanced mixing after premixed
combustion stage. They also considered advanced injection timing had more influence on the

pre-combustion mixing than swirl ratio.

Opat et al. [2007] studied the effects of swirl ratio on mixing in PPCI combustion by 3D
in-cylinder CFD simulations. Their work showed that vaporization rate increased with swirl
ratio. However, no improvement on fuel consumption was observed with high swirl ratio. The
image from simulation showed that the excessive increased swirl ratio constrained the reactants
in bowl area and impeded the entering of the oxygen available in the squish region. Therefore,
the oxidation of CO was reduced due to the poor mixing resulted from excessive swirl ratio.
Moreover, enhanced swirl flow increased heat loss to cylinder wall during compression stroke,

and further led to decreased fuel efficiency.

For the implementation of stoichiometric operation in PPCI combustion, Lee [2006] tried to
improve the fuel economy by enhanced mixing. However, high swirl ratio resulted sacrificed
fuel consumption in the range of 1.8 to 3.3. According to the discussion of Miles [2000],
secondary flow structures generated from high swirl flows during compression stroke which
were not beneficial for fuel-air mixing. Nevertheless, they considered the pre-ignition mixing

significantly affected by swirl motion.
2.3 Homogeneity of Mixture

Because of the limited time for mixing, stratified fuel-air mixture is common in PPCI

combustion [Hardy and Reitz, 2006]. Therefore, the mixture formation and its distribution
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influence the ignition and the phase of combustion and hence its control. Thus, the method to
evaluate the mixing quality of fuel-air mixture in PPCI engine is required to be discussed.

When evaluating the mixing characteristics two aspects usually are considered: the overall
degree of mixing — homogeneity, and the detailed structure of mixture in cylinder. In a great
majority of previous studies about the PPCI or standard diesel engine the distribution of
equivalent ratio was used to illustrate the mixing characteristics of mixture [Okude et al., 2004].
The distribution of equivalent ratio was usually given as sectional views showing by counter
lines or images. This method is sufficient in the explanation of the details of mixture pattern at a
current crank angle, and it also can be considered as good evidence when the comparisons are
between the similar engines and similar testing conditions. However, there is lack of explicit

criterions or indicators to explain the overall degree of mixing in cylinder.

Similar to the distribution of equivalent ratio, the mixture fraction gradient is usually used to
explain the mixing characteristics of mixture in a similar way. Hu et al [2008] proposed a factor
of the mixture fraction gradient as an indicator of homogeneity of gas mixture when they
constructed an extended flamelet time scale combustion model. In their study, scalar dissipation
rate y is regarded as an indicator of homogeneity of mixture since it is proportional to the

squared magnitude of mixture fraction gradient. y is defined as:

2.1)
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where Z is mixture fraction; D is a molecular diffusivity.

However, Hu and et. al did not give any results about the degree of homogeneity using this

factor.

Nandha and Abraham [2002] utilized two methods to describe the fuel-air mixing characteristics.
In the first method, the total injected fuel at any instant was divided into three parts: lean,
flammable and rich. The series of fractions for the fuel mass in each part over the total fuel mass
were used to indicate the quality of mixing. Though the definitions are arbitrary, it is useful to
monitor the mixing process. In the second method, they proposed the degree of heterogeneity
(DOH (0)) through a standard deviation of the equivalence ratio normalized by the overall

equivalence ratio. At any crank angle 0 after injection:

cells [( i 0)28 i]
I ——

bo

NCe S
X el i dmy
M

DOH(0) =

2.2)

$o = (2.3)

Where



M = Z Sm, 2.4)

Where, ¢; is the equivalent ratio; and ém; is the mass of the mixture in any computational
cell, i, at a given angle 8; and N5 is the total number of computational cells. The DOH (8)
provides the non-uniformity in cylinder. Completely homogeneous is believed to achieve when
DOH (60) approaching zero. This method is considered particularly useful for the quantitative
evaluation of mixing in PPCI or HCCI combustion.

Richter et al. [2005] proposed a measure of homogeneity index for OH distribution during the
study of the combustion process with simultaneous formaldehyde and OH PLIF in a
direct-injected HCCI engine. Based on the image data acquired, the homogeneity index was
calculated by counting the number of shifts between signal and on signal in a digitalized image
by scanning the image in rows and columns. Through dividing the shifts number of an image in
homogeneous condition, the number of shifts in a data image was normalized to be the index of
homogeneity. When it approaches 1, the uniform distribution of OH is considered achieved.
This method to evaluate homogeneity is straight but only in 2-D. Moreover, it is difficult to be

used in CFD simulation studies.

In the numerical analysis of fuel spray mixing in a single-cylinder optical research engine using
Narrow Angle Direct Injection (NADI) technique, the Uniformity Index UI(x) was proposed in
order to express the homogeneity of mixture by Kaario et al. [2009]. The index was calculated

on a cut plane and given as:

2i(xi — X)2A;

Ul(x) =1-—
x) <2

(2.5)

where x; is the local fuel vapour mass fraction; x is the average fuel vapor mass faction in the
cut plane; A; is the local cell face area; and A is the total cut plane area. The index approaches
unit when homogeneity is achieved. It has to be notice that the results of Ul(x) are highly
determined by the locations selected for extracting the plane. Therefore, it is difficult to

compare the homogeneity between different engines using this index.

A large number studies in material science proposed a range of method to evaluate the
homogeneity in material, such as alloy. Most of them are based on a concept similar to Nandha
and Abraham [2002]’s method which is using the standard deviation of species’ fraction as the
core factor for the formula evaluating the homogeneity or heterogeneity [Torralba et al., 1996;
Munnik et al., 2000; Held et al.;1999]. Besides of the similar concept, these methods often add
some uncertainty contribution for homogeneity or heterogeneity to represent the influence from

sampling. Obviously, this addition is not necessary for the evaluation of homogeneity of mixture
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in engine.
2.4 Degree of Premix in PPCI Combustion

Unlike HCCI combustion, PPCI diesel combustion is applied using direct injection with
moderately advanced injection timing. The mixture is not completely premixed before ignition
and features considerable equivalence ratio gradient. Therefore, though the level of premixed
combustion is much higher than in conventional diesel combustion, mix-controlled combustion
still exists of certain fraction in PPCI diesel combustion. The method to evaluate the degree of

premix combustion is required to discuss.

For conventional diesel combustion, the premixed combustion phase is easy to be distinguished
in the diagram of heat release rate, since the combustion is mainly controlled by mixing and the
fuel amount burned in the premixed combustion phase is small and fast [Heywood, 1988]. Then
it is possible to calculate the premixed combustion rate by the area of premixed combustion
phase and the total area of the entire heat release process for the conventional diesel combustion,
or by mass fraction directly. Watson’s model [1980] for predicting the degree of premixed

combustion in conventional diesel combustion will be discussed in detail in Chapter 6.

For PPCI combustion, it is normally difficult to identify the premix combustion stage from the
entire combustion process in the curve of heat release rate. The typical heat release rate diagram
of PPCI combustion does not exhibit distinct premixed and diffusion burns as in conventional
diesel combustion. Based on the literature review within the research about PPCI combustion, it
is found that the current studies mostly evaluated the degree of premixed combustion by
comparisons in quality rather than in quantity [Husberg et al., 2005; Keeler and Shayler, 2008].
Therefore, a quantitative definition about the degree is required and will be introduced in
Chapter 6.

2.5 Summary

In this chapter, the concept of PPCI combustion has been introduced together with its
advantages and constraints. Following, some typical implementations of PPCI combustion have
been reviewed. It is shown that PPCI diesel combustion potentially offers the solution to
suppress NO, and soot emissions without significant penalty in fuel consumption. However, the
operating limit and the increased CO and UHC emissions hinder the application of PPCI
combustion in passenger cars. Improving fuel-air mixing is considered as the major pathway to

improve the performance of PPCI combustion.

The review about the emission control techniques provides some possible solutions to reduce
the emission level in PPCI combustion and to improve its fuel economy. Split-injection is

considered as one of the effective methods to reduce the CO emission and fuel consumption in
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PPCI combustion, but the strategy for splitting need to be investigated. Introduction of high
EGR s effective to reduce NOy emissions by reducing oxygen availability and suppressing
combustion temperature. However, the operating range is limited by the high EGR rate, and CO
emissions may increase due to the reduced oxygen concentration. Cooled EGR is suggested to
extend the operating range of PPCI diesel combustion. Appropriately increased swirl ratio is
beneficial for mixing and favorable for improve the fuel economy in PPCI combustion.
Nevertheless, the selection of swirl ratio must be careful and refers to the injection strategy and

geometry of combustion chamber.

The factors indicating the homogeneity of mixture and the degree of premixed combustion are
important and helpful for the investigation of PPCI combustion. However, no adequate
information can be acquired for the definition of premixed degree from the pertinent literature.

Meantime, the definition for the homogeneity of mixture needs to be improved for generalizing.
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Chapter 3 Numerical Model and Validation

3.1 Model description

With the developments of computational technologies over last decades it has become more
feasible to use computational fluid dynamics (CFD) for simulating complex flow and
combustion phenomena in internal combustion (IC) engines. However, in-cylinder flow
modeling is particularly difficult because the flow is transient, multi-phase, turbulent, and
chemically reacting under high pressure and temperature. In the present study, an improved
KIVA-3V2 code coupled with CHEMKIN is employed for simulating the in-cylinder flow
phenomena and combustion process of a light-duty diesel engine. KIVA-3V2 is a transient,
multi-phase, multi-dimensional, structured-mesh, and finite-volume CFD program which has
been widely used to confine in-cylinder flows in IC engines [Amsden, 1999]. CHEMKIN is a
robust and mature chemistry simulation tool [Kee et al, 1996] which can be implemented into
KIVA-3V2 for solving the chemical processes by detailed chemical kinetic rather than common
combustion models such as used by conventional CFD simulation of combustion process. In the
following sections, the primary models used in this study will be introduced [Amsden et al.,
1989; Amsden, 1993, 1997, 1999].

3.1.1 Governing Equations

A. Continuity Equation

The continuity equation for species m is

0
% +V- (pmu) =V- [pDV (p?m)] +pr + P Om1 (3.1)

where, p, is the mass density of species m, p the total mass density, and u the fluid velocity. D
is the diffusion coefficient, D=fk¢ /pS., where S; is Schmidt number, and i is the effective
viscosity as the sum of laminar and turbulent viscosity, |kt = A+ 4= M+Cuok2/g, where k is
turbulent kinetic energy, ¢ is turbulent dissipation and C,=0.09 an empirical constant. p‘y, and

p° are the source terms due to chemistry and spray, respectively.

B. Momentum Equation

The momentum equation for the fluid mixture is

d(pu)
at

where p is the fluid pressure. The dimensionless quantity a is used in conjunction with the

1 2
+V-(puu)=—;Vp—A0V(§pk)+V-o+Fs+pg (3.2)

Pressure Gradient Scaling (PGS) Method. The quantity A, is 0 in laminar calculations or 1 in

turbulence calculations. F* is the rate of momentum gain per unit volume due to the spray. The
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specific body g is assumed constant. The viscous stress tensor ¢ is Newtonian in form:

6 = u[Vu + (Vu)?] + AV - ul (3.3)
where p and A are the first and second coefficients of viscosity, respectively. The superscript T

denotes the transpose and | is the unit dyadic.

C. Energy Equation

The internal energy equation is

a I . .
gi)+v(pul) =—pV'u-l-(1—A0)G:Vu_v.J+A0p£+QC+Qs (34)

where | is the specific internal energy, exclusive of chemical energy. The heat flux vector J is

the sum of contributions due to heat conduction and enthalpy diffusion:
T =—KVT = pD > hyVipm / p) (3.5)
m

where T is the fluid temperature and h,, the specific enthalpy of species m. Q¢ and Q° are the

source terms due to chemical heat release and spray interactions, respectively.

D. Equations of State of Ideal Gas

The state relations are assumed to be those of an ideal gas mixture. Therefore,

p=RoT ) (o / Win) 3.6)
1T) =) (o / D)l (T) @3.7)
&) = ) (o / 0) Epm(T) (3.9)
And §
Ao (T) = L, (T) + RoT /Wy, (3.9)

where Ry is the universal gas constant; W, the molecular weight of species m; 1,(T), the

specific internal energy of species m; and c,n, the specific heat at constant pressure of species m.
3.1.2 Turbulence Model

Besides the standard k--¢ turbulence model, KIVA-3V2 offers the Renormalization Group (RNG)
theory variant of k--¢ model proposed by Han and Reitz [Han and Reitz, 1995]. This
formulation takes the effects of compressibility in to considering through a rapid distortion
analysis. This modified RNG k--e model shows better accuracy for the reproduction of
in-cylinder flow structure compared to the standard k--¢ turbulence model. This RNG k--¢ model

is expressed as:
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a(pk)
at

d(pe)
ot

2
+ V- (puk) =—§ka-u+G:Vu+V-[(P—tk

)Vk] o+ WS (3.10)

2 2 k H
+V(pu£) = _<§Csl _C£3 +§C#Cn€Vu)p£Vu+V [(P_Q)VE:I

€ .
+EKQ1—QJmVu—C@pa+QW”] (3. 11)

where WS is the source terms due to the fluid compressibility and the interaction between the

flow and spray, and

Ces = 041333 + (~1)90.06899C, 7 3.12)
_n(1—=mn/no)
G =T (3. 13)
k
5 =2 (2, 0 3.15
B 2 ax] axi ( . )

the coefficients: C,~0.0845; C,,=1.42; C.,=1.68; Pr,=1.39; Pr,=1.39; 7,=4.38; £=0.012.

3.1.3 Fuel Spray Models

Modelling for the dynamics of a spray and its interactions with surrounding gas is an extremely
complicated problem. The essence of spray modelling is the modelling of gas phase and liquid
phase and the interactions between them. In KIVA-3V2, spray behaviour is modelled by
Discrete Droplet Model (DDM), where each computational parcel represents a number of
droplets with uniform properties. The probability distributions that govern the assignment of
droplet properties are determined by using a Monte Carlo technique. The ordinary differential
equations governing droplets trajectories and the rates of mass, momentum, and energy
exchange between the gas and spray are solved by Lagrangian method [Amsden et al, 1989].
Meanwhile, several sub models are included in the code to simulate spray atomization, breakup,

collision, vaporization and spray-wall interaction.

Reitz and Diwakar proposed ‘Blobs’ model for the modeling of liquid fuel injection and
atomization [Reitz, 1987]. This method assumes that atomization and drop breakup are
indistinguishable processes within the dense spray near the nozzle exit. The initial spray
droplets are prescribed a size equal to the nozzle exit diameter, and the amount of droplets is

calculated base on the injecting flow rate.

A. Break-up Model

A Kelvin-Helmholtz Rayleigh-Taylor (KH-RT) model is used to simulate the break-up process

of injected droplets. The KH-RT model is derived from the wave model [Reitz and Bracco, 1986;
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Reitz, 1987], which is based on a linear instability analysis of liquid jets. The wave model sets a
limit of stability and if droplets have existed long enough to become unstable, breakup occurs
and the characteristics of the new droplets is based on the wave length and frequency of the
instability that brought about the breakup. Based on Kelvin-Helmholtz (KH) instabilities, the
breakup time, which accounts for two conditions including bag breakup at low Weber numbers
and stripping breakup at high Weber numbers [Reitz and Diwakar, 1987], is given below.

3.788B,r
T=— 1 (3. 16)

QW(IUEAW(IUE

where B, is empirical coefficient; r is the radius of the droplet; Awave and Quave represent the
wavelength and the frequency of the fast growing wave, respectively. And they are obtained
through curve fits from the solutions of dispersion equation which describes the KH instability
growing on the surface of a cylindrical liquid jet penetrating into stationary incompressible gas

[Jia et al., 2008a]. The frequency and wavelength of the fastest growing wave are given by Reitz

[1987] as
0.34 + 0.38We'> | o
Qwave = "GN T4TO8) [ 3-17)
9.02r(1+ 0.45VZ)(1 + 0.4T°7)
wave = (1+ 0.865Wel67)06 (3.18)

where We = (pgurzr) / o, is the Weber number for the gas; Z = \/We,;/Re,;, the Ohnesorge

number; and T = ZWe?, the Taylor number. u, is the magnitude of the relative velocity; We, is
the liquid Weber number similar to We except the liquid density used; Re, is the liquid Reynolds

number.
It defines the breakup drop radius, r., as
7. = BoAyave (3.19)
The change rate of the droplet radius is given as
dr _r—r,
at 1
The wave model only calculates the stripping events of droplets, which is resulted from the

(3. 20)

growth of KH instability on the droplet surface due to the relative velocity between the gas
phase and liquid phase. To enhance this wave model, the Rayleigh-Taylor (RT) model is added
to account for the sudden catastrophic breakup due to the deceleration of the droplets [Patterson
and Reitz, 1998; Ricart et al., 2000]. In the RT model, the breakup time is given by

Trt = C;/Qrr (3.21)
where C, is a constant and Qgr is the frequency of the fastest growing wave, given by Bellman

and Pennington [Bellman and Pennington, 1953] as
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S N i

3v30o pl+pg

when considering surface tension and neglecting viscosity. The corresponding wavelength, Agr,

30
Agp = 270 |- —— (3. 23)
g:(p1 — pg)

where g is the acceleration in the direction of travel. The breakup drop radius are given by

3. 22)

is

r = C3,RTART/2 (3 24)

where, C3grr IS a constant.

In current KH - RT model, both KH and RT models are considered once the breakup length has
been reached. In the KH model, the breakup implies shedding-off smaller droplets and creating
a new computational parcel; while, in the RT model, it indicates complete breakup into smaller
droplets [Ricart et al., 2000]. Within the jet breakup length near the nozzle exit only KH

instabilities are considered [Ricart et al., 2000].

B. Collision Model

Consistent with the manners of DDM for spray modeling, droplet collisions are computed by
the stochastic particle method. In order to limit the demand for computer storage, instead of
calculating the probable number of droplets in parcel A that undergo collisions, KIVA only uses
the collision frequency to calculate the probability P that a droplet in parcel A will undergo a
collision with a droplet in other parcel [Amsden et al., 1989]. Since all the droplets in parcel A
are with uniform properties and behaving, they either do or do not collide, and the probability of
collision event is P. After this collision, no new parcels are generated. Owing to this
parcel-based method, the major requirement of collision model is an appropriated solution of

the collision probability P.

The original collision model in KIVA was proposed by O’Rourke [Amsden et al., 1989].
O’Rourke’s model [1981] will conduct the collision computing if and only if two parcels are in
the same computational cell and the probability for collision is higher than a threshold value

based on the collision frequency. The definition of the collision frequency is:

T

V= VNn,small(rsmall + rlarge)zlvn,small - Vn,largelElz (3- 25)

where Ej; is the collision efficiency, which is set to be 1.0 in KIVA. The subscripts small and
large refer to the properties of the droplets with smaller radius and larger radius. Njsman is the

number of droplets in parcel small, and V is the volume of the cell where the pair of parcels are.
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Basing on this hypothesis and the expression above, the O’Rourke’s collision model is seriously
grid dependent. Collision events are not significant unless the liquid volume fraction is large in
cell under this model. Another weakness is O’Rourke’s model neglects the fact of whether the
parcels are moving towards or away from each other if they are in the same cell. Then the
chance of collision inside cell is over predicted, while the chance of collision is neglected
between cells. These inaccuracies of predictions will be serious for cases with complex

geometries.

X2

)
X1

1 \F

Vi

Figure 3.1 Two parcels travelling towards each other.

For the concern of both accuracy and computational cost, the collision model developed by
Nordin [2001] is integrated into the KIVA-3V2. In Nordin’s model, collision between two
parcels occurs if their trajectories intersect and the intersection point is reached within the
integration step. In order to reduce computational demanding, two prerequisites were proposed
for eliminating the impossible collisions. First, as shown in Figure 3.1, two parcels have to

travel towards each other, or vy, > 0, where

X —Xg

viz = (vp —vg)- | (3. 26)

Xz — Xq|
The second prerequisite is that the distance between parcels should be shorter than the parcels’

relative displacement in one time step At, as

Vlet = |X2 - Xll - (T'l + rz) (3 27)
The parcels which meet these two prerequisites have the chance of collision and the probability
Pis

c
P _ ( T‘l + rz ) ' e—Czl(Zo—Bol/At (3 28)
max(ry + 13, A15)

where a, € [0,At] and B, € [0,At] are the solutions to the system
Z, =X, tav;

Zz = Xz + ﬁVZ (3 29)
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0|z, — z4]

aap (G0 =0 (3. 30)

and Ay, = | Z2(Bo) — Z1(ao) | is the minimum distance between the two trajectories. C, and C, are
model constants. If a random number & € [0, 1], is less than the collision probability P, the

collision will occur.

C. The Spray-Wall Interaction Model

The full spray-wall interaction model was first included into KIVA by O’Rourke and Amsden
[2000]. This model includes only two regimes of stick and splash. The HXT model in our study
was developed by Han et al. [2000], which improved O’Rourke and Amsden’s model by adding

another two regimes of rebound and spread. The transition criteria for these regimes are

Stick:  Wey <5 (3. 31)
Rebound: 5 <We, < 10 (3.32)
Spread: We, > 10 and We, Re,’° < H¢ (3. 33)
Splash: We, Re,*® > H,, (3. 34)

where Re, and We, are Reynolds number and Weber number of the incident droplet. H, is the

splash threshold, as

650 05
H, = (1500 + W) [1+ 0.1Re%5min(§,0.5)] (3. 35)

where # is non-dimensional surface roughness, S =rs/ D. rs is the surface roughness height,
and D is the diameter of the incident droplet. ¢ is the non-dimensional film thickness, 6= h / D,
where h is the film thickness. Therefore, in HXT model, the wall conditions of film thickness

and roughness have been considered into the calculation.
After the splashing, the ratio of the total secondary droplet’s mass m over the incident drop mass
M is given as

% = 0.75{1 — exp[=10~7(H — H_.)*5]} (3. 36)

Where H is the dimensionless parameter, H= We, Re,>°. The mean size of the secondary
droplets, dn, is given as
3 P

o _ (3.37)
D _WeO.SReO.ZS Pg :

To explain the size distribution for the secondary droplets, one type of Nukiyama-Tanasawa

function is used:
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2 d? d \*/?
Then, the SMD, dj,, can be stated as:
dz, = F(4)d = 2.16d 3.39
32_1-1(4/3) m — 4 m ( )
where 7" is the gamma function.
The secondary droplet velocity w is given as
w = wn + v{(cos pe, + sinpe,) (3. 40)

where n is the unit normal to the wall surface; e; and e, is the tangential component and parallel
component of unit vector, respectively. The value w is the normal velocity component and is

determined from the following Nukiyama-Tanasawa function:

Pw) = =W [ (W)Z] (3. 41)
w)=—=—7exp|—|(— :
Vawa L\
where the distribution mean wy, changes with incident angle « and azimuthal angle ¢,
wp = (0.1 4+ € cos @)w, (3.42)
where the function £ is given as
_ (3. 43)
&= 30 a .

The tangential velocity v of the secondary droplet is chosen from the following normal

distribution as

N = — [ (U_ﬁ)z] (3. 44)
v) = ex —_—— .
VZms P 262
where
8 = 0.1v, + 0.02306w, (3. 45)
U= \/0.7173 +0.03w¢ (3. 46)

The azimuthal angle is chosen from the distribution introduced by Naber and Reitz [1988]

0= —gln[l —P(1—e)] (3.47)

where P is a random number in the interval [0, 1] and y is a parameter related to angle o by

_ e¥ +1 y?
Sina = mm (3. 48)
The function ¢ is introduced to reflect the trend of the oblique impingement due to the

non-uniform tangential velocity distribution, as
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2T 2V (1 — 20 /1) (-lol/m
- sin?[(m/2)( COSZZ/H) ]exp (—%I(pl) (3. 49)

D. The Wall Heat Transfer Model

Instead of the original model in KIVA introduced by Launder and Spalding [1974], the wall heat
transfer is modeled using the method proposed by Han and Reitz [1997]. This model includes
the variations of fluid density and turbulent Prandtl number into computing, since the
density-variable turbulent flows are commonly found in the boundary layer. In this model, the
heat flux is proportional to the logarithm of the ratio of the flow temperature to the wall
temperature rather than the arithmetic difference which is used in the models for incompressible
flow [Launder and Spalding, 1974].

The temperature profile equation is given as

TT =21ln(y*) + 2.1G*ty* +33.4G* + 2.5 (3. 50)
where y+ is dimensionless distance, y* = u*y/v. And y is the distance to the wall; u* is friction
velocity; v is kinematic viscosity. G is the dimensionless source term, G'=Gv/q,u*. And G is
the source term in energy equation; qy, is the heat flux from the wall, as

pcywTIn(T/T,,) — (2.1y* + 33.4)Gv / u*
A 21n(y") + 2.5

where T,, is the wall temperature. This wall heat transfer model was found to be independent of

(3. 51)

grid resolution and to achieve results that satisfactory agreement with measured heat fluxes
[Han and Reitz, 1997; Jafari and Hannani, 2006].

3.1.4 Combustion and Emission Models

A. N-heptane mechanism

In this study, main objectives are to investigate the combustion process of PPCI as a kind of low
temperature combustion and its influence on emissions in diesel engines. For achieving
adequate premixed mixture before ignition, relatively large amount of fuel amount during pilot
injection is applied in most engine combustion cases, and the pilot injection timing is advanced
to - 40°CA ATDC. Therefore, the ignition and the substantial portion of combustion in most
cases are more controlled by chemical kinetics. Because the detailed chemical kinetic reaction
mechanisms for realistic diesel fuels are very complicated and currently not available, an
n-heptane chemistry mechanism with 29 species and 52 reactions is used for present
calculations owing to its similar ignition characteristics to those of diesel fuel. This skeletal
reaction mechanism developed by Patel et al. [2004] is derived from Golovitchev’s mechanism

[2000], which is more detailed and includes the reactions of polycyclic aromatic. Quantities of
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validations in constant-volume and various engines have been conducted for this skeletal
n-heptane mechanism, and the results showed very good agreement and computational
efficiency [Patel et al., 2004; Kong et al., 2005a; Jia et al., 2009]. Though this skeletal n-heptane
mechanism is suitable for the chemical reactions of diesel fuel, the physical properties of
heptane (e.g. density) are different from those of diesel fuel. Then the diesel fuel model DF2, i.e.
the CyoHys Cummins model [Amsden, 1989], is used to simulate the non-chemical-kinetic
processes of diesel fuel, e.g. transport and spray.

KIVA-3V2 Code CHEMKIN Solver
Engine geometry, Initial Elementary Thermodynamic
conditions, Controlling reactions information
parameters initializing
* 4 4

Species and thermodynamic >
g information of mixture -

v ]

In-cylinder reactions calculation | ™ CHEMKIN chemistry solver

v

In-cylinder flow simulation

Y

Output

CHEMKIN interpreter

Reach the time
end?

Figure 3.2 The sketch of the mechanism of the coupling of KIVVA-3V2 code and Chemkin
[Kong et al., 2001].

The CHEMKIN solver is integrated into the KIVA-3V2 code for solving the skeletal n-heptane
reaction mechanism during the multidimensional engine simulations. The mechanism of the
coupling of CHEMKIN and KIVA-3V2 is given in Figure 3.2. The turbulence is modeled by

RNG k--¢ model here, and then the sub-grid scale turbulence-chemistry interaction is not
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considered. Further details of the mechanisms and the validations can be found in the relevant
references [Patel et al., 2004; Golovitchev, 2000; Kong et al., 2005a; Opat et al., 2007; Jia et al.,
2009]

B. NO, model

NO emissions are calculated by a reduced NOy mechanism of Golovichev that was derived
from the Gas Research Institute (GRT)’s NO mechanism [Smith et al., 2000]. Four additional
species (N, NO, NO2, N20) and 13 reactions from Golovichev mechanism [Golovichev, 2002]
are added to the n-heptane chemistry mechanism. In these reactions, only the thermal NOy
formation is calculated, while the prompt NOx formation is neglected. Three of these 13
reactions are the extended Zeldovich reactions, which are favorable for the prediction of high
temperature NOx formation. The other 10 reactions account for NOx formation through NO2
and N20O reactions pathway are also included for the conditions of low temperature combustion,
which is common in PPCI combustion. This reduced NO, mechanism has been validated by
many studies [Jia and Xie, 2006; Kong et al., 2005a; Kokjohn, 2008], and the reactions are
shown below in Table 3.1:

Table 3.1 The reduced NO, mechanism [Golovichev, 2002]

1. N+NO=N,+0 2.N+0,=NO+0

3. N+OH=NO+H 4. N+ CO, = NO + CO

5. N,O+0=N,+0, 6. N,O + 0 = NO + NO

7. N,O+H=N, + OH 8. N,0 + OH = N, + HO,
9. NJO+M=N,+0+M 10. NO + HO, = NO, + OH
11. NO, + 0 =NO + 0, 12. NO, + H = NO + OH

13. NO+0+M = NO, + M

C. Soot model

In this study, soot emissions are predicted by an improved phenomenological model developed
by Jia [2009], which is based on the work of Tao et al. [2006]. As shown in Figure 3.2 [Jia et al.,
2009], the complex soot formation and oxidation processes are described into several global
steps. Acetylene (C,H,) is chosen as the inception species for soot formation rather than the

parent fuel molecule because C,H, is the species that affects soot formation most in
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hydrocarbon fuel [Kong et al., 2005b]. Instead of using global reaction to describe the
conversion of fuel to C,H, in the work of Tao et al. [2006], the formation and oxidation of C,H,
are simulated through the detailed chemical mechanism in this study. The species of C,H, and
13 additional reactions for the formation and oxidation of C,H, are added to the original
n-heptane mechanism, as shown in Table 3.2.

Table 3.2 The C,H, formation and oxidation mechanism [Jia et al., 2009]

1. CH, + CH, = C,H, + H, 2. CH,+CH, =C,H, + H+ H
3. C,H, + M =C,H, + Hy + M 4. C,H, + 0, = HCO + HCO

5. C,H, + 0 = CH, + CO 6. C,H, + H+M = C,Hs + M
7. C,Hs + H = C,H, + H, 8. C,H; + OH = C,H, + H,0

9. C,H; + CH, = C,H, + CH, 10. C,H; + C,Hs = C,H, + C,H,
11. C,H; + 0 = C,H, + OH 12. C,H, + OH = CH; + CO

13. C,H; = C,H, + H

The expressions for 6 global reactions in Figure 3.3 are given in Table 3.3. The reaction rate for
precursor formation, particle inception, particle surface growth, and particle oxidation are
computed in form of global Arrhenius expressions. The rate of particle coagulation (Ry) is given
as

R, = %BNZ (3.52)
where N is the soot number density and j is the collision frequency constant which is given by
the Kazakov and Foster model [1998]. The rates of particle surface oxidation by O, and OH are
determined from NSC oxidation model [Nagle and Strickland-Constable, 1962; Walls and
Strickland-Constable, 1964] and the oxidation model of Neoh et al. [1985], respectively. In Jia’s
soot model, soot precursor and soot particle are assumed have only carbon atoms, and the
numbers of carbon atoms in precursor and initial soot nucleus are set to be 50 and 100,
respectively. This soot model has been validated by the shock tube experiments and diesel
engine experiments, and the results have shown very good agreement between predictions and
experiment data [Jia et al., 2009]. More details about this soot model and its validations can be
found in the references of Tao et al. [2006] and Jia et al. [2009].
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Figure 3.3 Schematic representation of the improved phenomenological soot model [Jia et al.,

2009]

Table 3.3 The global steps of soot formation [Jia et al., 2009]

Description Reaction
R;  Precursor species formation C,H, - 0.04C(PR)5o + H,
R, Particle inception from Precursor species C(PR)5¢ = 0.5C(S)100
R;  Particle surface growth C(S)m + CyH, = C(S) 42 + Hy
R4 Particle coagulation nC(S)m = C(S)n«m
Rs  Precursor species oxidation C(PR)sq + 250, — 50C0
Rs  Particle surface oxidation C(S)pm + 0, > C(S)m_z + 2CO

C(S)yy + 20H = C(S)y_s + 2CO + H,

C(PR) and C(S) represent the soot precursor species and soot particles, respectively.

3.2 Model Validation

The validation work focus on the accuracy of the integrated computational model rather than

any individual sub-model. The details of the validations of the sub-models can be found in the

related literatures which have been indicated in the sections above. For the modified spray

models, the prediction accuracy of the break-up model was assessed by Jia et al. (2008a) base
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on the experimental results from constant volume in terms of spay penetration, droplet diameter,
droplet velocity and vapour distribution. And the KH-RT model showed good predictions in all
aspects. Meantime, Jia et al. (2008b) validated the spray-wall interaction model by the
experimental data under the conditions related to the diesel PPCI combustions. Through
comparing the spray pattern, droplet mass, size and velocity after impingement, the thickness of
the wall film and vapour distribution with the experimental data, the HXT model showed better
accuracy in predictions owing to its consideration of the gas density. However, for clarification,
the coefficients of these sub-models, which are constants during the simulations, are given in the
Table 3.4.

Table 3.4 The coefficients for the break-up model and the collision model

Sub Model Coefficients Explanation Value
C Jet break-up length 30
Bo Product droplet radius for KH 0.61
Break-up KH-RT B Time scale for KH 18
Carr Product droplet radius for RT 2.5
o Time scale for RT 1.0
Ei, Collision efficiency 1.0
Collision Nordin C: Spatial probability decay 1.0
C, Temporal probability decay 0.2

For the simulation of combustion, the details of the skeletal reaction mechanism of n-heptane
can be found in the work of Patel et al. [2004], which gives the species, the reactions and the
reaction rates’ constants of the mechanism in its appendix. For the mechanism of NOy formation
that has been briefly described in the previous section, its constants of the reaction rates are
given in the Table 3.5. And the constants of the rates of the C,H, formation/oxidation and the
global steps of soot formation are given in the Table 3.6 and the Table 3.7, respectively. These
combustion model and the emission models have been validated by Jia et al. (2006, 2008¢, 2009)
under the operating conditions of diesel PCCI or PPCI combustion on a diesel engine with

similar parameters of the engine in current study.
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Table 3.5 The constants of reaction rates in the NO, mechanism according to the Table 3.1

Reaction number

k = ATYexp (—E/RT)

A (cm®mol s) b E (kcal/mol)
1 3.50 x10% 0.0 330.0
2 2.65 x10% 0.0 6400.0
3 7.33 10" 0.0 1120.0
4 1.90 < 10" 0.0 3400.0
5 1.40 < 10" 0.0 10,810.0
6 2.90 x10% 0.0 23,150.0
7 4.40 x10* 0.0 18,880.0
8 2.00 <10 0.0 21,060.0
9 1.30 x 10" 0.0 59,620.0
10 2.11 x10% 0.0 - 480.0
1 3.90 x 10" 0.0 - 240.0
12 1.32 x10™ 0.0 360.0
13 1.06 <10% -1.4 0.0
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Table 3.6 The constants of reaction rates in the C,H, mechanism according to the Table 3.2

Reaction number

k = ATYexp (—E/RT)

A (cm®mol s) b E (kcal/mol)
1 1.20 < 10" 0.0 800.0
2 1.20 < 10" 0.0 800.0
3 1.50 10" 0.0 55,800.0
4 4.0 x10* 0.0 28,000.0
5 1.02 <10’ 2.0 1,900.0
6 5.54 <10 0.0 23,150.0
7 4.00 10" 0.0 0.0
8 3.00 x 10" 0.0 0.0
9 3.00 x 10" 0.0 0.0
10 1.45 x10% 0.0 0.0
1 1.00 x10% 0.0 0.0
12 4.83 x10"* 4.0 - 2,000.0
13 4.60 <10° -8.8 46,200.0
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Table 3.7 The constants of reaction rates in the soot mechanism according to the Table 3.3

Reaction number k = ATYexp (—E/RT)
A (cm®mol s) b E (kcal/mol)
R, 1.00 < 10" 0.0 39.74
R, 8.00 10" 0.0 61.597
Rs 1.05 < 10* 0.0 6.1597
R4 Kazakov-Foster model [1998]
Rs NSC model [1962] and Neoh et al. model [1985]
Re 1.00 < 10° 0.0 39.74

Since split-injection is applied to all the cases in this study, the model predictions of the single
injection is not the emphasis here. PPCI engine experiments with split-injection performed by
Lee et al. [2006a; 2006b] are used for computational model validation. Because the numerical
investigation of diesel engine combustion in this study is conducted on an engine with the
parameters similar to Lee’s engine, the accuracies of both grid resolution and condition
parameters are also well tested in this validation. Therefore, the validation according to the work
of Lee et al. [2006a; 2006b] will be introduced in details. Moreover, the experiments by Hu and
Rutland [2006] are also be recalculated to complete the validation of the computational model in
different combustion modes. The results of the validation base on Hu’s and Rutland’s

experiments are briefly discussed in the final stage of this section.
3.2.1 Introduction of Validating Experiments

The test engine in Lee’s experiments is developed from a Ricardo Hydra single-cylinder engine
[Ricardo, 2006] with a cylinder head which is modified from a Fiat 2.4 L five-cylinder engine.
In order to achieve accurate control and measurement, a complex testing system has been
constructed by Lee [2006a; 2006b] with a lot of instruments and sensors and more detailed

information about the experimental set-up can be found in the publications of Lee.

A. Engine Specifications

The single-cylinder engine used by Lee is a typical high-speed direct-injection (HSDI) diesel
engine with a volume of 0.477L. A relatively low compression ratio is designed to suppress the

peak pressure and temperature in cylinder in order to reduce combustion noise and NOy
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formation. The cylinder head consists of two intake ports and two exhaust ports, and its
schematic diagrams are given is Figure 3.4. The combination of directed and helical intake ports
enables the adjustment of swirl ratio from 1.8 to 3.3. Specifications of the engine are
summarized in Table 3.8. The injection in Lee’s experiment is conducted using a Bosch
common-rail injection system which can realize accurate multi-injection control. The nozzle has
8 orifices with a spray included angle of 130< The specifications of the injection system can be
seen in Table 3.9.

Figure 3.4 The Schematic diagrams of the intake port and piston bowl of Ricardo Hydra engine

Table 3.8 Engine specifications [Lee, 2006a]

Volume 0.477 L
Bore 82.0 mm
Stroke 90.4 mm
Squish Height 1.61 mm

Combustion Chamber Geometry

Open Crater Type Bowl

Compression Ratio 16.0:1

IVO/IVC 10°CABTDC / 38<CAABDC
EVO/EVC 38°CABBDC / 8.5°CAATDC
Swirl Ratio (at IVC) 1.83
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Table 3.9 Injection system specifications [Lee, 2006a]

Design Common Rail

Injector Bosch DSLA 144 PV3 377623
Number of Orifices 8

Spray Included Angle 130°

Diameter of Orifice 0.133 mm

B. Grid Resolution

Since the diesel injector used in Lee’s experiment has 8 equally spaced orifices, a 45° sector of

the full mesh with periodic boundaries is used for simulation. The intake and exhaust ports are

not included in the grid because the simulation starts at the IVC and ends at the EVO. The plots
of the grid at TDC and at IVVC are given in the Figure 3.5.

Figure 3.5 The computational grids at TDC (left) and at the IVC, i.e. -142°CA ATDC (right)

This grid has approximately 44,000 hexahedral cells whose typical scale is smaller than 2 mm.

The average cell dimensions are 0.9 to 1.1 mm in radial direction, and 0.5 to 2.3 mm in vertical

direction. Moreover, Abani et al. [2008] used similar spray model computing on a set of grids,

and their results showed no obvious differences between the fine grids and coarse grids around
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this level of cell scale. The research of Kim et al. [1999] also showed some confidence of
precision when using relatively coarser grids (2.2 x2.2 x3.0 mm®. Jia and Xie [2006] also
observed that a resolution of 2 mm in the axial direction did not affect the results and the
difference was less than 5 percent in spray vaporization. Therefore, the grid used in our study is
considered fine enough to yield sufficient accuracy for prediction.

C. Operating Conditions

The operating conditions in Lee’s split-injection engine experiments are given in Table 3.10.
The condition is highly diluted using EGR rate near 40% to suppress the in-cylinder
temperature and to retard the ignition. In the split-injection strategy, the fraction of fuel in the 1%
injection is chosen to be 25%, and the timing of the 1°" injection is fixed at -35°CA ATDC. In
order to examine the effect of mixing on combustion and emission, the 2™ injection (75% fuel)
timings varied from - 250 - 5°CA ATDC are simulated. The injection pressure is fixed, and
fuel mass rate is around 17 mg per cycle. The simulations are conducted from the IVC to the
EVO, so the initial pressure and initial temperature are set to be the value at IVC. More details

about the test conditions and experiments set-up can be found in references [Lee, 2006].

Table 3.10 The operation conditions [Lee, 2006]

Engine Speed 2000 rpm

IMEP ~ 5.5 bar

Intake Pressure / Exhaust Pressure 1.3 bar / 1.48 bar
EGR ~40%

Intake Air Temperature 90T

Injection Pressure 1500 bar

Start of 1% Injection (SOI_1*) -35°CAATDC
Start of 2" Injection (SOI_2") -25°~ -5°CAATDC
Fuel in 1¥ Injection (in fraction) 25%

Swirl Ratio 1.83

Fuel Temperature 60C
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3.2.2 Validating Results

The comparisons between simulated and experimental profiles of pressure and hear release rate
for three representative conditions are given in Figure 3.6. The profiles of injection pulse are
also approximately sketched in Figure 3.6. It can be seen that the combustion timing and
duration are accurately predicted. The simulation reproduces the delay of combustion timing
and the increase of combustion duration when the 2" injection timing retards. Though the peak
value of heat release rate is a little over predicted, a good agreement is achieved between
simulated and experimental heat released rate. The in-cylinder pressure is also predicted well,

and only small and acceptable discrepancies exist between simulated and experimental results.

12 200 12 a00
Test 1 L Test T
o Sirulat ] = i { =
S iromlatio 1 4o © 400 E_)
ES Fassanaaas Injecﬁnn ] E:_ |:E: 8 E/
Puls = i !
= {i 1 = %’ a0 B
g 1 400 5 s
4 ' ER i
S| E &g &
1 2o & 00 5
) - ] & A :
|:| r:.:l ; 1: - [P S SR S | |:| |:| ik -‘—‘—I : 1= |:|
-0 30 20 -0 0 10 200 30 -0 -30 -Z20 -10 010 20 30
Crank angle (° ATDC) Crank angle (7 ATDC)
SOl 2" =25°CABTDC SOl 2" =20°CABTDC
12 200
Test 1
- — —Sirmlation 1 o g
TR OL e Injection 1 2.
g Pulse ] =
g ] 400 5
e 2
w4 -
200 &
1 E
o]
0 0

<40 30 20 -0 0 10 20 30
Crank angle [ ATDC)

SOl 2™ = 15°CABTDC
Figure 3.6 The comparisons between experimental [Lee, 2006] and simulation results for the

pressure and the heat release rate with different SOI_2" timings.
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Figure 3.7 shows the comparisons between predicted and experimental NO, and soot emissions.
The trends of NO, and soot captured by experiments are predicted well by simulation. As
SOI_2" moves closer to TDC, NOx emission decreases, while soot emission increases. For the
latest SOI_2" (-5°CA ATDC) the discrepancy between prediction and experimental results is
relatively large. When SOI_2" is near TDC, the time and space for mixing is limited. Serious
wall film and insufficient combustion is resulted owing to the under-mix and low combustion
temperature caused by the high EGR level and low compression ratio [Jia, 2009]. Therefore, the

combustion is not very steady in this case.
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Figure 3.7 The comparisons between experimental [Lee, 2006] and simulation results for NOx

and soot with different SOI_2" timings.
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Figure 3.8 The comparisons between experimental [Lee, 2006] and simulation results for
UHC and CO with different SOI_2™ timings.

As shown in Figure 3.8, Lee’s PPCI diesel engine with split injections has very high CO output,
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and CO formation decreases when SOI 2" delays. The simulation results show some
under-prediction in CO emission, while the overall trend of experimental profile is reprodeced
well. The under prediction for CO formation can be regarded as another respect of the over
prediction for heat release rate. The results from both simulation and experiment show that
unburn hydrocarbon (UHC) formation increases as the injection timing is retarded. Relatively
large discrepancies between the simulation and experimental results are observed for SOI_2"™ is
-15°CA ATDC and -10°CA ATDC. These discreoancies can be regarded as a results of the
limitations of the wall film model [Han et al., 2000]. Nevertheless, the prediction can
qualitatively reveal the trend of UHC.

3.2.2 Validation with Traditional Diesel Combustion Mode

A relatively large range of operating conditions will be involved during this study for diesel
engine, though the major problem is the investigation about PPCI combustion. As stated in prior
chapter, unlike HCCI combustion, in PPCI combustion the fuel does not have entirely uniform
distribution in cylinder. In the operating conditions with relative late injection, large fraction
of fuel is oxidized in mix-controlled combustion, which is the feature of traditional diesel
engine. To ensure adequate accuracies for the large range of operating conditions, the validation

on traditional diesel engine is conducted and briefly introduced below.

The experiments on a traditional diesel engine in the publication of Hu and Rutland [2006] are
used for validation. The test engine is a single-cylinder version of the Caterpillar 3400 series
diesel engine. The engine specifications and operating conditions are listed in Table 3.11 and

3.12. As shown in Figure 3.9, both pressure and heat release rate are predicted with acceptable

accuracy.
Table 3.11 Engine specifications of HU and Rutland’s experiments [2006]

Volume 244 L

Bore / Stroke 137.6 mm/ 165.1 mm

Compression Ratio 151:1

Number of Orifices 6

Diameter of Orifice 0.259 mm

Spray Included Angle 55<

IVC - 147=CAATDC
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Table 3.12 Operating conditions of HU and Rutland’s experiments [2006]

Engine Speed 1600 rpm
Load 75%
Injected Mass 129 g/min
Injection Pressure 90 MPa
SOl -9°CAATDC
Duration of Injection (DOI) 21°CA
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Figure 3.9 The comparisons between experimental [Hu and Rutland, 2006] and simulation

results for the pressure and the heat release rate.

3.3 Summary

In this chapter, the numerical models used in this study and validations are mainly introduced.
An improved KIVA-3V2 code [Amsden, 1999] coupled with CHEMKIN [Kee et al, 1996] is
used to simulate the in-cylinder flow phenomena and combustion process. For improving the
modeling of spray, a KH-RT model [Jia et al., 2008] is used to simulate the break-up process of
injected droplets, and the droplets’ collision is calculated by Nordin’s model [2001]. Moreover,
the spray-wall interaction is modeled by HXT model [Han et al., 2000]. The heat flux through
wall is simulated by a grid-independent wall heat transfer model developed by Han and Reitz

[1997]. Skeletal reaction mechanism for n-heptane with 29 species and 52 reactions [Patel et. al.,
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2004] is used to simulate diesel fuel chemistry in this study. Four additional species (N, NO,
NO2, N20) and 13 reactions from Golovichev mechanism [Golovichev, 2002] are added to this
n-heptane chemistry mechanism in order to calculate the formation of NO,. For the prediction
of soot formation, an improved phenomenological model developed by Jia [2009], which is
based on the work of Tao et al [2006], is employed. Meanwhile, the inception species for soot
formation, i.e. C;Hy, and 13 related reactions are added to the original n-heptane chemistry
mechanism. Then the model of soot formation and the chemical kinetic reaction mechanism is

connected.

Validations on a PPCI diesel engine [Lee, 2006] and a traditional diesel engine [Hu and Rutland,
2006] are conducted for testing the accuracy of the models. For the validation with PPCI diesel
combustion mode, very good agreement is achieved for the prediction of in-cylinder pressure
and heat release rate. Also, the characteristics of NOy and soot formation of this PPCI diesel
engine are captured well by simulation. Though there are some discrepancies between the
experimental data and the prediction for CO and UHC emission, the trend of CO and UHC can
be qualitatively revealed through simulation. Moreover, the validation with the tradational diesel
combustion shows that the prediction is capable to reproduce the characteristics of combustion

in traditional diesel engines.

In summary, the numerical approach used here is of adequate accuracy for the investigation of

split-injection diesel engine’s combustion conducted in this study.
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Chapter 4 Diesel PPCI Combustion with Split-Injection and
Homogeneity Factor Study

4.1 Diesel PPCI Combustion with Split-Injection

The objectives of this study are to investigate the effects of operating parameters on combustion
performance and emission in PPCI combustion using split-injection. The strategy of
split-injection is the primary field to be examined. Therefore, the investigations about the effects
of the 2" injection timing (SOI_2), the fuel split proportion, the spray angle and injection
pressure of this split-injection strategy are conducted to obtain comprehensive understanding
about the characteristics of mixing and combustion in PPCI combustion with split-injection.
Moreover, the impacts of swirl ratio, EGR rate and boost pressure are examined to develop the
operating range of PPCI engine. In the meantime, in order to evaluating the quality of mixing,
the Homogeneity Factor (HF) is proposed to quantitatively characterize mixing. Also, the
relations between the quality of mixing and characteristics of combustion and emissions are

tried to describe quantitatively using this factor.
4.1.1 Operating Conditions

The study in this section is performed on the engine with the same parameters of the engine in
Chapter 3 [Lee and Reitz, 2006] but using a different injector. The new injector has 6 orifices
with the diameter of 0.11mm. The simulation in this chapter is at the speed of 2500 rpm, the
initial in-cylinder temperature at IVC of 360 K. While the fuel mass per cycle is kept as 23 mg,
the maximum achieved torque output can be around 100 N m. And the timing of first injection
(SOI_1) is fixed at - 40°CA ATDC. Other parameters, i.e. the 2" injection timing (SOI_2), the
split proportion, the spray angle, the injection pressure, the swirl ratio, the EGR rate and boost
pressure are varied for testing the characteristics of PPCI combustion with split-injection, which
can be found in Table 4.1. The value underlined in these variable parameters is the setting of

baseline condition.



Table 4.1 The operating conditions for PPCI combustion using split-injection

Engine Speed 2500 rpm
Maximum Torque 100 N m
Temperature at IVC 360 K

Boost Pressure

0.60 bar, 1.00 bar, 1.40 bar

The Fraction of Fuel in the 2™ Injection

20%, 50%, 80%

Start of the 1% Injection (SOI_1)

-40°CAATDC

Start of the 2™ Injection (SOI_2)

-30°~ -5°CAATDC

Injection Pressure

70 MPa, 110 MPa, 150 MPa

Spray Included Angle 90< 120< 150°
Swirl Ratio 14,18, 2.2
EGR Rate 20%, 35%, 50%

* The value underlined is the setting for baseline condition.

4.1.2 Data Processing Method

A. Specific Fuel Consumption

The specific fuel consumption is a useful parameter to evaluate the fuel economy of engine by
giving the fuel flow rate per unit power out. In this study, the gross indicated specific fuel
consumption (ISFC) is adopted because the power output, W, calculated by simulation is the
gross indicated power. In this thesis, the ISFC indicated the gross fuel efficiency when it is

mentioned, and it is given as:

my
ISFC = —= 4.1
w (4.1)

where, m; and W are the fuel mass and power output per cycle, respectively.

B. Fuel Conversion Efficiency

The fuel conversion efficiency represents the overall efficiency of the supplied fuel energy

converting into the work produced per cycle. It is defined as:
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where , 7y is the indicate fuel conversion efficiency; W, mg, and Q_py, represent the gross
indicated work per cycle, the fuel mass injected per cycle, and the lower heating value of fuel,
respectively.

During the conversion of the fuel energy into work, a series of energy losses happens. These
energy losses can be generally concluded as the incomplete combustion, the heat loss and the
thermodynamic loss, which are represented as the combustion efficiency, the heat loss
efficiency and the thermal conversion efficiency, respectively. The relation between these

efficiencies and the fuel conversion efficiency is given in below:

Nfc = NecNniNcomb

- (Qcher:v - th) (QChéTh;mth) (T’?fcgi:l)

w Qchem — Q
N (Qchem - th)< ThanLHV hl)

= NtcNnr (4-3)

where, n;. is the thermal conversion efficiency; np; is the heat loss efficiency; n.omp iS the
combustion efficiency. In this equation, Q.nv, Qcnem and Qp; represent the lower heating
value of fuel, the total chemical heat release during combustion, and the heat transfer loss,

respectively.

The second term in the equation 4.3 indicates the heat rejection efficiency (1), according to
the definition of Lee et al. [2006b] and Kook et al. [2005]. The heat rejection efficiency
indicates how much and how well the chemical energy of fuel is released, and concludes the
effect of the combustion efficiency, the heat transfer losses and the gas exchange losses in it.
The thermal conversion efficiency indicates how effectively the heat release is converted to the

mechanical work.

It has to be noticed that the efficiencies used in this thesis are the gross indicated efficiencies,

since they are calculated by using the gross indicated work output.

4.1.3 The Effects of the 2" Injection Timing

A preliminary study is conducted to gain an initiatory understanding of the split-injection in
diesel engine through a sweep of the 2™ injection timing. The 2™ injection timing varies from
-30°CA ATDC to -5°CA ATDC with an interval of 5°CA, and other parameters is setting as

the baseline condition. With the spray angle of 120< the earliest injection timing is determined
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by the assurance that the spray will be kept in the piston bowl. While the latest injection timing
is held before TDC because the combustion will be unstable with this high level of EGR rate
(35%) and low combustion temperature when the injection timing is near TDC [Lee and Reitz,
2006]. 20% of the total fuel is injected in the 1% injection, while 80% in the 2" injection. The
injection pressure is set to be a medium value, i.e. 110 MPa, for the purpose of moderating the
wall wetting and oil dilution problem.

From Figure 4.1, it can be seen that the combustion is significantly affected by the 2™ injection
(80% fuel) timing. Though using relative early first injection, no observable heat release can be
found until - 20= CA ATDC for each case. This suggests that the in-cylinder pressure and
temperature are not sufficiently high for ignition until - 202 CA ATDC. Since the injection
finishes before ignition, it is difficult to distinguish the heat release from the two stages of
injection when the 2" injection timing is - 30°CA ATDC, because the fuel of both injections
has been mixed with air and might oxidize simultaneously. However, for other cases with later
2" injection timing, the heat release from the 1% and the 2™ injection displays separately. The
peak value of heat release rate decreases as the 2™ injection timing is retarded, as shown in
Figure 4.1. And the efficiency of combustion is apparently deteriorated when the 2™ injection

timing is moved close to TDC.
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Figure 4.1 In-cylinder pressure and heat release rate for several different 2" injection timings
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The conclusion of Lee [2006], which proposes short combustion duration as the character of
PPCI combustion that can be used to distinguish PPCI combustion from standard diesel

combustion, is also observed in this study. In Figure 4.2, the 10% accumulative fuel burnt
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location is chosen as the start of combustion since it is typical located near the onset of the main
heat release [Opat et al., 2007], while the location of 50% fuel burnt and 90% fuel burnt
represents the location of entire combustion phase and the end of combustion, respectively. It is
shown that though the start of combustion retards as the 2" injection timing moving to TDC, the
variation is not significant until the 2™ injection timing is after - 20°CA ATDC. And the
combustion starts before injection ends (EOI) when the 2™ injection timing (SOI_2) is later than
- 25°CA ATDC. Therefore, the mixing process controls the combustion of the cases with
relatively late 2™ injection timing. Moreover, the combustion duration (crank angle between 10%
and the 90% burnt location) increases as the 2™ injection is retarded. And this phenomenon
proves the statement of Lee [2006] that the combustion in PPCI mode is faster than in standard
diesel mode. However, the phases of PPCI combustion with early injection locate far before the
TDC, and this will have negative effect on the power output, as shown in the profiles of

pressure in the Figure 4.1.
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Figure 4.2 The 10%, 50% and 90% burn location of the cases with different 2" injection timing

Figure 4.3 and Figure 4.4 show the variation of emissions as for different the 2™ injection
timings. At the earliest 2" injection timing (-30°CA ATDC), moderately high level of soot, CO
and unburned hydrocarbon (UHC) are observed. The low combustion temperature is considered
as the reason of low combustion efficiency which can be proved by the high level of CO and
UHC output. Although the mixing time in this case is longer than others, the relatively low
in-cylinder temperature increases the difficulty for fuel evaporation and results in long spray
penetration, and these eventually lead to serious wall wetting. During the combustion, the fuel
adhered to the cylinder wall is usually an important source for soot formation. The highest NOy

is observed when the 2" injection timing is -25° CA ATDC. Though, the ignition delay is



47

shorter than in the case of the earliest 2™ injection timing, higher in-cylinder temperature
enhances mixing process in this case and promotes the combustion. Sharper pressure raising
slope and shorter combustion duration are reached for the case with the 2™ injection timing of
-25°CA ATDC, as shown in Figure 4.1 and 4.2. Moreover, Figure 4.4 shows the reduction of
CO and UHC in this case comparing with the earliest injection, and this reduction implies the
improvement of combustion efficiency. Moreover, the high combustion temperature in this
promoted combustion causes the high level of NO, formation in the case with the 2™ injection
timing of -25°CA ATDC. The lowest level of soot, CO and UHC emission is achieved when the
2" injection timing is -20°CA ATDC, and NO, output starts to decrease at the same time. As
the 2" injection timing is retarded further, the output of soot, CO and UHC increase
dramatically because the under-mix of air and fuel is getting serious under this high level of
EGR rate. Meanwhile, since the fuel enrolled in combustion reduces, the combustion
temperature is suppressed, and the NO, formation decreases as the 2" injection timing moving
to TDC. A sudden drop of soot emission is observed when the 2™ injection timing is retarded to

-5°CABTDC, though its mixing condition is the worst compared with the former cases.
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Figure 4.3 Effects of the 2" injection timing on NO, and soot emission

The reduction of soot for this case is resulted from the low combustion temperature, and serious
incomplete combustion is implied from the high level of UHC and CO output, as shown in
Figure 4.4. Figure 4.5 shows the distribution of equivalence ratio before the start of combustion,
which is at -15°CA ATDC when SOI_2=-30°CA ATDC, or at -5°CA ATDC when SOI_2=-10°
ATDC. For the case with the 2™ injection timing of -30°CA ATDC, a high equivalence ratio

area exists near the surface of piston bowl before the combustion starts, as given in Figure



48

4.5(a). And after 10 crank angles, though the combustion is almost finished according to Figure
4.2, high equivalence ratio is still detected in bowl area for this case. Therefore, the relatively
high soot and UHC output of the case with SOI_2= -30°CA ATDC can be considered derived
from this rich area near the surface of piston bowl and fuel adhered on piston. For the case with
the 2" injection timing of -10°CA ATDC, the injection dose not finish when the combustion
starts, and very poor fuel-air mixing could be observed in cylinder, as shown in Figure 4.5(b).
Considering the relatively high temperature at -5°CA ATDC, the poor mixture formation is

considered as the reason for the high level of soot and UHC output.
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Figure 4.4 Effects of the 2" injection timing on CO and UHC emission
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Figure 4.5 Equivalence ratio distribution prior to the ignition (at -15°CA ATDC and at -5°CA

ATDC), when SOI_2=-30°CAATDC and -10°CAATDC.

4.1.4 The Effects of Fuel Splitting Proportion

Two more fuel splitting strategies, which are 50% and 80% of fuel in the 1* injection, are added

to the simulation to study the effects of fuel split proportion. For the most cases, with a certain
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2" injection timing, as the fraction of fuel in the 1% injection increases, the start of combustion
moves forward and the duration of combustion (DOC) become shorter, as shown in Figure 4.6.
Raising the fuel amount in the earlier 1% injection will certainly enhance the mixing before
ignition and increase the amount of mixture. For the cases with 80% of fuel delivered in the 1%
injection, their combustion durations are all very short, and the shortest one is around 4°CA.
According to Lee’s study [2006], this short level of combustion duration is a typical
characteristic of PPCI combustion. Moreover, as the fraction of fuel in the 1¥ injection increases,
the variation of the start of combustion and the combustion duration over different 2" injection
timing becomes relatively less obvious, though the trends for these 3 different fuel splitting

strategies are similar.
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Figure 4.6 The 10% burn location and combustion duration for the cases of different 2™

injection timings with different fuel splitting proportions

The 50% burn location is not significantly affected by the 2" injection timing and is around -9
CA ATDC to -7°CA ATDC, when the 80% of fuel is delivered into the cylinder through the 1%
injection, as shown in the Figure 4.7. However, when increasing the portion of fuel injected in
the 2" injection, a steeply increasing slope of 50% burn location with respect to the 2™ injection
timing is observed. With earliest 2" injection timing at -30°CA ATDC, the highest ISFC is
resulted when 80% of fuel is delivered in the 1% injection; while similar high level of ISFC is
observed as the 2™ injection timing is retarded to - 5°CA ATDC when 20% of fuel is in the 1°

injection. The high fuel consumption in the former case is considered stemming from the
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under-mix owing to the low temperature during early injection. And the later one results from
the incomplete combustion during the mix-control phase. When the 2" injection timing is
before -15°CA ATDC, the ISFC is higher as the portion of fuel in the 1% injection increases.
Once the 2" injection timing is retarded after -15°CA ATDC, the ISFC raises dramatically as
the 2™ injection moving to the TDC when only 20% or 50% of fuel is delivered in the 1°

injection. Then higher level of ISFC is observed when less fuel is in the 1% injection.
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Figure 4.7 The 50% burn location and ISFC for the cases of different 2™ injection timings with

different fraction of fuel in the 1% injection

As shown is Figure 4.8 and Figure 4.9, the trends of emission over different 2™ injection timing
are significantly affected by the fuel splitting strategy. The peak NOy of the splitting strategy
with more fuel delivered through the 1* injection appears closer to the TDC. When major
portion of fuel (80%) is in the 1* injection, the NO, formation still maintains a relatively high
level even the 2™ injection is retarded to after -15°CA ATDC, while sudden drop of NO, output
is observed in other two fuel splitting strategies. This is because, when 80% of fuel is delivered
through the 1% injection, the combustion temperature is higher during the later stage of
combustion process since more fuel has been burnt before the 2™ injection starts. The soot
emission can be efficiently suppressed when transferring the major portion of fuel to the 1%
injection. As 80% of fuel has been injected before -30°CA ATDC, the soot output is smaller
than 1 g per kg fuel for all 2" injection timings, as shown in Figure 4.8. With this level of soot,

the diesel engine can be considered working under ‘smokeless’ condition.
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Figure 4.8 The NO, and soot emission for the cases of different 2" injection timings with

different fraction of fuel in the 1% injection

Though using early injection with major fraction of fuel seems to be a measure to resolve the
smoke issue of diesel engine, the UHC is much higher than the cases whose 1% injection carries
smaller amount of fuel when the 2™ injection timing is before -10°CA ATDC. Since most of
fuel is injected more than 30°CA before TDC, which is about 20°=CA before the combustion
starts, more and richer mixture is achieved because of the longer ignition delay. Then premixed
combustion is considered playing major role in the whole combustion process. However, the
low in-cylinder temperature during the early injection is unfavourable for evaporation and the
following low temperature combustion also causes high UHC emission. Once the 2" injection
timing retards after -10°CA ATDC, the UHC output increases sharply when major portion of
fuel is in the 2™ injection because the under-mixing causes seriously incomplete combustion in
the mix-controlled combustion phase. The CO emission keeps lower than others as 80% of fuel
in the 1% injection since its relatively sufficient mixing. The dramatic increase of CO emission
for the cases with large amount of fuel in the late 2" injection implies that the incomplete
combustion results from under-mixing, low temperature in mix-controlled burn phase is the
reason for the high level of CO emission in the diesel engine under this high EGR rate [Lee,
2006; Opat et al., 2007; Koci et al., 2009].
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Figure 4.9 The CO and UHC emission for the cases of different 2™ injection timings with

different fraction of fuel in the 1% injection

4.1.5 The Effects of Spray Angle

The spray angle is considered massively affect the performance and emissions of the diesel
engine through its influence on the equivalence ratio distribution in cylinder. Meanwhile, the
research of Martin et al. [2008] and Walter at al. [2002] showed that the implementation of
narrow angle direct injection (NADI) had the potential to operate a diesel engine under
HCCI/PPCI combustion with satisfied emissions and acceptable fuel consumption because it
could suppress the wall impinging. To study the effect of spray included angle on performance
and emissions, three nozzles with different spray angle (90< 120< and 150 are examined for

both PPCI combustion and standard diesel combustion.

As shown in Figure 4.10, the effect of spray angle on the start of combustion is not significant.
The largest discrepancy of combustion start’s timing for different spray angle appears when the
2" injection timing is -5° CA ATDC. Therefore, the influence of spray targeting on the
distribution of equivalence ratio and temperature could be more obvious when using late 2™
injection. The combustion duration is prolonged as the spray included angle getting narrow, and
the discrepancy of combustion duration for different spray angle is enlarged as the 2" injection
timing retarded. This phenomenon implies that the spray angle affects the mixing process
significantly. With the shape of piston top in this study, more fuel intends to be captured in the

bowl area as the spray angle getting narrow, as shown in Figure 4.11. Under the EGR level of
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35%, it increases the difficulties for fresh air to enter into fuel in this area of piston bowl. Then
the increase of fuel fraction in this rich area results in the prolonged combustion duration when

using narrow spray angle.
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Figure 4.10 The 10% burn location and combustion duration for the cases of different 2"

injection timings with different spray angle.

And the Figure 4.11 also shows that the insufficiency of fuel and air mixing in the bowl area
gets more serious when the 2™ injection timing retards closer to TDC. Hence, appropriated
amount of fuel in the squish region is beneficial for combustion. Opat et al.[2007] showed, for
single injection diesel engine, there is an optimal spray targeting to achieve desired combustion.

For split-injection, it is complicated to find the optimal spray targeting.

No obvious discrepancy in the 50% burn location can be seen for different spray angle until the
2" injection timing retards to later than -10°CA ATDC, as shown in Figure 4.12. The case using
narrow spray angle (909 has the latest 50% burn location when the 2™ injection timing is -5
CA ATDC. Referring to Figure 4.11, it is can be found that the discrepancies in combustion
duration are due to the 50% to 90% burnt duration. From the Figure 4.12, it is can be seen that
the ISFC is significantly affected by the spray included angle. Lower fuel consumption and
stable level of ISFC for different 2™ injection timing can be achieved when using wider spray
angle. Due to the lack of available O, in piston bowl area, the fuel economy of diesel engine is
deteriorated if narrow spray angle is applied. And the effect of the 2™ injection timing on ISFC

is intensified for the cases with narrow spray angle.
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Figure 4.11 Equivalence ratio distribution at 5°CA after the 2" injection for the cases with
different spray angle, when SOI_2=-30°CAATDC and -15°CAATDC.
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Figure 4.12 The 50% burn location and ISFC for the cases of different 2™ injection timings with

different spray angle

As shown in Figure 4.13, no significant change of NO, can be seen for most cases with different
2" injection timing until the spray angle is reduced to 90< The reduction of NO, for the cases

with spray angle of 90<is considered as the result of the reduction of area with relatively high
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O, concentration and the decrease of oxidation temperature owing to the incomplete combustion.
According to the data shown in Figure 4.13, almost zero or very low soot emission can be
achieved using the spray angle of 150°and 120< respectively. Because of the seriously
insufficient mixing, the soot emission raises dramatically when the spray angle is reduced to 90<
Figure 4.14 gives the soot mass distributions at 120°ATDC for the cases with SOI_2= -15°CA
ATDC and-5°CA ATDC. When using spray angle of 90< soot mainly appears in the center of
cylinder and piston bowl area owing to the poor mixing. With SOI_2= -15°CA ATDC, the area
near injector is the place where the soot concentrates when spray angle is 150< while as the

start of 2" injection is retarded to -5°CA ATDC, soot mainly appears in the squish region.
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Figure 4.13 The NO, and soot emission for the cases of different 2" injection timings with

different spray angle

With wider spray angle (150°and 1209, both CO and UHC can be suppressed under an
acceptable level. Once the spray angle is reduced to 90 CO and UHC output increase
dramatically. This implies the combustion efficiency is deteriorated when the spray angle is
narrow. Moreover, the effect of the 2" injection timing on UHC is enhanced when the spray
angle is reduced to 90< Therefore, the spray targeting, which is the result of the codetermination
of spray angle and injection timing, affects the combustion and emission of diesel engine

significantly.
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Figure 4.14 Soot mass distribution at 120°CA ATDC for the cases with different spray angle,
when SOI_2=-15°CAATDC and -5°CAATDC
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Figure 4.15 The CO and UHC emission for the cases of different 2" injection timings with

different spray angle

4.1.6 The Effects of Injection Pressure

The injection pressure is considered significantly impact the fuel distribution in PPCI / standard
diesel engine [Koci et al., 2009; Kong et al., 2005]. According to the study of Xu and Hiroyasu

[1992], the spray penetrates faster and further in the combustion chamber when the injection
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pressure is increased. With the increased injection velocity and shorter injection duration, the
injected fuel intents to target more in the squish region for same injection timing [Siewert, 2007].
Moreover, the increased spray penetration leads to an enhancing of cylinder wall impingement.
In order to make further understanding about the effects of injection pressure on the mixing and
combustion processes, three different injection pressures (70 MPa, 110 MPa and 150 MPa) are

simulated in this study.

The trend of the timing of combustion start is similar for different injection pressure. As given
in Figure 16, the obvious difference of 10% burn location can be seen when the 2™ injection
timing is very early because the relatively large volume of cylinder is favourable for the
diversity of equivalence ratio distribution when the injection pressure is different. Minimal
differences in the trend of combustion duration are seen at the highest injection pressure as the
2" injection timing is varied. When the injection pressure is decreased, the combustion duration
is prolonged and the increase getting significant as the 2™ injection timing is retarded. Therefore,
when the combustion is majorly controlled by mixing, the effects of injection pressure on

combustion seem more significant.
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Figure 4.16 The 10% burn location and combustion duration for the cases of different 2"

injection timings with different injection pressures

As shown in Figure 4.17, the trends of 50% burn location are almost parallel for three different
injection pressures. Referring to the combustion duration in Figure 4.13, it is found that the
effect of injection pressure on combustion speed is more significant in the latter half stage of
combustion rather than in the former half, especially when the combustion is majorly controlled

by mixing. With early 2" injection timing, the fuel consumption is lower when using low
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injection pressure because the wall impingement is mitigated. While as the 2™ injection timing
is retarded to near TDC, the fuel consumption decreases when the injection pressure increases
due to the enhanced the fuel evaporation and mixing. When the injection pressure is increased,
the spray penetrates faster and further into the combustion chamber and the spray targeting
moves up, as shown in Figure 4.18. Moreover, larger area is covered by richer mixture in the
case using higher injection pressure. These could be considered beneficial for efficient
evaporation due to the faster injection, which leads to faster and more completed combustion.
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Figure 4.17 The 50% burn location and ISFC for the cases of different 2™ injection timings with

different injection pressures
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Figure 4.18 Equivalence ratio distribution at 5°CA after the 2" injection for the cases with
different injection pressures, when SOI_2= -15°CAATDC.

NOy is generally increased as the injection pressure is raised, as shown in Figure 4.19.

According to the simulation results, the relations between the soot emission and injection
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pressure are not clear. Nevertheless, in general, the cases using moderate injection pressure have
the relatively low soot emission. Though, the increased injection pressure can make the spray
penetration and air entrainment greater, and possibly reduce the local equivalence ratio, the high
level of soot is observed when the 2" injection timing is retarded after ~10°CA ATDC when the
injection pressure is 150 MPa. Serious impingement on piston and the relatively high

in-cylinder pressure are considered as the reasons of this high soot emission.
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Figure 4.19 The NO, and soot emission for the cases of different 2" injection timings with

different injection pressures

Raising injection pressure is expected to reducing CO and UHC emission through promoting
fuel / air mixing [Opat et al., 2007; Koci et al., 2009]. As shown in Figure 4.20, when the 2"
injection timing is retarded later than -20°CA ATDC, both the CO and UHC emission decrease
as the injection pressure increases. For the cases with relatively early 2™ injection timing,
serious wall impingement would be source of CO and UHC emission when using high injection
pressure. Moreover, the location of the lowest CO is retarded as the injection pressure increases.

And minimal differences in the trend of UHC are seen at the highest injection pressure.
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Figure 4.20 The CO and UHC emission for the cases of different 2" injection timings with

different injection pressures

4.1.7 The Effects of Swirl Ratio

Higher swirl ratio is usually expected to intensify the turbulence production and mixing
processes, and further leading to more rapid and complete combustion [Kook et al., 2006].
However, some studies show that excessive swirl is possible to impede mixing [Opat et al.,
2007]. Meantime, the impeding of excessive swirl ratio on mixing by limiting jet penetration is
shown not significant for the typical HSDI diesel engine which is usually with small bore
diameter and high injection pressure [Opat et al., 2007]. For the further understanding about the

effects of swirl ratio, three different swirl ratios (1.4, 1.8, and 2.2) are simulated in this study.

As shown in Figure 4.21, there are almost no effects of swirl ratio on the start of combustion.
The effects of swirl ratio on combustion duration are not obvious until the 2" injection timing is
retarded later than - 15°CA ATDC. With the relatively late 2™ injection timing, the combustion
duration is prolonged as the swirl motion is stronger. Therefore, the increased swirl ratio doesn’t

accelerate the combustion rate according to the data of this study.
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Figure 4.21 The 10% burn location and combustion duration for the cases of different 2"

injection timings with different swirl ratios

Little difference can be seen for the 50% burn location when the swirl ratio is varied, as shown
in Figure 4.22. Then, for the cases with relatively late 2" injection timing, the effect of swirl
ratio on combustion speed majorly exists in the latter half stage of combustion rather than in the
former half. With early 2™ injection timing, where the fuel is largely premixed, small
discrepancies in the ISFC trends can be seen for different swirl ratios, and the fuel consumption
decreases when the swirl ratio increases. When the 2" injection timing is retarded to later than
-20°CA ATDC, the ISFC increases with the swirl ratio rising. Meanwhile, the influence of the
swirl ratio becomes more significant. Therefore, for different combustion mode, the effects of

swirl ratio are not coherent.

As shown in Figure 4.23, NO, emission increases as the swirl ratio is raised when the 2nd
injection timing is earlier than -20°CA ATDC. When the 2" injection timing is retarded
further, the trends of NO, emission for different swirl ratio get similar. The effects of swirl ratio
on soot emission are more significant, especially when the 2™ injection timing is retarded over
-20°CA ATDC. Soot emission increase as the swirl ratio gets higher with early injection timing,
while this trend is reversed when the 2™ injection timing is later than -20°CA ATDC. The
highest soot emission appears when using the highest swirl ratio and the 2™ injection timing at
-15°CA ATDC. In Figure 4.24, the equivalence ratio distribution at 5°CA after the 2" injection

gets more concentrate as the swirl ratio increases, when SOI_2= -15°CA ATDC. Therefore,
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instead of enhancing the mixing, the increased swirl ratio traps the fuel from the air. As a result
of the trapping, increased fuel consumption and high soot emission are detected.
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Figure 4.22 The 50% burn location and ISFC for the cases of different 2™ injection timings with

different swirl ratios
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Figure 4.23 The NO, and soot emission for the cases of different 2™ injection timings with

different swirl ratios



63

® 01 02 03 04 05 06 07 08 09 1

swirl 1.4 swirl 1.8 swirl 2.2
Figure 4.24 Equivalence ratio distribution at 5°CA after the 2" injection for the cases with
different swirl ratios, when SOI_2=-15°CAATDC.

The effects of swirl ratio on CO and UHC show the similar trends, as given in Figure 4.25. With
the relatively early 2™ injection timing, both CO and UHC emission decrease when the swirl
ratio is elevated. It seems that intense swirl motion is beneficial for combustion efficiency when
the fuel is largely premixed during the combustion, referring to Figure 4.22 and Figure 4.25.
Nevertheless, with further retarded 2™ injection timing, elevated swirl ratio results in more
serious CO and UHC emission. Therefore, the increased swirl ratio is not favourable for the
mixing during the mix-controlled combustion stage, where the CO emission is considered to

stem predominantly from the under-mixed fuel [Kook et al., 2006].
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Figure 4.25 The CO and UHC emission for the cases of different 2" injection timings with

different swirl ratios
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4.1.8 The Effects of EGR Rate and Boost Pressure

EGR and turbo-charging intake system are the most effective and widely applied ways to
implement the performance control and emission optimization in diesel engine. EGR has been
found an effective manner to reduce NOy emission since its dilution effect which providing
lower oxygen availability. Meantime, the use of EGR will impact the soot emission and fuel
economy. The boost pressure is considered significantly influence the fuel consumption as its
effects on ignition timing and equivalence ratio. To discuss the characteristics of the diesel
engine with split-injection, three EGR rates (20%, 35%, and 50%) and three intake pressures
(1.6 bar, 2.0 bar, and 2.4 bar) are investigated here.

As shown in Figure 4.26, it can be seen that the addition of EGR results in delayed start of
combustion. When the EGR rate is increased to 20% from 35%, the delay of the combustion
start is not large, and the trends of combustion start for these two levels of EGR rate are nearly
parallel. Once the EGR rate is increased further to 50%, the delay of combustion start is
prolonged, and the prolonging increases as the 2™ injection timing is retarded. Therefore, with
the EGR rate of 50%, the increase in the time for mixing is much more significant for the case
whose 2™ injection timing is relatively late. When the 2™ injection timing is before -15°CA
ATDC, the effect of EGR rate on combustion duration is not significant. With the further
retarded 2™ injection, the combustion duration decreases as the level of EGR rate is elevated. In
the case with the high EGR rate (50%), the variation of combustion duration is small with
different 2" injection timing. It means, if using high EGR rate, even with late injection timing
short combustion duration can still be achieved owing to the significantly increased ignition

delay.

Before the 2" injection timing is retarded to -5°CA ATDC, the trends of 50% burn location are
nearly parallel for different EGR rate, though the 50% burn location is retarded as a result of the
addition of EGR, as given in Figure 4.27. With the 2" injection timing at -5 CA ATDC,
increasing the EGR rate leading to relatively advanced 50% burn location. The effect on fuel
consumption is not significant until the EGR rate is increased to 50%. When the 2™ injection
timing is earlier than -10°CA ATDC, ISFC is much higher if using 50% EGR rate because the
in-cylinder oxygen availability is significantly reduced. Nevertheless, using 50% EGR rate,
lower fuel consumption is observed in the cases with the relatively late 2™ injection. Referring
to Figure 4.26, it seems that using high level of EGR rate can improving the mixing in the cases
whose 2™ injection timing are close to TDC by prolonging the ignition delay. Therefore, shorter
combustion duration and lower fuel consumption is possibly achieved in these cases. This
phenomenon is similar to the feature of MK diesel combustion unless the injection timings in

these cases are not retarded after TDC.
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Figure 4.26 The 10% burn location and combustion duration for the cases of different 2"

injection timings with different EGR rates
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Figure 4.27 The 50% burn location and ISFC for the cases of different 2™ injection timings with
different EGR rates

From Figure 4.28, it can be seen that increasing EGR rate can efficiently suppress NO, emission.
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The NOy emission is almost reduced to zero when utilizing 50% EGR. By raising the EGR rate
from 20% to 35%, a massive reduction in NO4 emission is observed, while the soot emission
increase slightly. And massive growth of soot can be seen when using 50% EGR. Meanwhile, as
shown in Figure 4.29, both CO and UHC increase significantly once the EGR rate is beyond
50%. Therefore, the incomplete combustion and soot formation due to the low oxygen
availability is the major problem to be solved if utilizing high EGR to control NO,. Nevertheless,
moderate level of EGR rate (35%) can efficiently reduce NO, emission and affect the soot, CO

and UHC emissions little in the meantime.

Because the ignition timing is determined by the pressure and the temperature in combustion
chamber, the start of combustion is advanced as the boost pressure is elevated, as shown in
Figure 4.30. Therefore, the increased boost results in reduced time for pre-ignition mixing. For
the cases with early 2" injection timing (before -15° CA ATDC), slightly reduction in
combustion duration can be seen when increasing the boost pressure. When the 2™ injection
timing is retarded further, where the mixing majorly controls the combustion rate, elevating
boost pressure leads to prolonged combustion duration. Therefore, high boost pressure is not

beneficial for mixing when using relatively late 2™ injection.
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Figure 4.28 The NO, and soot emission for the cases of different 2" injection timings with

different EGR rates
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4.29 The CO and UHC emission for the cases of different 2" injection timings with
different EGR rates

Figure

10% Burn Location (® CA ATDC)
Duration of Combustion (* CA)
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Figure 4.30 The 10% burn location and combustion duration for the cases of different 2"

injection timings with different intake pressures

As given in Figure 4.31, the 50% burn location is moved forward as the boost pressure is

elevated before the 2™ injection timing is retarded to -5°CA ATDC. When the 2" injection
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timing is at -5°CA ATDC, though the combustion starts earlier in the case with boost pressure
of 2.0 bar, its 50% burn location is later than the case with boost pressure of 1.6 bar because its
relatively slower combustion rate. The superior in fuel economy for the cases with higher boost
pressure is deteriorated when the 2™ injection timing is retarded after -15°CA ATDC. The lack
of sufficient mixing is considered as the reason of relatively high ISFC in the cases with the
boost pressure of 2.0 bar and 2.4 bar, when the 2" injection timing is later than - 15°CA ATDC.

30 300
:: .--"-.‘f--:..-:'---? IiD
g x\_______" -’F’ﬁ,, B
— — Il Fa
D15 & B T i e g 4 W00 =
e, e T e E
- f‘ - -ﬁ _— —k o
= 150 op
3 — =7 -
- U —_,— = 4 100 @
E . ___‘_'___—o—'—_ ~ __'__,—'—_'_—,_._,—
- i - 1 s0
£ m—— R
= o :
)
15 i 1 1 1 |:|
30 25 20 -15 -10 -5
S0I_2{*CAATDC)
—F— 50% Bum Location(1 6Bar) —&— ISFC(1.6Bar)
—il— 50% Bum Location(2.0Bar) —&— ISFC(2.0Bar)
— 3 - 30% Bum Location(2 4Bar) — & - I8FC(2.4Bar)

Figure 4.31 The 50% burn location and ISFC for the cases of different 2™ injection timings with

different intake pressures

The smallest variation in the trends of NOy is found in the cases utilizing the lowest boost
pressure, as shown in Figure 4.32. As the boost pressure is elevated, the variation in the trends
of NO, over the 2" injection timing is enlarged, and the level of NO, gets higher. Small increase
in the effective inlet oxygen mass flow occurs when the boost pressure is increased, because the
oxygen concentration is nearly constant in the inlet air. Therefore, the global equivalence ratio is
reduced when using higher boost pressure, and the increased inlet oxygen mass is favorable for
the formation of NO,. For most cases, higher level of soot emission is observed at lower boost
pressure unless for the cases whose 2™ injection timing is at -15°CA ATDC. In the conventional
diesel combustion, the reduction of soot is expected because of the slightly decreased global
equivalence ratio when the boost pressure is elevated. For the low temperature combustion,
where large amount of EGR s utilized, there is study showing that increasing the boost pressure

may result in locally richer regions which is favorable for soot formation [Koci et al., 2009].
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Figure 4.32 The NO, and soot emission for the cases of different 2™ injection timings with

different intake pressures

In general, increasing boost pressure is beneficial for suppressing CO and UHC emissions due
to the reduction of equivalence ratio [Martin et al., 2008]. According to Figure 4.33, with earlier
2" injection timing (before -15°CA ATDC), CO and UHC emissions decrease as the boost
pressure is elevated. When the 2™ injection timing is retarded further, higher CO and UHC
emissions are observed in the cases with boost pressure of 2.0 MPa. As motioned previously, the
start of combustion moves forward and the ignition delay reduces as the boost pressure is
increased. Therefore, with boost pressure of 2.0 MPa, higher CO and UHC emissions is
considered resulting from the significantly insufficient mixing when using relatively late 2™

injection timing.

400

350

300
o 250 T
£ £
H0 200 ey
s 130 5
0 [

100 T
o =

50

501 2 (°CA ATDC)

—8—CO(l 6Baf) —B—CO(20Baf) ~ B -CO(24Baf)
—#—TTHC (1 ABar) —&— UJHC (2 0B ar) — £ ~TTHC (2 4B ar)

Figure 4.33 The CO and UHC emission for the cases of different 2" injection timings with

different intake pressures
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4.2 Homogeneity Factor Study

The previously studies show that the mixture formation and its distribution influence the phase
of combustion and its control [Nakagome et al., 1997; Harada et al., 1998; Akagawa et al.,
1999]. Meanwhile, the mixture formation is considered to be affected by the strategy of
injection and in-cylinder air motion [Kook et al., 2006]. In this study, early 1% injection timing
and a broad range of 2" injection timing are utilized. For most cases, because of the lack of time,
partially mixed and stratified fuel / air mixture is common. Thus, a method to evaluate the
quality of mixing is required for quantitatively investigating the effects of injection parameters
and in-cylinder air motion on mixture formation. Moreover, the relations between the quality of
mixing and characteristics of combustion and emissions can be described quantitatively if the

method for evaluating the quality of mixing is established.
4.2.1 Definition and Formulas

Instead of the detailed structure of mixture distribution, an overall description for fuel/ air
mixing characteristics named as homogeneity factor (HF) is proposed to characterize the

process of mixture formation. The index of homogeneity is initially defined as

HF =1 — HeterF (4.4)

where HeterF is the degree of heterogeneity of the mixture, which is given as

Neen 2
i=0 \/ (Mfueri — Mruero)

HeterF = — (4.5)
2 Mfuel
where the total fuel amount, My, is given as
My = ——0 (4.6)
Tuel = AFR,, + @, '

@, is the overall equivalence ratio; AFRg is the stoichiometric air/fuel ratio; M is the total

amount of mixture mass.

The difference between the mass of fuel in computational cell i, mge ;, and the averaged mass of

fuel in this cell, mge 0, can be given as

uelt — Tueld = gFR., +®; ' AFRy + ®, ° (AFRy + ®,)(AFRy + ®p)

m;

4.7)

where @; is the equivalence ratio and Jm; is the mixture mass in the computational cell i.

Therefore, the formula (4.4) can be expressed as
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J@, — )2
ZNcells ( i 0) AFRst8mi

i=0 "AFRy — ®;
2- DM
This HF approaches unity when the fully homogenous mixture is achieved; and it is close to

HF =1-— (4.8)

zero if the logically extremely non-uniform happens. As this new definition can directly work as
a method to quantitatively evaluate the quality of fuel/air mixing, it is expected to be used as a
parameter for the adjustment of combustion phase. Therefore, the effects of the relevant
operating parameters on HF, together with the relations between HF and the characteristics of
combustion and emissions are discussed in this study. The HF at 5°CA ATDC is normally
chosen here for evaluation because every case has finished its injection before 5°CA ATDC,
even for the cases with the latest injection timing. However, in this study the start of combustion
intends to happen before 5°CA ATDC because of the general use of early injection. Therefore,
the mixture quality at 5°CA ATDC may be considered not representative of the mixture quality
prior to ignition. On the other side, the ignition timings are of complicated variation for different
operating conditions, and the average equivalence ratio at ignition timing is usually not same
between cases. For simplicity reasons and requirement for comparability, 5= CA ATDC is

chosen as the timing for the observing the mixing distribution.
4.2.2 The Characterization of Mixing in PPCI Engine

The trends of HF under baseline operating condition for various timings of the 2™ injection are
given in Figure 4.34. After the 1% injection is finished, the HF keeps increasing until the 2™
injection is delivered. Though the decrease of the HF during the 2™ injection becomes larger as
the 2™ injection is retarded, the HF gets substantial increase again after the 2™ injection ends.
The HF grows faster as the 2" injection is retarded when its timing is not later than -15°CA
ATDC, imply that the mixing process is enhanced during the compression [Nandha and
Abraham, 2002]. At 5°CA ATDC, higher HF is observed as the 2™ injection timing is advanced,
and the highest value of HF is about 0.65. Although the starts of the combustion are varied
between cases, it is can be prospected that the combustion processes in the mixture of higher

homogeneity when the 2™ injection is advanced.

To explore the effects of injection parameters and in-cylinder air motion on mixing process, the
HF at 5°CA ATDC is selected as the measure to inspect the mixing quality. The trends of HF
are given in Figure 4.35 when different fraction of fuel is in the 1% injection. As shown in this
figure, the HF is generally increased when larger fraction of fuel is injected during the 1
injection since there is more time for the mixing of the major part of fuel. When 80% of fuel is
injected in the 1% injection which starts at - 30°CA ATDC, the HF decreases a little because of
the critical wall impingement and deteriorated evaporation due to the low in-cylinder

temperature. The variation of HF trend gets smaller as the fraction of fuel in the 1% injection is
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increased. Therefore, the adjustment of HF through variable timing of the 2" injection is
remitted when the fraction of fuel in the 1% injection is increased.
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Figure 4.34 The plot of Homogeneity Factor for various timings of the 2™ injection.
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Figure 4.35 The effects of fuel fraction in the 1* injection on the HF for various timings of the

2" injection.

The influences of injection pressure on the HF at 5°CA ATDC are given in the Figure 4.36.
Under the current operation condition, significant improvement of mixing can be observed
when the injection pressure is elevated from a low value (70 MPa) to a medium high level (110
MPa). Though increasing injection pressure can always improve mixing quality, the same
amount increase of injection pressure does not contribute the same growth of the HF once the
injection pressure is beyond 110 MPa. With high injection pressure, the wall impingement is
aggravated due to the long spray penetration length. Therefore, when using high level of

injection pressure (150 MPa), the raise of HF is limited for the cases of early timing of the 2"
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injection since the fuel is injected under relatively low air densities and low air temperature.
Moreover, because of the constraint of space in the chamber in the cases with late timing of 2™

injection, the longer spray penetration is not favorable for enhancing the mixing of fuel and air.
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Figure 4.36 The effects of fuel injection pressure on the HF for various timings of the 2™

injection.

The influence of swirl ration on the HF is much smaller compared with those two former
injection parameters, as given in Figure 4.37. A transformation of the trend for the HF over
various 2™ injection timing is noticed when the timing of the 2™ injection is located at -15°CA
ATDC. With earlier 2" injection timing, the HF is promoted by increased swirl ratio. For the
cases with the 2" injection timing later than -15°CA ATDC, lower level of HF is observed with
higher swirl ratio. As discussed in section 4.1.6, excessive swirl ratio will impede mixing when
using relatively late 2" injection timing.
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Figure 4.37 The effects of swirl ratio on the HF for various timings of the 2" injection.
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4.2.3 The Characterization of Combustion and Emissions in PPCI Combustion

Based on the definition of HF and the quantitative analysis of mixing, the relations between
then characteristics of mixing and combustion or emission will be explored in this section. The
start of combustion (10% burn location), the central location of combustion (50% burn location)
and the fuel consumption (ISFC) is selected for monitoring the effect of HF on the combustion
phase and efficiency. Meanwhile, the variations of NO,, soot, CO and UHC with different HF
are checked to explore the relation between the quality of mixing and the emissions. The
expressions of these relations are studied for the possible method to realize the control of

combustion and emissions in PPCI combustion engine.

The trends of the start of combustion over the HF under various injection conditions and
intensity of in-cylinder air motion are given in Figure 4.38. In general, the 10% burn location is
advanced when higher HF is achieved at 5°CA ATDC. The trend line showing the correlation
between 10% burn location and the HF is created as Y10= 420exp(-8.2HF)-12, as shown in
Figure 4.38. Good following of this trend is observed until the HF reaches 0.65. The deviations
appear in the cases having larger fraction of fuel (50% or 80%) injected in the 1% injection (-40°
CA ATDC). Though, in the conventional diesel combustion, the start of combustion is
significantly dependent on the mixture distribution; for the combustion processes in highly
homogeneous condition, it cannot be considered majorly determined by the homogeneity of
mixture. As many researches showed, in the HCCI/PPCI combustion, the start of combustion is
determined by the temperature of mixture rather than the distribution of mixture or the timing of
injection [Zhao, 2007; Agrell et al., 2003].
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Figure 4.38 The effect of the HF on the 10% burn location under various operating conditions.

In this part, the 50% burn location is selected for evaluating the effect of HF on the combustion

phase location, and the results are given in Figure 4.39. Similar to the trend of 10% burn
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location, the 50% burn location is generally advanced when the HF increases. The trend line of
50% burn location with respect to the HF is given as Y50=2906exp(-11.3HF)-10 in Figure 4.39.
Better agreement can be seen for this trend when compared to the condition in Figure 4.38,
though some small deviations appear at high HF level. Although this correlation may be
different for different operating conditions and engine structures, this at least suggests that the
HF can be considered as a good parameter for the monitor of combustion phase location. And
for current analytical cases shown in Figure 4.39, the HF value of 0.5 is required to maintain

combustion phase location near TDC.
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Figure 4.39 The effect of the HF on the 50% burn location under various operating conditions.

When HF can be used as an appropriate control parameter for indicating the combustion phase,
its relation with the fuel consumption (ISFC) and emissions (NOy, soot, CO and UHC) is
another concern of this study. As shown in Figure 4.40, the trend of ISFC against HF shows that
higher HF can result in the reduction of fuel consumption under specified injection or
in-cylinder flow conditions. For varied proportion of fuel in the 1% injection, the trend line of
fuel consumption moves to upper right area with the increase of fuel amount injected during the
1" injection, as given in Figure 4.40 (a). This is actually explained by the fact that the
improvement of the air-fuel mixing will always be favourable for the complete combustion.
Though higher HF is achieved as expected when the larger proportion of fuel is in the early
injection, higher fuel consumption is observed due to the serious wall film, which cannot be
revealed by HF. Moreover, with increased fuel in the 1% injection, the relatively earlier location
of combustion phase (as shown in Figure 4.7 and 4.40) leads to deterioration of thermal

conversion efficiency. Hence, the trend line of fuel consumption moves to upper right area when
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using large part of early injection, although high HF is achieved. In Figure 4.40 (b), the
discrepancy between the trend lines of fuel consumption under specified injection pressure is
not significant, even the gap between highest and lowest injection pressure is up to 80 MPa. In
Figure 4.40 (c), the swirl ratio shows some influence in the trend of fuel consumption in parallel.
Therefore, it is possible to establish a generalized trend line of fuel consumption against HF for
varied injection pressure and swirl ratio. While for the varied proportion of fuel amount in the
1% injection, the trend line of fuel consumption cannot be generalized.
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Figure 4.40 The effect of the HF on the ISFC under various operating conditions.

In this study, higher HF will result in higher NO, emission, as shown in Figure 4.41. This can be
understood that higher HF will result in more complete combustion and higher combustion
temperature, and then leads to higher NO, emission. Though the fuel proportion in the 1%

injection shows some influence on the trend line of NO,-HF in parallel, the trends of all of these
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data are obviously similar. For different injection pressures or swirl ratio, the discrepancies in
trend are even less. Therefore, for NO, emission, the HF is possible to be considered as a
control parameter.
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Figure 4.41 The effect of the HF on the NO, under various operating conditions.

The relationship between the HF and soot emission is complicated, as given in Figure 4.42. The
peak value of soot emission appears at medium level of HF, while the lowest soot emission
appears at the high level of HF. It has to be noticed that at low HF level, about 0.44, a relatively
lower soot emission is achieved as unexpected. As state in section 4.1.2, this reduction of soot is
considered as the result of low in-cylinder temperature under incomplete combustion. As the
fuel amount in the 1* injection increases, the trend line of soot-HF shifts to the bottom-right
corner, as shown in Figure 4.42(a). Though the trend lines are parallel for varied fuel proportion

in the 1% injection, the discrepancies between lines are large. For varied injection pressure or
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swirl ratio, the curvatures of the trend line of soot-HF are different. The influence of swirl ratio
is more significant. Even though, the trends of all of these data are similar. A generalized trend

line of soot-HF can be summarized with some discrepancy.
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Figure 4.42 The effect of the HF on the soot under various operating conditions.

As expected, the CO emission decreases when the HF increases, as shown in Figure 4.43.
Similar to the view of Kook et al.[2006], under-mix is considered to be the major reason of CO
emission. Also, in Figure 4.43, the trends of CO against HF are similar when the injection
parameters or in-cylinder air motion are different. Therefore, the HF can be considered as a

control factor for the CO emission.
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Figure 4.43 The effect of the HF on the CO under various operating conditions.

For UHC emission, it normally decreases with higher HF, as given in Figure 4.44. However, the
trend line of UHC-HF moves to the up-right when increasing the fraction of fuel in the 1%
injection, as shown in Figure 4.44 (a). Referring to the trend of ISFC-HF shown in Figure 4.40
(a), this shift of the trend lines implies the fuel combustion efficiency decreases when increasing
the fuel proportion in the 1% injection, although the homogeneity of mixture is improved.
Moreover, the discrepancies between the trend lines of UHC-HF for different injection pressure

are large. Hereby, other parameters are need if trying to monitor the output of UHC.
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Figure 4.44 The effect of the HF on the UHC under various operating conditions.

4.3 Summary

This chapter numerically investigated the effects of operating parameters on combustion
performance and emissions in PPCI combustion with split-injection, in a high-speed
direct-injection diesel engine. The strategy of split-injection, including the 2" injection timing,
the fuel splitting proportion, the spray angle and the injection pressure, is examined primarily to
obtain comprehensive understanding about the characteristics of mixing and combustion in
PPCI combustion. Moreover, the impact of swirl ratio, EGR rate and boost pressure is examined
to develop the operating range of PPCI engine. Meantime, the Homogeneity Factor (HF) is
proposed for evaluating the quality of mixing and for quantitatively investigating the effects of
injection parameters and in-cylinder air motion on mixture formation. Also, the relations

between the quality of mixing and the characteristics of combustion and emissions are described
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quantitatively using this factor.

The following conclusions have been derived from the investigations in this chapter:

1.

The sweep of the 2™ injection timing shows that there is threshold of timing for a
certain operating condition. Once the 2™ injection timing is much advanced than it, the
engine operation is considered as PPCI diesel combustion; when the 2™ injection timing
is retarded after it, the engine is considered working under conventional diesel mode.
And the combustion duration is adopted to differentiate these two combustion mode of
diesel. Moreover, under PPCI combustion, relatively low NO, emission and soot
emission can be achieved simultaneously with acceptable level of CO and UHC output.
However, with the combustion phase far advanced to TDC, the thermal conversion
efficiency of PPCI combustion is deteriorated.

The more fuel injected in the 1% injection, the more homogeneous the mixture is. In this
study, the influence in NO, emission is not significant when adjusting the fuel
proportion in the 1% injection. Soot emission is successfully suppressed when increasing
the fraction of fuel in the 1% injection. As more fuel injected in the 1% injection, UHC
emission increases; while CO emission is reduced since the fuel-air mixing getting
improved.

For the diesel engine used in this study, narrow spray angle is not beneficial for both
combustion economic and emission control under PPCI combustion or conversional
diesel combustion mode.

The effects of injection pressure are not significant on most combustion characteristics
and emissions for PPCI diesel combustion, comparing to standard diesel combustion.
However, the start of ignition is advanced as the injection pressure rising, while the fuel
economic gets slightly improved.

The swirl ratio has significant influences on fuel economic and emissions, but it has
little effects on other combustion characteristics. High swirl ratio is favourable for
reducing ISFC, soot, CO and UHC under PPCI diesel combustion mode. In contrary, if
the combustion is majorly controlled by mixing only NO, emission decreases a little,
while fuel consumption and other emissions increase dramatically with enlarged swirl
ratio.

Both EGR rate and boost pressure have higher influence in the start of combustion
rather than in the combustion duration. For fuel consumption and emissions, the effects
of EGR rate are not significant until it reaches a certain level (50% in this study). When
operating under PPCI diesel combustion, fuel consumption and emissions are more
sensitive to the boost pressure.

The analysis of Homogeneity Factor (HF) quantitatively proves that, though the starts
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10.

of the combustion are varied, it can be prospected that the combustion processes in the
mixture of higher homogeneity when the 2™ injection is advanced.

When increasing the fuel proportion in the 1% injection, the adjustment of HF through
variable timing of the 2™ injection is not significant. High injection pressure is
beneficial for achieve high HF. Excessive swirl ratio will impede mixing when using
relatively late 2™ injection timing.

The correlation between 50% burn location and HF is apparent and it can be expressed
with a simple exponent function. This suggests that HF can be considered as a
parameter for the prediction of combustion phase location.

Accepted regressions can also be achieved for the relations between HF and
NO,/soot/CO. For fuel consumption and UHC, HF might not be the perfect parameter

and other parameters are need for monitoring.
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Chapter 5 Constituents of Exhausted Gas for Recirculation

For the application of EGR in PPCI diesel combustion, the studies are majorly about the overall
effects of EGR on combustion characteristics and the operating range of PPCI combustion [Park
and Bae, 2011; Horibe et al., 2009; Kiplimo et al., 2011]. The constituents of EGR are rarely
considered in the study about PPCI diesel combustion. In this study, the effects of these two
major constituents, i.e. CO, and water vapour, on combustion characteristics and emissions are
numerically investigated to explore the potential measures to improve emission output in PPCI
diesel combustion. The effects of EGR with different fraction of CO, or H,O are explored to
compare the influence of these two constituents. Moreover, the comparison is conducted under a
sweep of the 2" injection timing and EGR rate, in order to achieve understanding of the effects

of CO, and water vapor in EGR for different operation modes.
5.1 Test Methodology

In this chapter, the simulation is conducted for the engine with the same parameters of the
engine in Chapter 4 [Lee and Reitz, 2006]. The operating condition is mostly same with the
condition of baseline illustrated in Table 4.1, but with a lower speed of 1900 rpm and varied
EGR rate. External EGR is assumed to apply here. Then, all the simulations are conducted at the
inlet air temperature of 380K and a moderate level of boost pressure (0.6 bar) in order to ensure
the vaporization of water. To evaluate the effect of each constituent, one constituent is replaced
by other one proportionally by volume, as shown in Figure 5.1. It has to be noticed that Figure
5.1 just gives the schematics of the compositions for different EGR. The proportion of each area
doesn’t reveal the real fraction of each constituent. In fact, the other species has much larger
fraction than it is shown in the figure. The different EGR constitutions simulated in this chapter
and their abbreviation are given in Table 5.1, together with a simple introduction of operating
conditions for simulation. Another fact need to be concern is that the mass of EGR is varied
when the fraction of CO, over H,O changes since the replacement is taken by volume. The
sweep of the 2" injection timing and EGR rate are also conducted for different EGR
constitutions aiming to get further understanding about the effects of each constituent in

different combustion modes.
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Table 5.1 Operating conditions and EGR constitutions

Engine Speed 1900 rpm
Maximum Torque 100 Nm
Temperature at IVC 380 K
Boost Pressure 0.6 bar
The Fraction of Fuel in the 2" Injection | 80%

Start of the 1% Injection (SOI_1) -40°CAATDC

Start of the 2™ Injection (SOI_2)

-10°CAATDC (-20°~ -5°CAATDC)

Injection Pressure 110 MPa

Spray Included Angle 120°

Swirl Ratio 1.8

EGR Rate 40% (40 ~ 50%)

EGR constitutions and Abbreviation

Normal (Original EGR)

X%H,0_rp (x% of H,0 replaced by CO,)

X% CO,_rp (X% of CO; replaced by H,0)

Others

H,O
a) Normal

Figure 5.1 The EGR introduced into inlet air which is original: a) Normal; and 50% of water

Others

/IK

50%H,0

b) 50%H,0_rp

vapour has been replaced by CO,: b) 50%H,0 _rp
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5.2 The Effects of CO2 and Water Vapour in EGR
5.1.1 Combustion Process

For the methodology used in this study, the volume of inlet air and EGR keeps constant, and the
concentration of O, by volume isn’t affected by the EGR constitutions. Therefore, the EGR with
the constitutions listed in Table 5.1 should show similar dilution effect at a certain EGR rate. As
shown in Figure 5.2, when the CO, in EGR is completely replaced by H,O, the curve of heat
release rate moves forward. In contrary, the curve of heat release rate retards when the H,0O in
EGR is completely replaced by CO,. It is can be considered as the result of varied specific heat
of EGR with different compositions. According to Figure 5.3, CO, has much higher molar heat
capacity [Rogers and Mayhew, 1994]. Hence, lower in-cylinder temperature is expected when
H,O in EGR is replaced by CO,, as given in Figure 5.4. With the injection timing and EGR rate
used in this section, the combustion phases mainly locate after TDC. For the case where H,0 is
completely replace by CO,, the combustion occurs in the expansion stroke where the expanding
volume further cools the in-cylinder temperature. Therefore, in Figure 5.4, the trace of
in-cylinder temperature for the case using EGR with H,O replaced by CO, retards and

obviously decreases, comparing to the original case.
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Figure 5.2 In-cylinder pressure and heat release rate of the cases with different EGR

compositions
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Figure 5.4 In-cylinder temperatures for the cases with different EGR compositions

Figure 5.5 gives how the start of combustion changes when CO, or water vapour in EGR is
proportionally replace by other constituent. For CO, replacement, when the fraction increases
the start of combustion is advanced. For H,O replacement, the start of combustion retards as the
fraction of CO, increases. Since the combustion of the original case starts almost at TDC, the
starts of combustion for CO; replacement are all locate before TDC, while after TDC when H,0
is replaced. Therefore, larger ignition delay can be achieved through replacing H,O in EGR by

CO, of same volume owing to the higher specific heat. And the prolonged ignition delay allows
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more time for mixing. Moreover, the increase of ignition delay resulted by H,O replacement is
much larger than the reduction of ignition delay resulted by CO, replacement. It may be
considered that adding CO, has higher effect on the start of combustion than adding H,O of

same volume.
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Figure 5.5 The starts of combustion for the cases with different EGR compositions

The durations of combustion for the cases exploiting different EGR compositions are shown in
Figure 5.6. The durations of combustion, which are defined by the crank angles between the 10%
and the 90% location of the accumulated heat release rate, are shortened in the cases using EGR
of CO, replacement and H,O replacement comparing to the original case. The increased
in-cylinder temperature, which is resulted from the lower molar heat capacity of water vapour,
accelerates oxidation reaction for the cases using EGR of CO, replacement. And the shortening
of combustion duration is enlarged as the fraction of CO, replaced from EGR increases.
However, an increase of combustion duration is seen when the replacement of CO, increases
from 75% to 100%. Referring to Figure 5.5, the further shortened ignition delay leads to less
time for mixing. Hence, more fuel intends to be burned during the mix-controlled combustion
phase which normally has much slower combustion rate. When the replacement of CO, in EGR
increases from 75% to 100%, the acceleration of oxidation reaction by increased temperature
cannot compete with the slower combustion rate controlled by mixing, and increased
combustion duration is resulted. For H,O replacement cases, though the increased molar heat
capacity and the late combustion phasing in expansion stroke cools the temperature for
combustion, the enhanced mixing since the prolonged ignition delay results the shortening of
combustion duration. However, because the competition between the lower temperature and

enhanced mixing is complicated, the trend of combustion duration respected to the proportion of
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H.O replacement is not linear.

14
o
[
2.
g 13
i
2
g
=
[
0y
[}

12
g B HMormal
b
= —&—C02 1mp
[l

—8—Hi0 1mp
11 1 1 1
] 25 a0 T35 100

Persentage of EGE Constituent 1s Replaced (%%)

Figure 5.6 The durations of combustion for the cases with different EGR compositions

As stated in chapter 4, the 50% burn location is defined to represent the combustion phasing;
while the ISFC indicates the fuel economy. The ISFC against the combustion phasing is shown
in Figure 5.7 for the cases exploiting different EGR compositions. The combustion phasing is
advanced to TDC as the CO, in EGR gradually replaced by H,O owing to the decreased
molecular heat capacity and increased in-cylinder temperature. And the fuel consumption
increases with the advanced combustion phasing till 75% of CO, is replaced. When the CO; is
entirely by H,O, a considerable decrease of ISFC is observed with slightly advanced
combustion phasing. The increased proportion of fuel’s chemical energy released close to TDC
is considered to be reason of the better fuel economy [Keeler and Shayler, 2008]. Conversely,
increasing the fraction of H,O replacement results in retarded combustion phasing. Significant
increase in ISFC is detected when 25% H,O replacement is exploited. Despite of this, the ISFC
linearly increases with the retarded combustion phasing owing to the deteriorated thermal
conversion efficiency when increasing H,O replacement. Among the cases using EGR with
different compositions, the lowest ISFC appears when using 25% CO, replacement, which

locates at about 2.5°CAATDC and has slightly shorter combustion duration than original.
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5.1.2 Emissions

Though introducing EGR is the most feasible method to suppressing NO, emission of diesel
engine, the increases in soot out comes at the same time for conventional diesel combustion.
PPCI combustion is proposed as the strategy having the capability to simultaneously reduce
NOy and soot emissions. The PPCI diesel combustion is commonly implemented by introducing
high level EGR and specific injection strategy rather than changing the hardware of modern
HSDI diesel engine. Nevertheless, the penalty of fuel consumption and the increase of CO and
unburned hydrocarbon (UHC) emission come owing to reduced oxygen availability and
combustion temperature under high EGR rate. In this section, the trade-off between NO, and

other emissions, i.e. soot, CO and UHC is discussed. And the relation between NO, and fuel
consumption is illustrated in final.

In the previous studies about conventional diesel combustion, the trade-off between NO, and
soot emission is considered to be one major restraint for the optimization of diesel engine
[L&aro et al., 2002].In PPCI diesel combustion this trade-off still exists, but the outputs of NOy
and soot are usually simultaneously reduced to lower level comparing to the conventional
combustion [Park and Bae, 2011; Horibe et al., 2009; Kiplimo et al., 2011]. Figure 5.8 illustrates
the relation between NO, and soot when using EGR of different compositions. In general, EGR
with CO, replacement causes the trade-off of NO, and soot shifting to a high level; while EGR
with H,O replacement can suppress this trade-off to lower level. Since the dilution effects are

same for different EGR compositions according to the testing methodology discussed in section
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5.1, the differences in thermal effect is considered as the reason for the shifting of NOy -soot
trade-off. Because of the higher heat capacity, NO, emission decreases as the volume fraction of
CO; in EGR rising owing to the lower flame temperature. Meantime, the prolonged ignition
delay, as shown in Figure 5.5, allows more time for mixing and provides lower local
equivalence ratios when combustion starts. Also, as given in Figure 5.4, when the increase the
CO, fraction in EGR the in-cylinder temperature is lower since the combustion is retarded and
starts in the expansion stroke. Therefore, soot emission is suppressed due to the higher
homogeneity and lower combustion temperature. Overall, with same volume of EGR, the NOy

-soot trade-off can be improved if replacing the H,O in EGR by CO..
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Figure 5.8 The trade-offs of NO, and soot for the cases with different EGR compositions

The formation of CO is the consequence of incomplete combustion and generally considered
from two primary sources. Firstly, the under-mixing of fuel, which may results locally or
entirely lacking of oxygen for completing oxidation process, and leads to the generation of CO.
Secondly, low combustion temperature has been found to be the reason for high CO level in
lean region [Khan et al., 1973; Kim et al., 2008; Kook et al., 2006]. Both of these two reasons
may exist in PPCI combustion when using large amount of EGR to realize the demanded NOy
-soot trade-off. Figure 5.9 shows the trade-off between NO, and CO when using CO, or H,O
replacement in EGR. Lower level of CO is observed when the H,O in EGR is replaced by CO,,
though the combustion temperature is lower comparing to the cases of CO, replacement, as
shown in figure 5.4. Thus, the enhanced pre-combustion mixing due to longer ignition delay is
considered as the reason for the reduction of CO output. As mentioned in Figure 5.8, lower NOy
is achieved in the same cases owing to the reduced flame temperature. Conversely, the case

using EGR of CO, replacement results higher CO and NOy emissions than the original case
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because of higher combustion temperature and shorter ignition delay. Therefore, for the engine
and operating condition used in this study, replacing the H,O in EGR by CO, can improve the
trade-off between CO and NOy, though these two emissions behave in opposite measures with
EGR rate and temperature.
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Figure 5.9 The trade-offs of NO, and CO for the cases with different EGR compositions

For conventional diesel combustion, unburned hydrocarbons (UHC) are generally of very low
level since the engines working with excess air. However, as dilution level is increased to
suppress NOy output, UHC increases significantly because of the reduced oxygen availability in
PPCI combustion. Moreover, the lower combustion temperature, which is common in the high
diluted combustion, is not favourable for the oxidation of hydrocarbon. The responds of UHC
for different EGR compositions are given against NO,, as shown in Figure 5.10. With the same
dilution effect as discussed before, the NO, -UHC trade-off shifts to lower-left in the plot when
using EGR with H,0O replacement; while the NO, -UHC trade-off shifts to high-right area of the
plot when the CO, in EGR is replaced by H,O. Since large amount of EGR is exploited, the
UHC emission is majorly determined by the local equivalence ratio. Though the combustion
temperatures are lower in the cases using EGR of H,O replacement, the prolonged ignition
delay allows more time for mixing and provides lower local equivalence ratio. This eventually
results lower UHC emissions together with suppressed NO, emissions in the H,O replacement

cases.

Though the Figure 5.7 gives the ISFC for different EGR compositions against the combustion
phases, the trade-off between fuel consumption and NOy emission is illustrated in Figure 5.11
for the discussion about possible measures to achieve low NO, emission with acceptable

compromising of fuel economy. Unfortunately, no obviously improvement of ISFC can be
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detected when using EGR of CO, or H,O replacement. Only slightly decrease of ISFC can be
found when 25% and 50% of CO, in EGR is replaced by H,O, together with sacrifice of NO,
emission. As mentioned in section 5.1.1, the fuel consumption is related to the combustion
efficiency, combustion phasing and the combustion duration. Though, CO and UHC emission
can be reduced by replacing H,O in EGR by CO,, as shown in Figure 5.9 and 5.10, the fuel
consumption is not be improved because of the reduced thermal conversion efficiency since the
combustion phase is more retarded from TDC. Therefore, it is failed to achieve an improved

NOy -ISFC trade-off by varying the EGR composition.
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Figure 5.10 The trade-offs of NO, and UHC for the cases with different EGR compositions

250
B HNormal
248 -
ﬁ —&—CO02_1p ."
- |
) - 4
= 215 | HZ0_p |'I Wlore O,
= . | 1sreplaced
-, |
b 244 ¢ \ * -
i
2 More H,O Normal
= 247 1z replaced
240 ' ' '
035 DA 07 0z oo

MOz (g/fkg-fuel)
Figure 5.11 The trade-offs of NO, and ISFC for the cases with different EGR compositions



93

5.2 Conditional Sensibility

In order to gain further understanding about the effects of EGR compositions, parametric study
has been conducted in this section. Though the effects of CO, and water vapour in EGR have
been discussed in detail, the operating condition in section 5.2 cannot represent the responds of
typical PPCI diesel combustion since its long combustion duration and high soot output, as
shown in Figure 5.6 and 5.8. Meantime, the effects of EGR composition when using higher
diluted level are also need to be concerned. Thus, comparisons are conducted under the sweeps
of the 2" injection timing and EGR rate, in order to achieve understanding of the effects of CO,

and water vapor in EGR for different operating mode.
5.2.1 Sensibility to the 2" injection timing

As discussed in Chapter 4, the 2" injection timing is considered significantly influence the
combustion characteristics and emissions output of PPCI diesel combustion. It also has
summarized that the combustion mode can be determined by the 2™ injection timing. For further
estimating the effects of EGR composition, the condition using EGR with 100% CO, replaced,
EGR with 100% H,O replaced and the original EGR are simulated under the 2™ injection sweep
from -20°CAATDC to -5°CAATDC. Meanwhile, a lower temperature of inlet air as 360 K is

exploited to achieve prolonged ignition delay for PPCI combustion.

As shown in Figure 5.12, the start of combustion is linearly retarded as the 2" injection timing
moving towards TDC, while the EGR composition displays influences in parallel. With same 2™
injection timing and other conditions, advanced start of combustion is achieved when CO; in
EGR is replaced by H,O. Conversely, the EGR exploiting H,O replacement results prolonged
ignition delay. The discrepancy between CO, replacement case and H,O replacement case is
from 2 to 5 crank angles, and it increases as the 2™ injection timing retarding. As discussed
before, the variation of combustion start is considered result by the differences between the

thermal effect of water vapour and CO.,.

The effects of EGR composition in combustion duration are complicated, as given in Figure
5.13. For original case and the case exploiting EGR of CO, replacement, the combustion
durations do not keep increasing once the 2" injection timing is retarded after -15°CA ATDC.
The longest combustion duration for these cases is around 12 crank angles. However, the
combustion duration increases linearly as the 2™ injection timing retarded when the H,O in
EGR is replaced by CO,. Shorter combustion duration is detected in the H,O replacement case
when 2" injection timing is earlier than -10°CA ATDC. For these earlier 2" injection timings,
the enhanced mixing coming from prolonged ignition delay results shorter duration of
combustion when using EGR of H,O replacement. Meanwhile, because the starts of combustion

are retarded more closely to TDC for these H,O replacement cases, the conditions of higher
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in-cylinder pressure and temperature also promote the combustion rate. After this timing, the
combustion durations are longer in the cases exploiting EGR with H,O replacement, comparing
to the original cases and CO, replacement cases. When the 2" injection timing is after -10°CA
ATDC, the higher molar heat capacity and the late combustion phasing in expansion stroke lead
to cooler combustion temperature and lower combustion rate in H,O replacement case.
Referring to the discussions in chapter 4, when replace the H,O in EGR by CO,, the combustion

can be promoted in premixed combustion region.
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In Figure 5.14, the combustion durations for different EGR compositions are illustrated in two
stages, i.e. 10 to 50% burn duration and 50 to 90% duration. For each EGR composition, the 10
to 50% burn durations are varied slightly with the 2™ injection timing. It becomes slightly
shorter when using EGR of CO, replacement due to the higher combustion temperature.
Conversely, owing to the higher molar heat capacity of CO,, prolonged 10 to 50% burn
durations are observed since the reduce in-cylinder temperature when the H,O in EGR is
replaced by CO, of same volume. According to the discussion of Miles et al [2005] and LEE
[2006], the above characteristics imply that 10 to 50% burn sections are majorly under premixed
combustion region. The 50 to 90% burn durations for the cases using EGR of different
composition show similar trend to the entire combustion durations. Unlike the trends of 10 to 50%
burn duration, shorter 50 to 90% burn durations are observed in H,O replacement cases, when
the 2" injection timing is earlier than -10° CA ATDC. The prolonged ignition delay and
improved mixing before combustion are considered enlarge the premixed combustion part and
then shorten the durations of the late combustion stages in H,O replacement cases. For later 2™
injection timing, the combustion rates in 50 to 90% burn stages are suppressed in the H,O
replacement cases owing to the low combustion temperature and late combustion phase in

compression stroke.
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Figure 5.14 Detailed burn durations for the cases with different EGR compositions and varied

2" injection timing

For varied 2" injection timing, ISFC against combustion phasing is shown in Figure 5.15 for
the cases exploiting different EGR compositions. With similar shape, the EGR composition

influences the trends in parallel. When CO, in EGR is replaced by H,0, advanced combustion
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phase and reduced fuel consumption are observed due to the promoted combustion temperature
by lower molar heat capacity. For H,O replaced cases, the trend of ISFC against combustion
phasing shifts to upper right area comparing to the trend of original cases. The effects of EGR
composition on combustion phase location gets significant as the 2" injection timing retarded
forward TDC. However, the discrepancies of ISFC between cases using different EGR
compositions get large when the 2" injection timing is advanced. For the case with advanced 2™
injection timing, the deteriorated combustion efficiency is considered as the reason for higher
ISFC when using EGR of H,O replacement, because good thermal conversion efficiency is

expected since its combustion phase is close to TDC.

300
_ —M—HMorm al
Py 01 2nd s advanced
280 L \ ——100%C02_1p
—_ —8—100%H20_1p
=
=260 _
b \
]
= _—a -
- S s - __——'____
E 240 y :f-‘-r:_"__-——
220
EI:II:I 1 1 1 1
-5 1] 3 10 15 20

50% Burn Location (° CA ATDC)
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For different EGR compositions, the trade-offs of the NOy -soot are similar in trend for varied
2" injection timing, as shown in Figure 5.16. When the 2™ injection timing is far advanced
from TDC, higher NO, is detected owing to the higher combustion temperature and relatively
lower local equivalence ratio; while very low soot is observed since the mixing is improve due
to the prolonged ignition delay. As the 2" injection timing is retarded after -10°CA ATDC, soot
emission increases dramatically because of the poor mixing under this high dilution level; while
NO, is reduced to one third of the value for the case using the earliest 2™ injection timing. Over
the entire range of the 2™ injection timings, EGR with H,O replacement improves the trade-off
of NO, and soot to a lower level because of the suppressed combustion temperature and
enhanced pre-combustion mixing resulting from the increased molar heat capacity of the EGR.
Conversely, EGR with CO, replacement causes simultaneous increases of NOy and soot when

the 2™ injection timing and other parameters are same as the original case. The effects of EGR
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composition on NO, emission are of similar level for varied 2" injection timing. For soot
emission, the effects of EGR composition are more significant for the cases with relatively later

2" injection timing, whose soot emission is high due to the poor mixing. The best trade-off is

achieved in the H,O replacement case when the 2" injection timing is -15°CA ATDC.
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Figure 5.16 The trade-offs of NO, and soot for the cases with different EGR compositions and
varied 2" injection timing

For each EGR composition, the CO and NO, emissions respond in opposite ways with the 2"
injection timing, as shown in Figure 5.17. As discussed in chapter 4, the CO emission increases
as the 2" injection retarded because the time for mixing is reduced. Though the under-mix is
considered as the reason for high CO output, EGR with H,O replacement does not result lower
CO level comparing to the original EGR. Lower CO emission is achieved by using EGR with
CO; replacement, although shorter ignition delay is detected as given in Figure 5.12. According
to the conclusion of Khan et al. [1973] and Kook et al. [2006], low combustion temperature is
another reason for high CO output. Kim et al. [2008] also pointed out that high CO could be
detected even in the area of low equivalence rate when the temperature is between 800 K and
1400 K. Thus, the increased molar heat capacity in H,O replacement cases results in lower
combustion temperature and leads to higher CO output eventually. Unfortunately, the
improvement of the NO, -CO trade-off cannot be achieved by adjusting the EGR composition
because the increased combustion temperatures in the CO, replacement cases also promote the
formation of NO, output. The drop of CO output in the H,O replaced case with 2™ injection
timing at -5°CA ATDC is tend to be explained as the sufficient improvement of mixing, since

there are no evidences for elevated combustion temperature for its late combustion phase in
compression stroke.
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varied 2" injection timing

As given in Figure 5.18, though the unburned hydrocarbon also behaves reversed relation with
NO, emissions when varying the 2™ injection timing, the trade-off between NO, and UHC can
be improved by replacing the H,O in EGR by CO, of same volume. With the 2" injection
timing after -15°CA ATDC, the improvement is significant by the prolonged ignition delay and
enhanced mixing. For the earliest 2" injection timing, because the homogeneity of mixture is
already at a relatively high level in the original case, the effect of EGR composition on mixing
is less than the effect on combustion temperature. Therefore, the UHC is slightly lower in the
CO, replaced case when the 2" injection timing is advanced to -20° CA ATDC. The best
trade-off between NO, and soot is achieved in the H,O replacement case when the 2nd injection
timing is -15°CAATDC.

Figure 5.19 gives the ISFC for different EGR compositions against NO, emission with varied
2" injection timing. It is shown that adjusting EGR composition cannot achieve lower fuel
consumption without elevated NO, level. For earlier 2" injection timing, significant reduction
of NOy is achieved together with notable sacrifice of ISFC about 20 g/KW H when the H,O in
EGR is replaced by CO,. Referring to Figure 5.17 and 5.18, this significant increase of fuel
consumption is derived from the reduced oxidation of CO owing to low combustion temperature.
For the 2" injection timing later than -10°CA ATDC, NO suppression can be achieved by
using EGR of H,O replacement without obviously increase of fuel consumption, because the
unburned hydrocarbon is significantly reduced. Figure 5.17, Figure 5.18 and Figure 5.19
illustrate that the combustion efficiency is largely depended on the combustion temperature

when using early 2" injection timing where pre-combustion mixing is significant. The reduction
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of NO, with acceptable fuel economy penalty can only be realized by using EGR with H,O
replacement when the 2" injection timing close to TDC, where mix-control takes the major part

of combustion.
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Figure 5.18 The trade-offs of NO, and UHC for the cases with different EGR compositions and

varied 2" injection timing
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5.2.2 Sensibility to EGR Rate

For PPCI combustion, very high EGR rate is required to realizing the sufficiently prolonged
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ignition delay and lower combustion temperature [Park and Bae, 2011]. Thus, the overall
equivalence ratio in PPCI combustion is richer than that in conventional diesel combustion.
Theoretically, according to the equivalence-temperature map introduced by Kamimoto and Bae
[1988], intensively high EGR rate can be applied in PPCI combustion if it can be confined
outside the NOy -soot formation islands by suppressing the combustion temperature. The study
of Akihama et al. [2001] showed that simultaneous avoidances of NOy and soot were possible
when the combustion temperature was suppressed by using EGR rate of 60%. Jacobs et al.
[2005] demonstrated their automotive diesel engine running under PPCI combustion region with
the overall equivalence ratio of 1.16. However, low operating load and high fuel economy
sacrifice were also come up in these studies. In this section, the study about the effects of EGR
composition is extended to two higher EGR level, i.e. 45% and 50%. The aiming is to find

possible measures to achieve moderate fuel economic penalty under high diluted conditions.

The operating conditions for simulations are mostly same to that given in section 5.1, but with
intake air of lower temperature, i.e. 360 K. Also, as mentioned above, the study is conducted
under three EGR rates, which are 40%, 45% and 50%. They refer to three diluted levels whose
equivalence ratios are 0.72, 0.81 and 0.95, respectively. With certain EGR rate, four cases with
EGR constituent replacement (50% CO, / H,O replacement, 100% CO, / H,O replacement) and
one original case are simulated for investigation. As stated in the studies of Ladommatos et al.
[1996; 1997], the dilution effects was the most significant factor that influence the combustion
characteristics. Accordingly, Figure 5.20 shows that the start of combustion is almost linearly
retarded as the EGR rate is increased for each EGR composition. However, the contribution of
the increased thermal effect cannot be neglected. Since CO, has higher thermal effect than H,O
of same volume, much steeper trend of the combustion start against EGR rate is observed as the
fraction of CO, in EGR increases. When the CO, in EGR is completely replaced by H,0, the
difference of combustion starts between the highest EGR case and Lowest EGR case is about 1
crank angle. For the 100% H,O replaced case, the difference of combustion starts is almost 3
crank angles. Meantime, the increased molar heat capacity results in prolonged ignition delay
with same EGR rate when the H,0 in EGR is replace by CO, of same volume. As the EGR level
is elevated, the increase of ignition delay is enhanced since the actual inlet charge specific heat
is increased. It means, with same dilution level, the ignition delay can be adjusted for 3 to 4
crank angles by varied EGR compositions. With EGR level of 50%, a shortening of ignition
delay is observed when the replacement of H,O is increased to 100%. Actually, the accumulated
heat release at its 10% burn location is much lower than in other cases because of incomplete
combustion which will discusses bellow. For same level of accumulated heat release, its
combustion start should be adjusted to around 7.5°CAATDC.

The effects of EGR composition on combustion duration are given under three EGR levels, as
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shown in Figure 5.21. In the original case, the duration of combustion is shortened slightly
when the EGR rate is increased from 40% to 45%. When the EGR rate is further increased to
50%, though the combustion duration is prolonged, it’s shorter than that in 40% EGR case. It
reveals that the combustion rate is accelerated owing to the enhanced pre-combustion mixing by
prolonging ignition delay, though the reduced oxygen availability and higher specific heat
capacity is resulted by elevated EGR rate. Similar trend of combustion duration respecting to
EGR rate is observed in 50% CO, replaced case. When the CO; is completely replaced by H,0,
higher combustion temperature is implied due to the decreased heat capacity. In this case,
combustion duration decreases linearly with the increased dilution level. For H,O replacement
case, the combustion duration is prolonged excessively when using higher EGR rate because of
its thermal effect. With 50% EGR rate, 100% H,O replacement results a significant long
combustion duration about 40 crank angle. It implies excessively low combustion temperature,

low heat release rate and low thermal conversion efficiency.
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The fuel consumptions are given against the combustion phase locations for different EGR
compositions of three EGR rates, as shown in Figure 5.22. The effects of EGR rate and EGR
composition on combustion phase location are similar to the conditions of combustion starts.
Increased EGR rate results retarded combustion phase location; while the retardation is
enhanced as the fraction of CO, in EGR is increased. Extremely retarded combustion phase is
observed for EGR rate of 50%, when using 100% H,O replacement, because its slow
combustion rate owing to the very low combustion temperature. Though the combustion phase
location gets more unfavorable for thermal conversion efficiency as the CO, fraction increases,
low fuel consumptions are achieved in the case using 45% EGR rate with 50% H,O replaced,
and 50% EGR rate with 100% H,O replaced. For relatively low dilution level of 40% EGR rate,
fuel consumption can be improved by replacing CO; in EGR by H,O. As mention before, the
combustion efficiency is signification deteriorated when using 100% H,O replacement at 50%
EGR rate. In this highly diluted combustion, excessively reduced combustion temperature
resulted by higher heat capacity and the cooling effect of combustion chamber volume
expansion is considered as the reason for this poor combustion. Therefore, massive emissions

from incomplete combustion are expected in this case.
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Figure 5.22 The ISFC respects to the combustion phase location for the cases with different

EGR compositions of three EGR rates

As shown in Figure 5.23, the effects of EGR rate on the trade-offs between NO, and soot are
similar for different EGR compositions. When the EGR rate is increased from 40% to 45%, the
NO, emission is reduced significantly with the expense of slightly increased soot output. As the
EGR rate further increased to 50%, simultaneously reduce of soot and NO, is achieved.
Meantime, the trade-off of NO, and soot is shifted to lower level by using EGR of H,O
replacement. Referring to Figure 5.22, at EGR rate of 40%, around 30% reduction of NOy and
50% reduction of soot are achieved by completely replacing the H,O in EGR by CO,, with only
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small penalty in fuel consumption. Although near zero NO and soot is observed in 50% EGR
case with 100% H,O replacement, the dramatically high ISFC makes this case unacceptable.
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Figure 5.23 The effect of EGR composition on the trade-offs of NO, and soot at three EGR rates

Figure 5.24, 5.25 and 5.26 give the trades-off of NO, -CO, NOy -UHC and NOy -ISFC with
varied EGR rate of different EGR compositions, respectively. The three trade-offs are similar
since they all reveals the level of combustion completion. Higher dilution level always results
reduced NO, emission together with expense of increased incomplete combustion products or
fuel consumption. By replacing the H,O in EGR with CO,, the trade-off can be shifted to lower
level. Therefore, under same dilution level, the combustion completion level can be improved
by increase the thermal effects of EGR, because the pre-combustion mixing is enhance by
prolonged ignition delay owing to the higher heat capacity. However, with extremely high
dilution which formatting near stoichiometric mixture, EGR of high heat capacity may result
excessively low combustion temperature and seriously incomplete combustion. Therefore, high

level outputs of CO and UHC are also detected in this case.
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5.3 Summary

In this study, the effects of the two major constituents, i.e. CO, and water vapor, on combustion
characteristics and emissions are numerically investigated. The effects of EGR with different
fraction of CO, or H,O are explored to compare the influence of these two constituents.
Moreover, the parametric study is conducted under a sweep of the 2" injection timing and EGR

rate, in order to achieve understanding of the effects of CO, and water vapor in EGR at different

operating modes.
The following conclusions have been derived from the investigations in this chapter:

1. Because of the higher molar heat capacity of CO,, the start of combustion and

combustion phase location are always retarded as the fraction of CO;, in EGR is
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increased. And a reduction of combustion temperature is detected. The effect of EGR
composition on combustion duration is complicated because the combustion rate is
determined by both mixing quality and combustion temperature. Though higher CO,
fraction in EGR can result in prolonged ignition delay, the combustion rate may be
suppressed by the reduced combustion temperature. Improved fuel consumption can be
achieved by adjusting the EGR composition, but the parameter should be selected
carefully according to the characteristics of combustion.

The trade-off between NO, and soot can be improved by using EGR where the H,O is
replaced by CO, owing to the further reduced combustion temperature and enhance
pre-combustion mixing. Accordingly, as the proportion of replacement increasing, the
improvement becomes more significant. CO emission is not simply reduced by any
constituent replacement unless the mixing enhancement is much more significant than
the effect of reduced combustion temperature. Unburned hydrocarbon is reduced by
H,O replacement since the prolonged ignition delay intensified the mixing. Improved
NO,-ISFC trade-off is failed to achieve in this study because of the deteriorated thermal
conversion efficiency due to poor combustion phasing.

For relatively early 2™ injection timing, shortening of combustion duration can be
achieved by H,O replacement because the low-rate mix-controlled combustion region
shrinks owing to the prolonged ignition delay. For late 2™ injection timing, combustion
rate is majorly determined by temperature. Thus, longer combustion durations are
detected as the higher heat capacities in the H,O replacement cases. Significant increase
of fuel consumption is observed when the H,O in EGR is replaced by CO, in typical
PPCI combustion region. The deteriorated combustion efficiency owing to reduced
combustion temperature is considered to be the reason.

The trade-off of NOy -soot and the trade-off of NO, -UHC are improved by using CO,
replacing the H,O in EGR. The improvement is significant when using relatively late
2nd injection timing, where the combustion is majorly controlled by mixing. The best
trade-off of NOy and soot is achieved in the H,O replacement case when the 2nd
injection timing is -15°CA ATDC. The improvement of NO, -CO trade-off is failed to
achieve because the oxidation of CO requires higher combustion temperature.

For higher dilution level, the effects of EGR composition are enhanced. However, with
extremely high dilution which formatting near stoichiometric mixture, EGR of high heat
capacity may result in excessively low combustion temperature and seriously

incomplete combustion.
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Chapter 6 Operating Limits and Optimization of Thermal

Conversion Efficiency in PPCI Combustion

The operating limit is one of the major concerns for the implementation of PPCI diesel
combustion. In the meantime, plenty of studies have shown that one of the most important
barriers for implementing PPCI in real car engine is its penalty in the fuel conversion efficiency
because the combustion phase often locates away from the TDC since early or retarded injection
timing is usually adopted. In this chapter, the speed range and load range for the PPCI diesel
combustion using split injection are investigated. Based on the results of speed and load sweep,
controlling method for adjusting the location of combustion phase is explored. Instead of
varying the injection strategy, EGR rate and intake temperature are selected as the parameters to
be adjusted for desired combustion location. With certain combination of EGR rate and intake
temperature for adjusting combustion phase, the in-cylinder condition may not be perfect for
realizing PPCI combustion and result in enlarged proportion of mixing-control combustion. To
evaluate the degree of premixed combustion, the definition of Premixed Ratio (PR) is proposed
in the last section of this chapter. Meantime, the relations between premixed ratio and fuel

consumption or emissions are discussed.
6.1 Speed Transition

Firstly, the investigation about speed range is conducted at constant load in this section. As
mentioned in the study of Lewander et al. [2009], the time for mixing is reduced when the speed
increases. For same injection timing, injection pressure and fuel amount, the injection duration
covers more crank angle, and the end of injection moves closer to TDC when increasing engine
speed. These lead to different in-cylinder environment during injection and further affect the
combustion process. Here, the effects of engine speed on combustion characteristics and
emissions are discussed. Following, the EGR rate and intake temperature are adjusted to

maintain the location of combustion phase at TDC.
6.1.1 Operating Conditions

The computational study in this section is conducted on the single cylinder HSDI diesel engine
of same parameters as the one introduced in Chapter 4. The details of this engine are listed in
Table 4.1.

The investigation on the speed limit is conducted by a sweep of speed at fix fuelling. The
fuelling rate is 23 mg per cycle which can achieve maximum torque output around 100 N m.
The lowest speed is set to be 1500 rpm, and the engine speed is gradually increased to 2500 rpm

with an interval of 200 rpm. The injection pressure is selected to be 110 MPa since it shows
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overall advantages in all responses as discussed in Chapter 4. For split-injection strategy, both
the 1% and 2™ injection timing are fixed, i.e. at - 40°CA ATDC and -15°CA ATDC, respectively.
And 20% of the total fuel is injected in the 1% injection, while 80% in the 2" injection. Initially,
the moderate high level EGR rate of 40% is adopted with the intake air temperature of 380 K,
which maintains the combustion phase location at TDC for the base case with speed of 1900
rpm. When adjusting the combustion phase location of another cases, the EGR rate and intake
air temperature are varied. The detailed operating conditions for the speed tests are summarized
in Table 6.1.

Table 6.1 The operating conditions for speed tests

Engine Speed 1500 ~2500 rpm (interval=200 rpm)

Maximum Torque 100 N m
Boost Pressure 0.60 bar
The Fraction of Fuel in the 2™ Injection 80%

Injection timing

-40°CAATDC (1%), -15°CAATDC (2")

Injection Pressure

110 MPa

Spray Included Angle

120°

Temperature at IVC

380 K (varied for adjustment)

EGR Rate 40% (varied for adjustment)

6.1.2 Speed Sweep

According to the operating conditions given in section 6.1.1, the overall equivalence ratio is
constant during the speed sweep. Though the injection strategy and fuelling rate are also same,
the developments of spray are different for varied engine speed. As speed increases, each crank
angle covers shorter period in time domain. Therefore, since the injection duration takes same
period in time domain, it increases in crank angle as the engine speeds up. For higher engine
speed, larger piston moving distance and higher in-cylinder pressure and temperature in average
are expected during injection. According to these factors, the ignition delay will shorten in time
domain when engine speed increases. However, retardation in combustion phase is observed
with increasing engine speed, as shown in Figure 6.1. Figure 6.2 gives the 10% burn locations

(defined as start of combustion) and the ignition delays in time domain for different engine
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speeds. The ignition delay decreases of about 0.15 ms from 1500 rpm to 2500 rpm. Meantime,
the start of combustion retarded linearly respected to increased engine speed. Therefore, the
time for mixing is less, and the combustion intends to take place in smaller chamber of higher

pressure and temperature.
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Figure 6.1 In-cylinder pressures and heat release rates at several different engine speeds
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Figure 6.2 The starts of combustion and ignition delays at several different engine speeds

The peak pressures decreases slightly as engine speed increases, as shown in Figure 6.1. The
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curve of pressure during combustion covers smaller range of crank angel for higher engine
speed. This implies higher thermal conversion efficiency because the combustion conducts with
smaller change of in-cylinder volume. When given in joule per crank angle, the heat release rate
decreases, and its curve during combustion covers more crank angles as engine speed increasing.
In the fact, because crank angle changes corresponding to a shorter period in time domain as
engine speed increasing, the heat release rate is greater if plotted in J/ms for increased engine
speed. For the same reason, the duration of heat release is shorter in time domain for higher
speed. In average, the period covered by each crank angle decreases 40% as engine speed
increasing from 1500 rpm to 2500 rpm. However, the reduction in peak heat release rate is
around 30%, as shown in Figure 6.1. Therefore, more intensive heat release is expected for

higher speed engine if the plot is given in J/ms.

The fuel consumptions for different engine speeds against combustion phase locations are
shown in Figure 6.3. Generally, increased engine speed results in retarded combustion phase and
decreased ISFC. As discussed above, the more intensive heat release is considered to be one of
the major reasons for improved fuel economy at high engine speed. Though shorted ignition
delay is shown in time domain, the process of injection is closer to TDC as engine speed
increase. Therefore, the bulk-air has higher temperature which is beneficial for mixing and fuel
evaporation. Also, enhance in-cylinder air motion coming from the accelerated piston speed
improves the fuel-air mixing. As the combustion retards, the increased in-cylinder pressure
improves combustion efficiency. Referring to Figure 6.1, higher thermal conversion efficiency
is expected to further reduce the fuel consumption, because the combustion for higher engine

speed processes under smaller change of in-cylinder volume.
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110

Figure 6.4 illustrates the effect of engine speed on NOy and soot emissions. Tranditional
trade-off bewteen NO, and soot is observed as engine speed increase. The NO, emission
decreases and the soot emission increases with engine speed. According to Figure 6.2, the
decreased ignition delay in time domain leads to less time for mixing before ignition with
increased engine speed. Moreover, the injection duration increases with engine speed, and the
end of injection is closer to TDC. Thus, the injection takes place in a smaller volume which
hinders the difussion of spray. The reduction of NO, emission is detedted as the leaner area
lessens with engine speed. The increased local equivalence ratio and together with the relatively
higher in-cylinder temperature in average is respondsible for the increase of soot formation.
Additionally, Keeler and Shayler [2008] considers that the shortened time period of reaction
results decreased time for soot oxidation with increasing engine speed. As shown in Figure 6.5,
the peak value of soot is only slightly higher at 1700 rpm and 2500 rpm, comparing to that at
1500 rpm. At 1900 rpm, 2100 rpm and 2300 rpm, the peak soot is even lower. However, the
oxidation rate decreases significantly as the engine speed increases. And higher output of soot is

eventually resulted due to the reduced oxidation rate with increased engine speed.
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Figure 6.4 Effects of engine speed on NO, and soot emissions

As shown in Figure 6.6, both CO and unburned hydrocarbon (UHC) increase with engine speed.
The increasing of emission is almost 100% for CO and 40% for UHC when engine speed
increases from 1500 rpm to 2500 rpm. With the significant increases of these two incomplete
combustion emissions, reduced combustion efficiency is predicted, which is in contrary with the
results shown in Figure 6.3. The decreased time for mixing in time domain is considered as the
reason for the increases of CO and UHC. Similar to the formation of soot, the reduced time for

oxidation is another reason for the increase in CO emission when engine speed increases. For
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UHC emission, here only the fuel in cylinder is taken in count, while the fuel adhering to wall is
not considered. In fact, because the injection takes place during more crank angles and in
relatively higher in-cylinder temperature at higher engine speed, the fuel on cylinder wall is
much less. This also explains why significant deterioration in fuel economic is not observed at

high engine speed.
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6.1.3 Optimization for Speed Transition

Plenty of studies have shown that one of the most primary barriers for implementing PPCI in
real car engine is the penalty in thermal conversion efficiency. Lee et al. [2006] shows that the
thermal conversion efficiency is mostly determined by the location of combustion phase. They
also show that slightly improvement of fuel consumption can be achieved by phasing
optimization. Usually, TDC is considered to be the thermodynamically efficient location for
combustion [Keeler and Shayler, 2008]. In this study, 50% burn location is adopted as the
indicator of combustion phase. For this indicator, TDC is suitable for the optimal location.
Normally, injection strategy is the most effective and commonly used method for adjusting
combustion phase location. However, the combustion mode is also highly sensitive to injection
strategy. For the PPCI diesel combustion achieved by early injection, the location of combustion
is usually advanced from the TDC. If retarding the injection timing to delay the combustion,
significant improvement in fuel consumption may not be realized since the combustion is likely
to process under mix-controlled combustion [Lee, 2006]. Therefore, intake temperature and
EGR rate are selected to be the factors to optimize the combustion phasing. The intake
temperature influences the combustion phase location by adjusting the in-cylinder temperature
which determines the timing for ignition. The EGR rate directly affects the global equivalence
ratio and the heat capacity of mixture in cylinder, and further influences the ignition timing and

combustion rate.

Table 6.2 gives the parameters for the adjustment of combustion location. The initial 50% burn
location is resulted from the sweep of engine speed, as plotted in Figure 6.3. The combustion
locates before TDC until the engine speed up to 2100 rpm. Thus, retarding combustion is the
major object for these cases. By decreasing the intake temperature, it is possible to delay
ignition. However, the combustion location is not very sensitive to the intake temperature. At
1500 rpm, about 70 K reduction is required to adjust the combustion location at TDC. Though
increase intake air flow accompanies the reduced intake temperature, the reduced equivalence
ratio does not improve the combustion efficiency because the excessively low temperature
results serious wall film and reduced oxidation rate of CO. Then increased EGR rate is adopted
to retard combustion phase location. For the engine speed higher than 2100 rpm, the original
locations of combustion phases are retarded from TDC. Although increasing intake temperature
may shorten the ignition delay, it also leads to reduced intake air flow. Consequently, the
penalties in combustion efficiency and soot formation get serious due to the increased
equivalence ratio. Therefore, the combustion phase locations are moved up by reducing the
EGR rate. After the adjustment, with constant fuelling rate, the equivalence ratio decreases with

engine speed.
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Table 6.2 Parameters for adjusting combustion phase location at different engine speeds

Speed | Intake temperature | EGR rate Initial 50% burn location | Equivalence ratio
(rpm) (K) (%) (SCAATDC)

1500 370 45 -2.46 0.853

1700 380 42 -1.28 0.823

1900 380 40 -0.25 0.785

2100 380 40 0.65 0.785

2300 380 35 2.05 0.711

2500 380 25 2.92 0.618

The thermal conversion efficiency represents the fraction of thermal energy that converses to
mechanical work. As shown in Figure 6.7, for the original sweep of engine speed, no significant
variations are observed in thermal conversion efficiencies which range from 44% to 45%. In
fact, the thermal conversion efficiencies are less than real because the simulations are conducted
between the IVVC till the exhaust valves opening. Therefore, more than 44% of thermal energy is
converted into mechanical work for these cases. Minor increase of thermal conversion
efficiency can be found with increased engine speed, which is about 0.5% for the combustion
phase location range from - 2.46 ©ATDC to 2.92 9ATDC.
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After the optimization of combustion phase location, the improvements in thermal conversion
efficiency are not that efficient as expected. About 1% in improvement is detected at 1500 rpm,
whose combustion location is retarded for about 2.4 crank angles. 1% and 1.5% decreases in
thermal conversion efficiency are shown at 2300 rpm and 2500 rpm respectively after
advancing their combustion phase locations. According Figure 6.8, the combustion duration is
increased for about 20% after adjustment at 2500 rpm. This means less heat is released closer to
TDC as expected. Therefore, the extended combustion duration deteriorates the gain from

optimal combustion phase location.
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Figure 6.8 Combustion durations at different speeds for original engine speed sweep and after
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Besides the thermal conversion efficiency, the influences of optimizing combustion phase
location on fuel consumption and emissions are important for investigation. The fuel
combustion can represent the overall efficiency of engine operation. Figure 6.9 gives the ISFC
at different speeds after the optimization of combustion phase location. Unfortunately, the
variations of fuel consumption from original cases show inverse responds of thermal conversion
efficiency. Therefore, the efficiency which represents the fraction of fuel energy converted to
thermal energy need to be discussed. The heat rejection efficiency is the sum of combustion
efficiency and heat loss efficiency. It represents the quantity and quality of the thermal energy
released. As shown in Figure 6.10, no significant variations of heat rejection efficiency are
observed for the original sweep of engine speed. And the largest variation is about 1.5%.
Referring to Figure 6.7, small variations in both heat rejection efficiency and thermal
conversion efficiency result the small changes in fuel consumption in the original sweep of
engine speed, as shown in Figure 6.3. During the adjustment, the increased EGR rates lead to

the reduction of heat rejection efficiency at 1500 rpm and 1700 rpm. The decreased combustion
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efficiency due to increased equivalence ratio and reduced combustion temperature is deemed to
responsible for it. Conversely, improved heat rejection efficiencies are achieved by reducing
EGR rates at 2300 rpm and 2500 rpm. Therefore, the larger changes in heat rejection efficiency

determine the trend of variations in fuel consumption.
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Figure 6.11 to Figure 6.14 give the major emission at different speeds after the optimization of
combustion phase location. Because NO, emission is highly sensitive to the oxygen availability,
the reduced EGR rates result significant increase of NO, at 2300rpm and 2500 rpm, as shown in
Figure 6.11. Therefore, NO, emission constrains the optimization of combustion phase location
with varied engine speed. Soot emission is reduced no matter the combustion phase is advanced

or retarded during the optimization, as given in Figure 6.12. Increased EGR rate suppresses soot
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formation by lowing combustion temperature, while reduced EGR rate achieves soot reduction
by increase oxygen availability. The trends of CO emission and UHC emission are similar to
that of ISFC, as shown in Figure 6.13, Figure 6.14 and Figure 6.9, respectively. The combustion
efficiency is determined on the formation of these products of incomplete combustion, which
are highly sensitive to EGR rate. Therefore, the optimization of combustion phase location is
constrained by NO, formation and combustion efficiency.
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6.2 Load Transition

Because the application of high level EGR, the engine load is limited for PPCI diesel
combustion due to the relatively lower combustion temperature and the reduced oxygen
availability. Although PPCI combustion can realize rich combustion with simultaneously
reduced NOy and soot emission by restricting the temperature inside fuel jet, the fuelling rate is

still suppressed [Friedrich et al., 2006]. Therefore, the studies about PPCI combustion are
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mostly conducted under part load. The study of Lewander et al. [2009] has proved that the PPCI
operating range is limited by the emission criteria. In their study, 30% of maximum load as
conventional combustion at low speed and 21% of maximum load as conventional combustion
at high speed are achieved in PPCI diesel combustion. More importantly, they show that
reducing EGR temperature can enlarge the operating range significantly. In this section, the
effects of engine load on combustion characteristics and emissions are discussed. Similar to the
study of speed limit, the EGR rate and intake temperature are adjusted to maintain the location
of combustion phase at TDC for different engine loads.

6.2.1 Operating Conditions

For the numerical study of engine load, most of the operating conditions are similar to those
listed in the Table 6.1 but with varied fuelling rates. Besides the standard load level of 100 N m,
both lower load and higher load output are intended to consider. However, With same intake
temperature and EGR rate listed in the Table 6.1, the equivalence ratio of the case will over 1
once the load is higher than 120 N m. Large fraction of unburned fuel and significant low
combustion efficiency will come out in the cases with load higher than 120 N . Therefore,
only three levels of load, i.e. 50 Nm, 75 Nm and 100 N i, are studied during the sweep of
load. The cases with higher level of load, i.e. 125 N i and 150 N m, will be investigated in the
section of the optimization for load. All of these engine loads will be studied at three typical
engine speeds, which are 1500 rpm, 1900 rpm and 2500 rpm, represent low speed, moderately
high speed and excessively high speed. The injection strategy is kept same as that given in Table
6.1, but the fuel amounts in the 1% injection and 2™ injection are different for varied engine
loads. With same injection pressure and similar in-cylinder environment, the injection duration
increases with engine load. High level EGR is maintained in order to achieve long ignition

delay and low combustion temperature.
6.2.2 Load Sweep

The in-cylinder pressures and heat release rates for increased fuelling rate at 1900 rpm are
illustrated in Figure 6.15. Retarded combustion is observed as the fuelling rate increases.
Though more fuel is injected in both 1% injection and 2" injection, the enriched mixture does
not accelerate the oxidation reaction. The increased fuel absorbs more heat during evaporation
and leads to decrease of in-cylinder temperature which eventually results delaying of ignition.
The pressure increases with load since more heat is released during combustion and the location

of combustion is much closer to the TDC.
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Figure 6.15 In-cylinder pressures and heat release rates for several different engine loads at
1900 rpm

At current operating conditions, fuel consumption increases monotonically with engine load,
while combustion phase location retards simultaneously, as shown in Figure 6.16. The
incomplete combustion due to rich equivalence ratio causes the significant deterioration in fuel
consumption. Although the bulk-gas temperature is higher when more energy released with
increased fuelling rate, the benefit for enhancing the oxidations of HC and CO is compensated
by the reduced oxygen availability with increased equivalence ratio. Moreover, increased heat
loss to cylinder walls and residual heat in exhaust gas due to higher in-cylinder temperature
decreases the heat loss efficiency and further increases fuel consumption. Furthermore, the
extended combustion duration causes reduction in thermal conversion efficiency due to the
expanded variation of combustion volume [Fang et al., 2006]. As fuelling rate increases, lower
bulk-air temperature after injection delays the combustion phase. The extended combustion
duration also make the 50% burn location retarded. As engine speed increases, the relation
between fuel consumption and combustion phase location with engine load does not change but
translates in the plot. As discussed in previous section, the engine speed has small effect on fuel
consumption. Its influence in combustion phase location is more obvious and translates the
trend of fuel consumption against combustion phase location with engine load for about 4 crank
angles (1500 rpm to 2500 rpm).

The trade-off between NO, and soot with increased engine load is illustrated in Figure 6.17.
Though greater heat release from increased fuelling leads to higher combustion temperature and
maintains the condition of higher temperature for longer time, NOy emission decrease with

engine load. Therefore, higher local equivalence ratio due to the insufficient mixing for
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increased fueling amount is considered responsible for suppressing NOy formation. Conversely,
the increased engine load results signification increasing of soot emission due to the reduced
oxygen availability. The severity of soot increase depends on engine speed. At lower engine
speed, the trend of NOy-soot trade-off with increased engine load is more flat. The margin of
soot increase is significantly smaller than the margin of NO, decrease when the engine load
increases from 50 N to 100 Nim at 1500 rpm. As engine speed increases to 2500, the
reduction in NO, emission is accompanied with larger margin of soot increasing with increased
engine load. Moreover, the trade-off of NO, and soot shifts up with increased engine speed.

Therefore, the trade-off between NO, and soot becomes a more serious issue at high speed.
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As shown in Figure 6.18 and Figure 6.19, the increased CO and UHC emissions reflect
deteriorated combustion efficiency with increased engine load. These two emissions from
incomplete combustion show similar trend with engine load. When the load is increased from
50 N m to 75 N i, no manifested increases in CO and UHC are observed at any engine speed.
Even slightly decrease in CO emission is detected at low engine speed. At 75 N i, the overall
equivalence ratio is about 0.52, which is still considered as “very lean” condition. The reduction
in oxygen availability acts no significant influence on oxidation rate. The higher in-cylinder
temperature resulted from increased fuel energy improves the completion of combustion at
higher engine load. When engine load increases further to 100 N i, massively increases are
observed in both CO and UHC emissions. The studies of Keeler [2008] and Lee et al. [2006]
also show that 0.75 is a threshold equivalence ratio. Once the actual equivalence ratio is over
that, fuel consumption begins to deteriorate because the mixture is too rich to sustain complete
combustion, and CO and UHC increase dramatically. Therefore, the higher fuel consumption at
high engine load is mostly from the incomplete combustion under higher equivalence ratio. The
trend of CO emission with engine load is much more sensitive to engine speed than UHC. This
also proves that reduce time for oxidation is the major reason causing increased CO emission at

higher engine speed.
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6.2.3 Optimization for Load Transition

Table 6.3 gives the parameters for the adjustment of combustion location for different engine
loads at 1500 rpm, 1900 rpm and 2500 rpm. The initial 50% burn location is resulted from the
sweep of engine loads, as plotted in Figure 6.16. At low engine speed, the combustion locations
are mostly advanced from TDC and get retarded with engine load, as shown in Table 6.3 (a).
While combustion phase locations are observed retarded to expansion stroke with increased
engine loads at 2500 rpm. Regardless the engine speed, for early combustion, slightly decreased
intake temperature and considerably increased EGR rate are adopted to delay the combustion
phase location toward TDC. For the fuelling rates which represent the expected loads of 125
N m and 150 N m, decreased EGR ratios are adopted to reduce the equivalence ratios to lower
than 1. Meantime, the intake temperature is reduced to maintain appropriate ignition delay. After
the adjustment, the equivalence ratios at high engine load do not exceed 0.9. As shown in Figure
6.20, the expected loads have been achieved for each engine speed at current equivalence ratios.
Normally, the adjusted equivalence ratio for desired combustion phase location of each load
reduces as engine speed increases. Minor increases in IMEP are detected at higher engine speed.

These are consistent with the discussions in section 6.1.
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Table 6.3 Parameters for adjusting combustion phase locations for different engine loads

a) at 1500 rpm
Intake i ) . )
Load EGR rate Initial 50% burn location | Equivalence ratio
temperature
(N m) (%) (eATDC)
(K)

50 370 63 -5.29 0.439

75 370 52 -3.99 0.637

100 370 45 -2.47 0.853

125 350 35 NA 0.871

150 340 25 NA 0.895

b) at 1900 rpm
Intake o ] ) ]
Load EGR rate Initial 50% burn location | Equivalence ratio
temperature
(N m) (%) (eATDC)
(K)

50 350 50 -3.53 0.31

75 390 47 -1.75 0.612

100 380 40 -0.25 0.785

125 360 30 NA 0.824

150 350 18 NA 0.837
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c) at 2500 rpm
Intake . . ) )
Load EGR rate Initial 50% burn location | Equivalence ratio
temperature
(N m) (%) (eATDC)
(K)
50 370 40 -1.06 0.299
75 380 35 1.12 0.485
100 380 25 2.92 0.618
125 380 25 NA 0.816
150 370 15 NA 0.860
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Figure 6.20 The loads under adjusted equivalence ratios at 1500 rpm, 1900 rpm and 2500 rpm

During the engine load sweep, the thermal conversion efficiency is in the range of 44% to 45%,
even for the cases with seriously incomplete combustion. Figure 6.21 gives the thermal
conversion efficiencies after optimizing combustion phase locations. Engine load shows more
significant effects on thermal conversion efficiency, comparing to the effects of speed in Figure
6.7. At lower engine speed of 1500 rpm, the variation in thermal conversion efficiency is
smaller than 1%. Also, no monotonically trend can be detected in this variation. The largest

difference caused by engine load is shown at 2500 rpm, which is about 5.5%. High engine speed
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shows advantages in combustion efficiency at low engine load, while low engine speed is
superior at high load. Since almost same combustion phase locations are achieved after
optimization, the variations in thermal conversion efficiency is mainly attributed to the effects
of combustion duration. Extended combustion duration intends to results more loss in thermal
energy during the converting to mechanical work. At 2500 rpm, the combustion duration
increases near 2 times when engine load increased from 50 N im to 150 N m, whereas only 40%
in increase is found at 1500 rpm. Moreover, the unit period in time domain represents more
crank angles at higher engine speed, which refers more variations in combustion volume. Then

the negative influence in energy converting is magnified at high engine speed.
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Figure 6.21 Thermal conversion efficiencies at different engine loads after adjustment

The improvements in thermal conversion efficiency are given in Figure 6.22. The variations of
improvement shows similar trend to that of the thermal conversion efficiency as illustrated in
Figure 6.21. At 1500 rpm, through retarding the combustion phase, 2% to 3% improvement can
be achieved. At higher engine speed, no improvement is detected once the engine load is higher
than 75 N m. According to Figure 6.23, the combustion durations start to prolong significantly
though optimization when engine load is higher than this level. Therefore, the increased
combustion duration is attributed to the deterioration of thermal conversion efficiency at high

engine load.
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Figure 6.23 Increases in combustion duration at different engine loads after adjustment

Fuel consumptions with increased engine load after the optimization of combustion location are

given in Figure 6.24. At 2500 rpm, fuel consumption increases monotonically with equivalence

ratio, which is consistent to the effects of reduced thermal conversion efficiency shown in
Figure 6.21. When the load increases from 50 N m to 150 N m, the ISFC increases about 20%;

while only 11% of reduction in thermal conversion efficiency is observed. The rest penalty in

fuel consumption is attributed to the deterioration in heat rejection efficiency. Very small

changes are detected in combustion efficiencies, which are in range of 90% to 92% for load
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from 50 N m to 150 N m at 2500 rpm. Thus, the increased heat loss to cylinder walls and
residual heat in exhaust gas due to higher in-cylinder temperature are considered responsible for
the further decreased heat rejection efficiency and the rest penalty in fuel consumption. At 1900
rpm and 1500 rpm, slightly advantages in fuel consumption appear under high load with
continuing increased equivalence ratios. No improvement in thermal conversion efficiency is
observed at this load, as shown in Figure 6.22. Then enhancement in combustion efficiency is

implied for high load at lower engine speed.
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Figure 6.24 Fuel consumptions against eugivalence ratio for a range of engine loads after

adjustment

To clarify the effects of combustion phase optimization on fuel consumption, the improvements
in ISFC are given against the improvement in thermal conversion efficiency and the
improvement in heat rejection efficiency in Figure 6.25 and Figure 6.26, respectively. The
improvement of fuel consumption and the improvement of thermal conversion efficiency show
reversely relations with engine load. Therefore, it is proved again that heat rejection efficiency
has determined effect on fuel consumption for the cases in this study. At 1500 rpm and 1900
rpm, no improvements in fuel consumption are observed with the loads under 100 N m, though
up to 5% increases in thermal conversion efficiencies are achieve by optimizing combustion
phase location. As shown in Figure 6.26, the gains are cancelled by the deterioration in rejection
efficiency, which is about 15% in the same case. As discussed in section 6.1.3, increased
equivalence ratios and lower combustion temperatures due to higher EGR rates used during
optimization result decreased combustion efficiency. Moreover, the increased EGR rate leads to
higher specific heat capacity of the bulk-air. Thus, increased residual heat in exhaust gas leads
to decreased heat loss efficiency. For engine loads of 125 N-im and 150 Nm, the serious

incomplete combustion in original load sweep is resolved by reduced EGR rate during
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optimization. Therefore, the combustion efficiencies are improved significantly, and massive
improvements in fuel consumption are achieved though thermal conversion efficiencies are
deteriorated by the prolonged combustion duration. At 2500 rpm, improvement in fuel
consumption is detected once engine load is over 75 Nm. Reduced EGR rates when
advancing the combustion phase location to TDC are attributed to the increases of combustion
efficiency, which eventually result in decreased fuel consumptions.

50
Increased engine load

Eaamet 4I:I [~ . T
‘D\\'D "\. -
— " T
Lo 30 F ~
= 20}
g Aol
£ 10| e
g n —&— 1500 rpm
5 i
k= — - 1900 rpm

A0y --A-- 2500 rpm

_EI:I 1 1 1 1 1 1 1 1

-13 -10 -B - -4 -2 n 2 4 &

Improvementin Themmal Conversion Efficiency (%)

Figure 6.25 Improvement in fuel consumption against improvement in thermal conversion

efficiency for a range of engine loads after adjustment

50
— 40 _ b _=
& Increased engine load = -k
o 30 f
&
w
g 20 r
E
g 10 f —&— 1500 rpm
]
=
o o L — B -1900 tpm
g
RS --d- 2500 rpm
-0 F ¥
220 1 I I I 1
-20 1] 20 40 a0 20 100

Improvement in Heat Rejechion Efficiency (%)

Figure 6.26 Improvement in fuel consumption against improvement in heat rejection efficiency
for a range of engine loads after adjustment



129

The emissions with increased engine load after optimizing combustion phase location are
illustrated in Figure 6.27 to 6.30. In contrast to the trends shown in Figure 6.17, NO4 emission
increases with engine load though higher equivalence ratio is achieved with the increased
fuelling rate, as shown in Figure 6.27. Referring to Table 6.3, at high load (125 N m and 150
N 1), the variations in equivalence ratio with engine load is small. Thus the increases in NOy at
high loads are attributed to the significant increased combustion temperatures due to the greater
chemical energy released from increased fuelling. Since lower adjusted equivalence ratios are
adopted for higher engine speed, the trend of NO, against engine load shifts up as speed
increases. With engine load lower than 125 N m, the NOy emissions are contained under 3.5
o/kg-fuel at 1500 rpm and 1900 rpm. At high engine speed and load, the peak value of NOy is
about 11 g/kg-fuel.
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Figure 6.27 NO, emissions at different engine loads after adjustment

At 1500 rpm and 1900 rpm, no monotonically increases in soot can be seen with increased load
though the equivalence ratio is higher, as shown in Figure 6.28. Referring to Table 6.3,
relatively cooler EGR is used at high engine load, which is beneficial for suppressing
combustion temperature. Therefore, excessively increased soot formation is avoided at high
load for these two engine speeds. Conversely, relatively higher temperature of EGR with high
equivalence ratio results the highest soot output at 100 N -m. At 2500 rpm, soot emission
increases monotonically with engine load. As discussed in section 6.1, the time for mixing is
decreased massively at high engine speed. The inferior mixing increases the level of
mix-controlled combustion, especially in the cases with high equivalence ratios. And soot

formation is more sensitive with equivalence ratio at high engine speed. Dramatically increases
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in soot emissions are observed at 125 N m and 150 N m for 2500 rpm. Besides the significantly
increased equivalence ratios, relatively warmer EGR is used during optimization, which is
assessed to enhance the formation of soot. At 1500 rpm and 1900 rpm, the soot emissions can be
constrained under 4 g/kg-fuel for the entire range of load. However, more than 10 g/kg-fuel of
soot is formed at high load with engine speed of 2500 rpm, which is too high for current

emission criteria.
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Figure 6.28 Soot emissions at different engine loads after adjustment

For the productions of incomplete combustion, CO emissions decrease with increased load and
equivalence ratio, as shown in Figure 6.29. Greater chemical energy released from the increased
fuelling rate at higher load leads to increased combustion temperature which accelerates the
oxidation of CO. Moreover, significantly increased EGR rates and decreased intake
temperatures adopted at low engine loads lead to reduced combustion temperature and
eventually hinder the oxidation of CO. However, at high engine speed, massively increased CO
emissions are observed at high load. As discussed in section 6.1.2, the reduced time for
oxidation is attributed to the increases in CO emission at high speed with high equivalence ratio.
Unburned hydrocarbon emissions normally increase with engine load, as given in Figure 6.30.
Therefore, the UHC emissions are mainly determined by equivalence ratio. Slightly increased
UHC outputs are detected at the lowest engine load, which is assessed to be resulted from low
combustion temperature. Higher combustion temperature at high load is attributed for the minor
reduction of UHC emission. Because of the relatively lower equivalence using for optimization

at high speed, the trend of UHC against engine load moves to lower level at 2500 rpm.
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Figure 6.30 UHC emissions at different engine loads after adjustment

During the optimization of combustion phase location, the adopted EGR rates and intake
temperatures are changed from the setting of PPCI combustion, as shown in Table 6.2 and 6.3.
Therefore, the regimes of combustion with adjusted parameters have to be brought into concern.
As discussed in the above sections, in the cases of high engine loads, the characteristics of PPCI
combustion become less apparent with significant increased combustion duration and

dramatically increased NO, and soot emissions. In some studies, it is described as a reduction in
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the degree of premix combustion or an increase in the proportion of mix-controlled combustion
[Keeler and Shayler, 2008; Yun and Reitz, 2007]. In section 6.3, the degree of premix
combustion will be further discussed.

6.3 Premixed Combustion Ratio Study

In previous sections, it is shown that the distinct characteristics of PPCI combustion start to fade
when the operating conditions approaching the speed or load limit. During these processes,
gradual transitions from premixed combustion to mix-controlled combustion are considered
happen due to the increasingly rigorous conditions for mixing. Like the study about
homogeneity presented in Chapter 4, a method to evaluate the degree of premix combustion is
required to discuss. Also, the relations between the regimes of combustion and fuel consumption

or emissions are expected to be investigated quantitatively if the method is proposed.
6.3.1 Definition and Formulas

As introduced in the literature review, little pertinent information is found in the available
literatures for the definition about the overall degree of premix combustion in PPCI diesel
engine. In this study, a factor name Premixed Ratio (PR) is proposed trying to guantitatively
describe the level of premix, which is derived from the primary definition of combustion stages
in diesel engine [Heywood, 1988]. As shown in Figure 6.31, the process of typical conventional
diesel combustion can be defined into the following stages: ignition delay (ab), premixed
combustion (bc), mix-controlled combustion (cd) and late combustion (de). When the rapid
reacted premixed combustion is approaching its end, the rate of heat release drops sharply since
the available mixture within flammable range is consumed up. After that, the heat release rate
begins to rise again since the mix-controlled combustion starts. The mix-controlled combustion
is slow compared to the premixed combustion. Therefore, finding the location of ¢ from the
curve of heat release rate is the radical matter to determine the fraction of fuel burned in

premixed combustion stage.

For PPCI combustion, it is normally difficult to identify the premix combustion stage from the
entire combustion process in the curve of heat release rate. The typical heat release rate diagram
of PPCI combustion does not exhibit distinct premixed and diffusion burns as in conventional
diesel combustion, as given in Figure 6.32 [Kook et al., 2005]. No clear boundary, i.e. location c,
can be detected in the diagram of heat release rate as fuel is injected far advance to the start of
combustion. However, the derivative of heat release rate shows that it drops sharply after the
location of peak heat release rate and reaches a negative value after couples of crank angles.
This process indicates the later stage of premixed combustion where the reacting rate drops
rapidly owing to the burning out of flammable mixture. After reaching the lowest value, the

derivative begins to increase again which implies the additional heat release from diffusion
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combustion. Thus, the location of the lowest value in the derivative of heat release rate is

defined as the end of premixed combustion, which is marked as ‘c’ in Figure 6.32.
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Figure 6.31 Typical DI engine heat release rate diagram identifying different diesel combustion

stages [Heywood , 1988]
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Base on the definition of the end of premixed combustion, the total fuel burned before that is
defined as a fraction of the total fuel injected, expressed as Premixed Ratio (PR):

mpremix

PR = (6.1)

Mtotal
where Myremix @and My are the fuel burned in premixed combustion stage and the total fuel

injected, respectively. In this definition, wall wetting has been considered. Moreover, during the
premixed combustion certain fraction of fuel is not completely oxidized to the final product CO,
but the intermediate product CO. This fraction may increases for PPCI combustion due to the
higher dilution level and lower combustion temperature. Therefore, the heat released in
premixed combustion stage is much smaller than the energy contained in the fuel burned in this
stage. To reveal the fraction of fuel energy released in premixed stage, Premixed Ratio is also

calculated by heat in this study, expressed as PRy:

heat i
PR, = — 2% (6.2)
QLHvMtotal

Where heatyemix is the heat released in premixed combustion stage; Qv is the lower heating

value of fuel.
6.3.2 Injection Strategies and In-Cylinder Conditions

Primarily, the investigation is conducted based on the results received from the parametric study
on the combustion performance and emissions in PPCI combustion using split-injection, which
is introduced in Chapter 4. In order to gain understandings about the determinants and relative
importance of premixed ratio, the sweeps of the 2™ injection timing are conducted under three
injection pressures and three EGR rates, as shown in Table 6.4. More details about the operating

conditions can be found in Table 4 .1

Table 6.4 Injection pressures and EGR rates for premixed ratio study

Injection Pressure 70 MPa, 110 MPa, 150 MPa

EGR Rate 20%, 35%, 50%

Figure 6.33 shows the premixed ratios by mass and by heat for different injection pressure with
varied 2™ injection timing. PR shows similar trend with PR, but with much higher value for
each injection pressure. The premixed ratios are sensitive to the 2™ injection timing, which
range from 40% to 97% by mass, and 19% to 55% by heat. There are optimal 2" injection
timings for premixed ratios, which are varied for different injection pressure. Before the optimal
timing, increased fuel adhering causes less fuel burned during the premixed combustion stage

though the ignition delays are longer in these cases with early injection. With retarded 2"
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injection timing, the premixed ratio decreases significantly due to the reduced time for mixing.
About 50% reduction from the optimal timing is observed when the 2" injection timing is
retarded to -5°CA ATDC. Except the cases with the earliest 2™ injection timing, PR increases
with enhanced injection pressure because it intensifies the air entrainment into spray and
provides extra kinetic energy to improve fuel-air mixing. For the cases using the 2™ injection
timing at - 30°CA ATDC, the worse wall impingement caused by higher injection pressure
cancel the gain in enhancing mixing. The highest premixed ratio is detected in the case using
injection pressure of 150 MPa when 2™ injection is at -20°CA ATDC, which is 97% by mass
and 55% by heat.
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Figure 6.33 The premixed ratios by mass and by heat for the cases of different 2™ injection

timings with different injection pressures

The variations of premixed ratio with increased dilution level are illustrated in Figure 6.34. The
sensitivity of premixed ratio to injection timing is reduced by the increased EGR rate. With
EGR rate of 50%, small variations are observed in premixed ratios which range from 85% to 97%
by mass and 36% to 49% by heat. However, at low EGR rate of 20%, the premixed ratios
change significantly from 34% to 98% by mass and 18% to 64% by heat. With 2™ injection
timing earlier than -25°CA ATDC, premixed ratio by mass is improved slightly by reduced
EGR rate due to the increased oxygen availability which results more flammable mixture.
Meantime, greater improvements are observed in premixed ratio by heat, which imply that the
combustion is more complete with the relatively lean equivalence ratio. When the 2™ injection
timing is retarded after this timing, premixed ratio drops significantly in the case with low EGR

rate, while it is still maintained at high level with high EGR rate. With the high dilution level,
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the ignition delay is kept sufficient long for mixing owing to the relatively low oxygen
availability and reduced in-cylinder temperature due to the increased heat capacity of bulk-air.
Therefore, two key factors can maintain combustion at high premixed degree, which are
considerable advanced injection timing and high dilution level.
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Figure 6.34 The premixed ratios by mass and by heat for the cases of different 2™ injection

timings with different EGR rates

Because the fuel consumption is highly depended on the combustion efficiency, it is more
sensitive to the premixed ratio by heat rather than by mass. As shown in Figure 6.35, though the
dependency on premixed ratio is observed, multiple values of ISFC for same premixed ratio are
evident. As discussed in the previous chapters, fuel consumption is determined by the
combination of combustion efficiency, heat loss efficiency and thermal conversion efficiency. In
general, the fuel consumptions decrease with increased premixed ratio by heat. Firstly, the
increased level of premixed combustion leads to reduced combustion duration owing to the
shrinking of mix-controlled combustion stage which has slow reaction rate. The shorter
combustion duration is beneficial to thermal conversion efficiency. Moreover, greater fuel
energy released in premixed combustion stage leads to generates higher bulk-air temperature
which is beneficial to accelerate the oxidation rate. The differences in equivalence ratio, heat
capacity of bulk-air, fuel distribution, in-cylinder Kkinetic energy and location of combustion

phase are attributed to the variations of fuel consumptions at same premixed ratio.
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2" injection timings with varied injection pressures and EGR rates

The formation of soot is mainly determined by the locally equivalence ratio and combustion
temperature. In mix-controlled combustion stage, lager fraction of fuel intends to burn in rich
region. Therefore, the amount of fuel consumed in premixed combustion stage is more
important than the heat release to concern for discussing the effect of premixed degree on soot
emission. As shown in Figure 6.36, no monotonically decreases in soot emissions are observed
with increased premixed ratio. However, extremely low soot emissions are still detected at high
premixed ratio. When using EGR rate of 50%, significantly high soot emissions are observed
though the premixed ratios are higher than 85% in these cases. The low oxygen availability
under this high dilution level is considered responsible for the increased formation of soot.
Meantime, relatively low soot output is found at low premixed ratio between 30% and 40%.
Referring to the discussion in Chapter 4, the decrease of soot is result by the reduced
combustion temperature owing to the seriously incomplete combustion. The peak value of soot
formation is detected at premixed ratio around 65%, with the 2" injection timing at -10°CA
ATDC. Higher combustion temperature is attributed to the high level of soot emission at the

moderate premixed ratio.

Figure 6.37 and Figure 6.38 give the CO emissions and unburned hydrocarbon emissions
against the premixed ratios by heat, respectively. The trends of these two products of incomplete
combustion are similar to the trend of fuel consumption, except the responds with EGR rate of
50%. Normally, the increased fractions of fuel energy released in premixed combustion stage
decrease the output of CO and UHC, though variable values are seen at same premixed ratio.

Extremely low levels of CO and UHC outputs are achieved at high premixed ratio. Because of
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the increased oxidations of CO and HC, fuel consumptions are improved significantly, as shown
in Figure 6.35. When using EGR rate of 50%, significantly increased CO and UHC emissions
are observed since the oxidations of these two emissions are inhibited by the low oxygen

availability.
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Figure 6.36 The soot emissions against the premixed ratios by mass for the cases of different 2™

injection timings with varied injection pressures and EGR rates
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6.3.3 Correlations of Ignition Delay and Equivalence Ratio

Though the mechanisms determining premixed ratio are complicated, two main factors are
considered significantly affect the degree of premix combustion, which are the ignition delay
and the equivalence ratio. The ignition delay represents the time period for mixing, whilst the
equivalence ratio represents the difficulties for mixing. Figure 6.39 and Figure 6.40 give the
premixed ratio respected to the ignition delay by mass and heat, respectively. Generally,
premixed ratio constantly increases with ignition delay until ignition delay reaches 15 crank
angles. With ignition delay longer than that, the wall wetting gets worse, and it further leads to
decreased faction of fuel burned in premixed stage. At same ignition delay, variations of
premixed ratios are lager in mass than in heat. These variations are resulted by the differences in
Kinetic energy introduced by different injection pressures and the differences in oxygen
availability caused by different EGR rate. Nevertheless, the relations between ignition delay and
premixed ratio can be expected, especially for the ratio by heat. The effects of equivalence ratio
on premixed ratio are difficult to be isolated based on current data. Although Figure 6.34 shows
increased premixed ratio due to increased EGR rate, significant increased ignition delay is

detected owing to the reduced bulk-air temperature.
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A single-zone model proposed by Watson et al. defines the fuel burned in premixed stage as a

fraction of total injected fuel, expressed as a proportionality factor, g [Watson, 1980]:

_ mpremix

g = oo

c
Mtotal Tia

(6.3)
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where ¢ is the overall equivalence ratio; 74 is the ignition delay; and a, b, ¢ are empirical
constants. They also gave the ranges for a, b, c:

0.8<a<0.95,0.25<b<0.45;0.25<¢c<0.5 (6.4)

Therefore, their definition is consistent with the discussion that increased ignition delay is
beneficial for achieving higher degree of premix, which is also dependent on overall
equivalence ratio. However, this simplified model does not count wall wetting into its functions.
Thus, large discrepancies may be resulted when comparing the predicted data of Watson’s

model with the data of premixed ratio by mass.

The comparison is taken between the predicted values and the premixed ratio by heat defined by
equation (6.2), since the incomplete combustion has been considered. Based on the results given
in section 6.3.2, the empirical constants a, b and c are determined using the polynomial fitting

function of Matlab [2013], as given below:
a=0.573;b=0.148;c=0.244 (6.5)

Apparently, these constants are out of the ranges recommended by Watson et al.. Two main
reasons are considered responsible for the discrepancies. Firstly, the recommended ranges are
achieved on mass fraction, whilst the polynomial fittings are conducted on premixed ratio by
heat. Secondly, the model of Watson et al. is proposed on conventional diesel engines, while the
cases in this study are mainly operated under PPCI combustion though with different degree of
premix. As shown in Figure 6.41 and 6.42, agreements are achieved between the predicted
traces and the premixed ratio defined by equation (6.2) with acceptable discrepancies. Therefore,
the definition of premixed ratio proposed in this section is considered reveal the correlations
between the degree of premix and ignition delay, together with equivalence ratio. As shown in
Figure 6.41, the effects of injection pressure are weakened in the predicted traces since the
Kinetic energy introduced by injection is not considered in the model of Watson et al.. The
predictions for different EGR rates are assessed sufficiently accurate, where the advantages of

low EGR rate at early injection timing is revealed in the predicted traces.
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6.3.4 Speed and Load Transitions

Based on the definition of premixed ratio and the related discussions, the degrees of premix at
varied engine speeds and loads are evaluated in this section. As shown in Figure 6.43, for the
operating conditions listed in Table 6.1, the premixed ratios are of moderate level for different

engine speeds, referring to Figure 6.33 and Figure 6.34. The premixed ratios increase with
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engine speed within the ranges from 73% to 85% in mass and 31% to 37% in heat. Since the
overall equivalence ratios are kept constant during the original sweep of engine speed, the
variations in premixed ratios are attributed to the different ignition delays. However, as shown
in Figure, the ignition delays decrease of about 0.15 ms from 1500 rpm to 2500 rpm; whilst
premixed ratios increase 12% in mass and 6% in heat. This is contrary with the discussion in
previous section, which considers that decreased ignition delay results reduced premixed ratio.
The increased Kkinetic energy introduced by enhanced piston motion at higher engine speed is
assessed as the reason for these deviations. Moreover, shorter injection duration in crank angle
and earlier end of injection lead to worse wall wetting at low engine load because of the longer
spray penetration at lower in-cylinder temperature and pressure. In fact, the decrease in
ignition delay is minor for increased engine speed compared to the range shown in Figure 6.33
and Figure 6.34. Thus, the effects of ignition delay on premixed ratio are minor with increased
engine speed and offset by the effects of increased kinetic energy and reduced wall wetting.
Large gaps between the premixed ratio by mass and premixed ratio by heat are observed, which

imply significant incomplete combustion happening and massive outputs of CO and UHC.
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Figure 6.43 The premixed ratios by mass and by heat at different engine speeds for original

cases and adjusted cases

After the optimization of location of combustion phase, increased EGR rate results decreased
premixed ratio in mass due to the higher equivalence ratio. However, the premixed ratios in heat
are increased owing to the high combustion temperature since the combustion phases locate at
TDC. At high engine speed, the reduced equivalence ratio results in increased premixed ratio.
Moreover, improved completion of combustion leads to further increases in premixed ratio by
heat.

Because significant incomplete combustion occurs during the original sweep of engine loads,
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the evaluations about premixed ratio are conducted on the cases after the optimization of
combustion phase location. As shown in Figure 6.44, the premixed ratios are given against
equivalence ratio for increased engine load at 1500 rpm, 1900 rpm and 2500 rpm. Normally, the
trend of premixed ratio is flat at moderate engine load for each engine speed; while decreases of
premixed ratio are detected at excessive low equivalence ratio around 0.3 and at equivalence
ratio higher than 0.82. For the low equivalence cases, optimal combustion phase locations are
achieved by retarding ignition though increased EGR rate and reduced intake temperature at low
fuelling rate, as shown in Table 6.3. The increased heat capacity and reduced intake temperature
lead to lower temperature of bulk-air during fuel evaporation and combustion, and eventually
result less flammable mixture at the start of combustion and reduced oxidation rate during
premixed combustion. At high load, low EGR rates are adopted in order to avoid deteriorated
combustion efficiency and lead to reduced heat capacity of bulk-air. Thus, less time is available
for mixing since the ignition limit is reached earlier during the compression stroke. The inferior
mixing is considered responsible for the decreased premixed ratio at high load. The increases of
premixed ratio in heat at high load of 1500 rpm are assessed result from increased combustion
temperature due to greater heat released from higher fuelling. Also, as discussed in previous part,
increased engine speed is favorable for increasing the degree of premix because the faster piston

motion introduces more intensive kinetic energy and enhances fuel-air mixing.
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Figure 6.44 The premixed ratios by mass and by heat at different engine loads after adjustment

As shown in Figure 6.45, fuel consumption normally decreases as the degree of premix
increases, regardless the engine speed and engine load. However, the reasons for deviations are

complicated. Referring to the discussion in section 6.1 and 6.2, with same premixed ratio,
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higher engine load intends to results decreased fuel consumption because the oxidation is
enhanced due to the increased combustion temperature. Increased engine speed also shows
positive effect on fuel consumption since higher kinetic energy is introduced to mixture.
Moreover, when large amount of EGR is adopted for optimizing the location of combustion
phase, combustion duration intends to prolong and results decreased thermal conversion
efficiency at same premixed ratio. Also, the increased heat capacity of bulk-air leads to more
heat loss residual in exhaust gas and reduces the heat rejection efficiency of the case using high
EGR rate. Therefore, additional fuel consumptions are observed in the cases using increased

EGR rate when premixed ratios are same.
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Figure 6.45 The fuel consumptions against the premixed ratios by heat with increased engine
load at 1500 rpm, 1900 rpm, and 2500 rpm

No monotonically decreases of soot emissions can be found with increased premixed ratio, as
shown in Figure 6.46. Engine speed shows more significant effects on soot emissions. Soot
outputs lower than 2 g/kg-fuel are observed mainly at low speed of 1500 rpm. As engine speed
increases, the level of soot emissions increases though increased premixed ratio and reduced
equivalence ratio are achieved, as shown in Figure 6.44 and Table 6.3. The increased
combustion temperature due to greater heat released in the premixed combustion stage is
considered responsible for enhancing the formation of soot. Also, near zero soot outputs can be
achieved at the lowest engine load of 50 N m regardless the varied premixed ratio at different

speed because the relatively low combustion temperature.
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Figure 6.46 The soot emissions against the premixed ratios by mass with increased engine load
at 1500 rpm, 1900 rpm, and 2500 rpm

As shown in Figure 6.47, no manifest correlations between CO emissions and premixed ratio
can be detected. Referring to Figure 6.29, high EGR rates and low intake temperatures
adopted are attributed to the decreased oxidation rates of CO under low engine loads at speeds
of 1500 rpm and 1900 rpm, though moderate premixed ratios are achieved at the same time. At
2500 rpm, the reduced time for oxidation is assessed responsible for the increases in CO
emission with high equivalence ratio and low premixed ratio. As shown in Figure 6.48, the trend
of unburned hydrocarbon is nearly consistent with the trend of ISFC showing Figure 6.45.
Increased premixed ratio normally improves the oxidation of hydrocarbon. The two high level
outputs of UHC detected at low engine speed are resulted from the inferior evaporation since

lower intake temperatures are adopted with high equivalence ratios.
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6.4 Summary

In this chapter, the speed range and load range for the PPCI diesel combustion using split
injection are investigated numerically. Primary understandings about the effects of engine speed
and load on combustion characteristics and emissions are achieved through the sweep of speed
and load. Based on the initially understandings, the methods for optimizing the location of
combustion phase are explored. Instead of injection strategy, the adjustments of combustion
location are realized by changing EGR rate and initial temperature. The effects of optimization
on fuel consumption and emissions are also evaluated. Meantime, a factor named Premixed
Ratio (PR) is proposed trying to quantitatively describe the level of premix under different
operating conditions. The correlations for premixed ratio are studied based on the investigating
data about split-injected PPCI diesel combustion which are acquired in Chapter 4. Then the
degrees of premix under different operating conditions are investigated using this factor. The
relations between premixed ratio and fuel consumption or emissions are discussed in the final

part of this chapter.
The following conclusions have been derived from the investigations in this chapter:

1. With same operating parameters, increased engine speed leads to retarded ignition but
reduced ignition delay in time domain. Though the time for mixing is reduced, more
intensive combustion is detected at higher engine speed with higher peak value of heat
release rate in J/ms and shorter combustion duration in ms. Decreased fuel consumption
is achieved with increased engine speed, together with decreased NO emissions and

increased soot, CO and UHC emission.
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2. Optimizing the locations of combustion phase at different engine speeds by varied EGR
rate and intake temperature cannot assure improvement in thermal conversion efficiency,
which is also determined by the length of combustion duration. Extended combustion
duration resulted by high EGR rate and low intake temperature cancels the gain in
thermal conversion efficiency achieved by optimal combustion location. Larger
influences in heat rejection are detected during the optimization, which are considered
determine the trend of variations in fuel consumption. Excessively increased NOy
emission is the barrier limit the optimization at high engine speed. However, soot, CO
and UHC emissions at high engine speed are suppressed by the optimization.

3. The sweep of engine load shows that the high level of EGR rate limits the
implementation of PPCI combustion at high engine load. Fuel consumption, soot, CO
and UHC increase significantly with engine load.

4. Significantly reduced EGR rates are adopted for the optimization of combustion
location at high engine load. Without additionally reduced intake temperature, the
thermal conversion efficiencies decrease massively with engine load at high speed due
to the significantly prolonged combustion durations. However, the efficiently improved
heat rejection efficiencies due to higher combustion temperature result lower ISFC at
high engine speed for almost entire range of loads. The excessively high NO, and soot
emissions at high engine load, especially for high engine speed, imply that the
characteristics of PPCI are vanished due to the inferior mixing and significantly
increased combustion temperature.

5. The definition of premixed ratio derived from the primary definition of combustion
stages in diesel engine is considered to reveal the correlations between the degree of
premix and ignition delay, together with equivalence ratio. Moreover, good responds in
fuel consumption is observed with premixed ratio based on the data acquired in Chapter
4.

6. Higher premixed ratio is achieved with increased engine speed due to the reduced wall
wetting though the ignition delay is reduced slightly. The optimization on the location
of combustion phase leads to improved premixed ratio in heat for all speeds.

7. High EGR rate and low intake temperature adopted for the optimization of combustion
location at low engine load are attributed to the decrease of premixed ratio owing to the
reduced bulk-air temperature for fuel evaporation. Meantime, insufficient time for
mixing leads to the reduced premixed ratio at high engine load where low EGR rate is
adopted. At high speed and high load, the premixed ratio in heat is reduced to 26%,
which can be considered out of the range of PPCI combustion.

8. No monotonically decreases of soot emissions can be found with increased premixed
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ratio. Fuel consumption and UHC normally decreases as the degree of premix increases
with acceptable discrepancies, regardless the engine speed and engine load.
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Chapter 7 Conclusions and Discussion

This study numerically investigated the Partially Premixed Compression Ignition (PPCI)
combustion strategy on a high-speed, direct-injection diesel engine aiming to catch up the
increasingly stringent emission regulations. A well-established numerical model based on
KIVA-3V code coupled with detailed chemistry mechanisms is used for the investigations.
The injection strategy using split-injection is adopted since it is indicated to have the potential
for further improving the mixing in PPCI combustion [Lee et al., 2006; Park and Bae, 2011].
However, much of the diesel PPCI research has been constrained to the single-injection, and
limited pertinent information has been found in available literature explaining the engine

performance and emission mechanisms of PPCI using split-injection.

Unlike HCCI combustion, the PPCI diesel combustion adopts moderate early injection and
achieves partially stratified mixture prior to ignition. Therefore, PPCI combustion makes it
feasible to control the combustion through injection strategy. To realize simultaneously reduced
NOy and soot emissions, the degree of stratification is limited and certainly much less than that
in conventional diesel combustion. Thus, the degree of stratification, or in another way the
degree of homogeneity is required to be evaluated. This study proposed a definition of
Homogeneity Factor (HF) to quantitatively evaluate the mixing in PPCI combustion. Also, the
relations between the quality of mixing and the characteristics of combustion and emissions are

described quantitatively using this factor.

On the other hand, large amount of EGR are usually introduced into intake air in order to
achieve prolonged ignition delay and reduced combustion temperature which are important for
achieving effective PPCI combustion. However, current researches about the application of
EGR in PPCI diesel combustion focus mainly on the overall effects regardless the compositions
of EGR. In this study, the effects of the two major constituents, i.e. CO, and water vapor, on the

engine performance and emission mechanisms of PPCI are numerically investigated.

So far, most studies about PPCI diesel combustion were conducted under moderately low load
and moderate speed because the suppressed combustion temperature and sufficient ignition
delay for mixing is easy to achieve in this small region of the operating map of diesel engine. It
is of great interest to push the current limit of PPCI combustion to higher speed and loads level.
Here, the speed range and load range for the PPCI diesel combustion have been investigated
when using split injection. To evaluate the degree of premixed combustion, a factor name

Premixed Ratio (PR) is proposed.

Primarily, the strategy of split-injection was investigated parametrically by analysing the effects

of 2" injection timing, the fuel split proportion, the spray angle and injection pressure on the
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combustion performance and emission mechanisms of PPCI. Moreover, the effects of swirl ratio,
EGR rate and boost pressure are examined to develop the operating range of PPCI engine. The
Homogeneity Factor (HF) is proposed to quantitatively characterize mixing under different
injection strategies. The following conclusions are reached:

1. The injection strategy influences the combustion and emissions of PPCI diesel
combustion. Comparing to the single injection, the split-injection strategy is effective in
improving the mixing of fuel and air. This advantage in the formation of mixture is
beneficial to remitting the penalty in fuel consumption of the PPCI diesel combustion
when pursuing simultaneously reduced NO, and soot emissions.

2. The parameters of split-injection should be chosen carefully for desired performance of
PPCI diesel combustion. According to the findings of this study, the 2" injection timing
should not later than a ‘threshold’ to keep the engine running under the characteristics
of premixed combustion. Meantime, increased fraction of fuel in the 1% injection would
increase the homogeneity of mixture before ignition. However, further improvement of
the mixing process is required to avoid the increased UHC and CO emission owing to
the relatively low temperature during the injection and combustion. With the moderately
advanced injection timing, narrow spray angle is not favourable for the reducing of
ISFC and emissions in the PPCI diesel combustion. The effects of injection pressure are
not significant on most combustion characteristics and emissions for the PPCI diesel
combustion, comparing to the standard diesel combustion.

3. For the in-cylinder environment, high swirl ratio is not favourable for improving mixing
when using relatively late 2" injection because the high-speed air flow would trap the
fuel inside the eddy. Meantime, various EGR rate and boost pressure are both effective
in the control of the combustion phase of PPCI. Nevertheless, the EGR rate would be
the more feasible parameter for controlling since its effects on fuel consumption and
emissions are not significant until it reaches a certain level (50% in this study).

4. The definition of homogeneity factor (HF) proposed in this study shows the capability
to quantitatively evaluate the homogeneity of mixture achieved using different injection
parameters and under different in-cylinder conditions. It provides a feasible method to
compare the quality of mixture between different engines and different operating
conditions in same engine. Moreover, the apparent correlation between 50% burn
location and the HF suggests that the HF can be considered as a parameter to indicate

the combustion phase location.

In the second part, different EGR compositions with varied fraction of CO, or H,O are applied
in PPCI combustion in order to evaluate the effects of EGR constituents on the combustion

performance and emissions. Moreover, the parametric study is conducted under a sweep of the
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2" injection timing and EGR rate, in order to achieve understanding of the effects of CO, and
water vapor in EGR at different operating modes. The following conclusions are reached:

1. The study about the effects of EGR constituents on the performance of PPCI
combustion and emissions suggests a method to influence the combustion performance
by adjusting the thermal effect of EGR without changing the dilution level.

2. Because of the higher molar heat capacity of CO,, prolonged ignition delay can be
achieved by increasing the fraction of CO, in EGR owing to the slower raising of
in-cylinder temperature. And lower combustion temperature is also detected for the
same reason. These two factors are both beneficial for realising simultaneous reduction
of NOy and soot in the PPCI diesel combustion.

3. Significant increase of fuel consumption is detected in the case using high fraction of
CO;, in EGR when the 2™ injection timing is away from TDC. The excessively low
combustion temperature is considered to result the deterioration of fuel efficiency. The
improvement in the trade-off between NO, and soot are more efficient when using the
relatively late 2™ injection timing. Meantime, the excessively reduced combustion
temperature can result in significant incomplete combustion when using high fraction of
CO; in EGR at high dilution level.

In the third part, the primary understandings about the effects of engine speed and load on
combustion characteristics and emissions are achieved through the sweep of speed and load.
Based on the initially understandings, the methods for adjusting the location of combustion
phase are explored. Instead of injection strategy, the adjustments of combustion location are
realized by changing EGR rate and initial temperature. The effects of adjusting on fuel
consumption and emissions are also evaluated. Meantime, a factor named Premixed Ratio (PR)
is proposed trying to quantitatively describe the level of premix under different operating
conditions. The correlations of premixed ratio are studied based on the investigating data about
split-injected PPCI diesel combustion which are acquired in Chapter 4. Then the degrees of
premix under different operating conditions are investigated using this factor. The relations
between premixed ratio and fuel consumption or emissions are discussed. The following

conclusions are reached:

1. At high engine speed, the limitations in time for the mixing of fuel-air and the oxidation
of soot emission are the major barriers to implementing PPCI diesel combustion.
Though decreased fuel consumption is detected at high engine speed, soot, CO and
UHC emissions are increased with speed. Meanwhile, the application of high level EGR
limits the implementation of PPCI diesel combustion at high engine load.

2. The adjustment of combustion location cannot ensure improvements in the thermal
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conversion efficiency, when varied EGR rate and initial temperature are adopted for
adjusting. The gain in thermal conversion efficiency achieved by optimized combustion
location can be cancelled by the extended combustion duration resulted by high EGR
rate and low intake temperature. Moreover, the excessively increased NOy emission is
the barrier limit the optimization at high engine speed. Meantime, both NO, and soot
emissions at high engine load are significantly high, which implies that the advantages
of PPCI are vanished due to the inferior mixing and significantly increased combustion
temperature.

3. The definition of premixed ratio derived from the primary definition of combustion
stages in diesel engine is considered reveal the correlations between the degree of
premix and ignition delay, together with equivalence ratio. Moreover, the trend of
decrease in fuel consumption with increased premixed ratio is obvious, according to the
date acquired in this study. However, no monotonically decreases of soot emissions can
be found with increased premixed ratio. At high speed and high load, the premixed ratio
in heat is reduced to 26%, which can be considered out of the range of PPCI

combustion.
Further recommendation

= The exploring about the effects of variable compression ratios on PPCI combustion
would be meaningful for extending the operating range and controlling of combustion.
It can be applied by variable valve actuation and will not lead too much extra cost in
real engine. Then, it is possible to increase ignition delay without increasing EGR rate
or reducing intake temperature. However, the reduced compression ratio may result
decreased combustion efficiency.

= The influences on combustion noise are not concluded in this study which could be
serious when the degree of premixed combustion increases. Therefore, an extensive
evaluation on the combustion noise will improve the completion of the understanding of
PPCI diesel combustion.

= The criterion differentiating the PPCI combustion from conventional diesel combustion
needs to be improved. According to this study and other literatures [Park and Bae,
2011], relatively long combustion duration exists in PPCI combustion when very low
combustion temperature is released by introducing significantly large amount of cool
EGR.

= The application of after treatment device, like three-way catalyst, can be investigated
since the PPCI diesel combustion has the potential to suppress NOy and soot emissions
at high equivalence ratio near stoichiometric. However, the lighting up of the after

treatment device will be a problem since the PPCI combustion usually processes under
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low combustion temperature.

The study of the techniques for improving the fuel economy of PPCI combustion are
requested, because its fuel consumption is much higher than that of the conventional
diesel combustion according to the results showed in this thesis. The implementation of
PPCI diesel combustion will be a challenge if the deterioration in fuel economy cannot

be resolved.
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