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Summary 

 
Axial flow compressors are mainly used in the power generation and aerospace industry. 

Axial compressors are prone to instability issues since it is the nature of compressors to 

impart work on a fluid across an adverse pressure gradient. Instability in the compressor 

will instigate rotating stall and ultimately surge within the compression system. For tip-

critical compressor, rotating stall can be delayed using passive casing treatments such as 

circumferential grooves. The design of circumferential grooves for improving the stabil-

ity limit of axial compressors is the main theme of this thesis. 

 

A transonic isolated axial compressor rotor is selected as the testbed for the application 

of the circumferential casing grooves. Prior to applying the casing grooves, the near-cas-

ing flow aerodynamics of that compressor rotor is numerically studied and validated using 

experimental test data. The shock-tip leakage vortex interaction is found to be responsible 

for the accumulation of the near casing blockage. The near casing blockage is quantified 

using a mass flow overshoot criteria. As the compressor approaches stall, the location of 

the peak blockage is found to move upstream towards the leading edge. 

 

Based on the findings from the numerical study of the smooth casing, a design optimisa-

tion procedure is developed for identifying an optimised groove design. This procedure 

is based on a surrogate-based optimisation method. The magnitude of the peak blockage 

location and adiabatic efficiency at conditions close to stall are used for finding the opti-

mised groove design. This method is different from the ‘black-box’ approach used by 

many researchers as found in the literature. The stall margin improvement gained by the 

optimised groove is about 1%. Further studies are conducted by changing the optimised 

groove axial location and simulating the grooved casing at part-speed conditions. No det-

rimental effects to the stall margin improvement are found at part-speed conditions. 

 

The design optimisation method is numerically validated on a low-speed version of the 

testbed transonic compressor test rig. For this, the low speed blades are rescaled and de-

signed using an inverse design method. The aim of the design is to mimic the same stalling 

criteria as the high speed version. Using the same design optimisation approach applied 
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on the testbed compressor, a single casing groove design is obtained. The effect of the 

optimised casing groove on the stall margin improvement is studied using numerical sim-

ulation. The optimal groove design is found to improve the stall margin of the low-speed 

compressor by about 5.4%.  
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Chapter 1  

 

 

Introduction 

Axial compressors are widely used in gas turbines for propulsion and power generation. 

The role of the axial compressor is to pressurise the working fluid by imparting energy 

through a stage (or multiple stages) which consist of rotating blades (rotor) and down-

stream stationary blades (stator). Flow downstream of the compressor has a relatively 

higher pressure than the upstream which means that within the compressor, the flow trav-

els against an adverse pressure gradient. For this reason, flow in axial compressors is 

prone to instability problems such as boundary layer flow separation and tip leakage vor-

tex instability. The flow instability problem limits the working range of compressors 

within a stability margin. Beyond this stability margin, flow within compressor can un-

dergo rotating stall and this could be followed by surge for a compression system.  

 

Rotating stall is a local flow phenomenon at off-design conditions where the compressor 

tries to adapt to a relatively lower flow rate. At a lower mass flow rate, limited flow is 

shared unequally leading to some parts (or blades) of the compressor annulus handling 

relatively less flow than the rest. The flow in the compressor at this point is no longer 

axisymmetric whereby circumferentially non-uniform flow patterns occur around the an-

nulus. Compressors are no longer able to produce useful pressure rise as it enters rotating 

stall. On the other hand, surge is a compression system instability which may give rise to 

flow reversal across the whole compressor. The flow reversal is due to the failure of the 

compressor to provide positive net axial momentum flow due to the compressor stall. As 

a result, the flow is pushed in the negative direction (reverse flow) due to the prevailing 

adverse pressure gradient. Surge results in a drop in overall performance of the gas turbine 

and is a major safety concern especially in aviation. The failure of compressor to provide 

pressure rise may cause engine flameout which is catastrophic for propulsion systems. 

There have been several major incidents and accidents that have been linked to compres-

sor stall or surge. One of them occurred in 2009 when an aircraft was forced to land in 



 

2 
 

the Hudson River after the engines failed shortly after take-off (Tikkanen, 2020). The 

compressor of the engines stalled after ingesting a flock of birds. Although no casualties 

were reported, 5 people were seriously injured. In a different event in 2019, a military 

instructor pilot was killed during a touch-and-go landing practice (Losey, 2019). The pi-

lots heard a loud noise immediately after touching down which was followed by a loss of 

most of the engine’s thrust. The pilots realised that the compressor was stalling after no-

ticing the yawing and rolling motion of the aircraft. Despite numerous attempts, the pilots 

failed to recover the aircraft engine to normal operating conditions in which resulted in a 

crash. One of the pilots managed to safely eject from the aircraft while the other one failed 

to eject in time before the plane had crashed. Although, the reason for the compressor 

stalling was inconclusive, this event highlights the importance of improving the stability 

of compressors. This helps to prevent future accidents and improve the safety of flights. 

 

Figure 1-1 A generic axial compressor performance map  

Figure 1-1 depicts a generic compressor performance map. The compressor performance 

map characterises the global performance of the compressor over a range of speeds. The 

performance map is made up of constant speed lines (shown by smooth black lines), each 

line represents the operation of the compressor at a fixed rotational speed (Ω). Even 
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though, the compressor is designed initially to operate at the design speed, Ω𝐷,  a few 

scenarios require the compressor to run at various operating speeds to match the engine 

power demand. For instance, the demand for engine power in propulsion systems may 

vary depending on the various phases of flight. During take-off, the compressor is nor-

mally run at full-speed whereas it is run at a relatively lower speed during cruise and 

landing. In addition, for power generation systems, the compressor speed varies depend-

ing on the demand for electricity throughout the day and season.  

 

Figure 1-2 Generic compressor characteristic showing the choke, design and stability limit op-

erating point 

At a given speed, the performance of the compressor is shown by a performance charac-

teristic as shown in Figure 1-2. Each characteristic is bounded by the rotating stall and 

‘choke’ operating conditions. Rotating stall as explained previously can be triggered at 

low mass flow rates due to several reasons such as ingestion of foreign objects, high in-

cidence due to misaligned blades, and extreme weather conditions that induce non-uni-

form inlet flow. Rotating stall can also be initiated by other factors such as blade geomet-

ric deformations and manufacturing defects. These factors may cause the compressor to 

deviate from its design operating point due to (circumferentially) localised reduction in 

mass flow rate below a critical value as defined by the stability limit. The stall line in 

Figure 1-1 is the limiting line that cut across the all the stability limit operating point for 
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each of the speed lines. ‘Choke’ on the other hand occurs at very high flow rates where 

some parts of the compressor reach sonic conditions. A choked flow would mean that any 

changes to the downstream flow conditions will have no effect on the flow upstream be-

cause the flow is not travelling faster than the pressure waves. The operating range be-

tween the design operating point (operating point b), and the rotating stall point (operating 

point c) is referred to as the ‘stall margin’. A large stall margin would mean that there is 

a lot of room for the mass flow rate to be reduced before the compressor arrives at the 

rotating stall operating point. The method of extending the stall margin so that the rotating 

stall happens at relatively lower mass flow rate is known as ‘stall margin improvement 

(SMI)’. The fictitious new rotating stall point is annotated as operating point 𝑐’ in Figure 

1-2. A common definition used for calculating SMI is described in Equation 1-1.  

 

𝑆𝑀𝐼 = 𝑆𝑀′-𝑆𝑀  

𝑆𝑀𝐼 = [1 −
𝑃𝑅𝑏

𝑃𝑅𝑐′

𝑚
𝑐′

𝑚𝑏
]-[1 −

𝑃𝑅𝑏

𝑃𝑅𝑐

𝑚𝑐

𝑚𝑏
] (1-1) 

 

Here, 𝑆𝑀’ is the stall margin calculated between the design operating point (operating 

point b) and the fictitious new rotating stall point (operating point 𝑐’). 𝑆𝑀 is the stall mar-

gin between the design operating point and the existing rotating stall operating point (op-

erating point 𝑐). 𝑃𝑅 and 𝑚 are the pressure rise and the mass flow rate, respectively. 

 

SMI can be achieved using ‘passive casing treatments’ such as ‘circumferential grooves’. 

Circumferential groove is a continuous cavity in the circumferential direction that can be 

machined over the rotor blade tip into the rotor casing. The design of circumferential 

casing grooves is currently a subject of active research. Although the concept of using 

circumferential grooves for SMI is not new, the method of finding the optimal location 

and size of the grooves is still a topic that needs further attention. 

 

The main aim of the present work is to develop a method of optimally designing a cir-

cumferential groove for stall margin improvement using numerical simulations. Chapter 

2 presents a background study on rotating stall and inception patterns. This includes ex-

perimental and numerical studies performed to understand the physics behind the devel-

opment of rotating stall. Additionally, a review on the use of casing treatments for SMI 
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is presented. Chapter 3 presents the numerical methods used in this thesis. Chapter 4 pre-

sents the validation of the numerical method using a transonic compressor rotor test case. 

The results from this validation are used to explain the physical flow mechanisms near 

the tip that lead to rotor stall. A blockage parameter that quantifies the blockage within 

the blade passage, especially in the tip region, has been introduced. Chapter 5 describes 

the method used for obtaining an optimised casing groove design. In this chapter, the 

theoretical concept and implementation of the optimisation method and the resulting 

groove are presented. The outcome and performance of the design optimisation method 

are presented in Chapter 6. The link between SMI and blockage reduction is discussed. A 

sensitivity study of the groove location and prospects of multiple casing grooves are also 

studied in this chapter. Chapter 7 presents the design of a low-speed axial compressor for 

numerically validating the casing groove optimisation strategy as implemented in the the-

sis. The physics of the near casing flow at low-speed is first explained and the same op-

timisation strategy is therefore applied to this low speed rotor. Finally, the summary, con-

clusions and recommended future works are presented in Chapter 8. 
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Chapter 2  

 

 

Literature Review and Research 

Objective 

 

2.1 Overview 

The first part of this chapter reviews related studies on rotating stall and its inception 

patterns in axial compressors. The aerodynamics of the tip region flow for high and low-

speed compressors are reviewed next due to its possible link to stall inception. Thirdly, 

casing treatment methods for stall margin improvement are presented. Finally, the objec-

tive of this research is identified and explained based on the reviewed literature.  

2.2 Rotating stall inception in axial compressors 

Some of the earliest attempts to understand rotating stall in axial compressor can be traced 

back to the early 1950’s. Huppert (1952) conducted experiments on a single and multi-

stage axial compressor. Based on the experiments, two types of rotating stall are found. 

The first type is a ‘progressive’ type stall where the reduction in pressure ratio is small 

and less dramatic. ‘Progressive’ stall is linked to a multiple stalled region or otherwise 

known as part-span stall as shown in Figure 2-1a). A part-span stall is a high frequency 

propagating stall that is initiated near the blade tip. The stall regions known as ‘cells’ are 

equally spaced around the annulus. The speed of the propagation was observed to be al-

most 85% of the compressor speed. The second type of stall is known as an ‘abrupt’ stall 

where a sharp and dramatic drop of pressure ratio is found. This type of stall is associated 

with a single-stalled cell known as a full-span stall as shown in Figure 2-1b). A full-span 

stall is a low frequency propagating stall that rotates at approximately a third of the com-

pressor speed. A part-span stall may develop into a full-span stall if the compressor is 

throttled even further. 
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Figure 2-1 Development of stall cells for a) part-span and b) full-span across the annulus 

 

Figure 2-2 Propagation of stall cells explained by Emmons et al. (1955) and adapted from (Day, 

1993b). a) Development of stall in one of the blade passages at time, 𝑇 = 𝑡1 and b) subsequent 

propagation of the stall cell into the adjacent blade passage  
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The works of Emmons et al. (1955) was among the first to explain the idea of the propa-

gation of stall cells. Figure 2-2 shows a single bladed row of an axial compressor under-

going stall. As the compressor approaches stall, a local velocity deficit causes a change 

in the flow incidence. The flow at a relatively higher flow incidence is intolerable to the 

pressure rise across the rotor. This causes the flow to separate from the blade as shown 

happening to the middle blade. The flow separation acts as a blockage that effectively 

reduces the through flow. In addition, the blockage caused by the separated flow causes 

the incoming flow to be spilled to the adjacent blade passage.  The spillage causes an 

increase of the incoming flow angle of the adjacent (left) blade passage and reduction of 

the incoming flow angle of the right blade passage. Subsequently, the left blade passage 

will therefore be subjected to stall while the middle blade passage will recover from stall. 

Hence, in the relative frame of reference, the stall cell propagates to the left passage which 

is the opposite to the blade rotation. The propagation of the stall cells is commonly known 

as ‘rotating’ stall.  

Greitzer (1976a, 1976b) showed that rotating stall and surge can both be linked to the 

compression system instability. It was shown that flow perturbations in a compressor may 

develop into rotating stall or surge depending on the resonance frequency of the compres-

sion system. McDougall et al. (1990) performed experiments on a single stage low speed 

axial compressor to investigate the link between the flow perturbations and the inception 

of rotating stall. For a relatively small tip clearance, modal disturbance prior to rotating 

stall was observed near the hub region and the hub blockage is larger than the near casing 

blockage. As for relatively larger tip clearances, the casing blockage is larger than at the 

hub and the modal perturbations are observed near the casing prior to stall. From these 

findings, it was concluded that the modal perturbations prior to stall are dependent on the 

endwall blockage.  

The link between modal perturbations and stall inception was further investigated by Day 

(1993b). Experiments conducted on two low speed axial compressors suggest that modal 

perturbations and the formation of stall cells are two separate events. Modal perturbations 

are associated with a long wavelength circumferential disturbance within an otherwise 

axisymmetric flow field. The formation of stall cells on the other hand represents the 

breakdown of flow symmetry which may not be preceded by signs of modal perturba-

tions. A rapid breakdown of flow symmetry, without any warning, occurs if the formation 

of stall cells is not preceded by modal perturbations. Data from both compressors suggest 
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that this event is linked to a short-length type disturbance that originates from the near 

casing region. This type of disturbance is later known as a ‘spike’-type stall because of 

the ‘spike’-like pattern that appear in velocity traces prior to rotating stall (Camp and Day, 

1998). Up until here, two types of stall inception patterns have been established. The first 

is the modal-type stall where the breakdown of flow symmetry is preceded by modal 

perturbations. Secondly, a ‘spike’-type stall where an abrupt destruction of flow sym-

metry is observed without any signs of modal perturbations. Experiments performed by 

the above authors in a low-speed multi-stage axial show that the spike appears to originate 

at the tip. Furthermore, it was shown that modal-type stall and spike-type stall can be 

identified by examining the slope of the total-to-static compressor characteristic near stall 

as depicted in Figure 2-3. This finding is obtained from a series of tests on the same multi-

stage low-speed axial compressor by varying the rotor incidence. The rotor incidence is 

varied by varying the stagger angle of the inlet guide vanes and stator blade rows. Spike-

type stall is found to occur on the negative slope of the characteristic before the peak 

pressure rise is reached. On the other hand, modal-type stall is found to occur on the 

positive slope of the characteristic when the characteristic rolls-over the peak pressure 

rise.  

 

Figure 2-3 Characteristics of a compressor exhibiting modal and spike stall (adapted from Camp 

and Day (1998)) 

 

Two criteria for a spike-type stall were proposed by Vo et al. (2008) through unsteady 

numerical simulations. The first is the leading edge ‘spillage’ where the incoming flow 
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spills into the adjacent blade passage due to increased blockage at the tip region. The 

spillage is caused by the upstream movement of the interface where the inlet flow inter-

acts with the tip leakage flow. At a relatively lower mass flow rate, the above interface 

loses its momentum balance and is pushed towards the leading edge of the adjacent blade 

which results in blockage. The second criterion for spike-type stall is the reversal of the 

tip clearance flow at the blade trailing edge. This happens as a result of increased tip 

clearance blockage that displaces the flow around the blade before moving upstream in-

side the adjacent blade passage. It is stated that both the above criteria which are linked 

to the tip leakage flow are required to be present for a spike-type stall. 

2.3 Aerodynamics of the tip region flow  

The previous section has discussed the characteristics of stall where two types of stall 

inception patterns have been established. So far, the link between tip region flow and the 

inception of spike-type stall is not yet established although strong evidence shows that 

spike-type stall originates from the near casing region. Therefore, the current section re-

views some studies that have been conducted to link the aerodynamics of the near casing 

flow with the inception of spike-type stall.  

 

 

Figure 2-4 a) Illustration of a tip leakage vortex phenomenon in an axial compressor. b) Roll-up 

of the tip leakage flow into a vortex due to the pressure difference between the pressure and 

suction side (view from the front looking into the compressor). 
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Figure 2-4 shows an illustration of a tip leakage vortex in an axial compressor obtained 

numerically. The tip leakage flow is driven by the pressure difference between the blade 

surfaces. The relatively higher pressure near the pressure side as compared to the suction 

side causes the leakage flow to be pushed through the clearance between the blade and 

casing as the blade rotates. The tip leakage flow rolls up into a tip leakage vortex as it 

exits the tip clearance. 

Furukawa et al. (1999) studied the characteristics of the tip leakage vortex for a low speed 

compressor. Using numerical simulations, vortex breakdown was shown to occur at a 

slightly lower mass flow rate than the peak pressure rise operating point. The vortex 

breakdown is identified as a ‘bubble’-like structure near the mid-passage. This breakdown 

region grows rapidly in size and results in a large blockage effect as the mass flow rate is 

reduced. A further reduction in mass flow rate show that the breakdown region occupies 

a relatively larger portion of the blade passage which causes a three dimensional flow 

separation on the blade suction side. This results in an abrupt drop in the compressor 

pressure rise. Numerical simulations performed by Hoying et al. (1999)  show that the 

spike-type stall can be linked to the upstream movement of the tip leakage vortex at con-

ditions near stall. At near design conditions, the trajectory of the tip leakage vortex is 

pushed inside the blade passage by the momentum of the incoming flow. As the compres-

sor is throttled towards stall, the strength of the tip leakage vortex increases due to in-

creased tip loading.  This results in an upstream movement of the tip leakage vortex tra-

jectory in order to restore equilibrium. At this point, trajectory of the tip leakage vortex 

is perpendicular to the axial direction near the blade leading edge. The breakdown of the 

flow symmetry is observed when the tip leakage vortex ‘spills forward’ as the mass flow 

rate is further reduced. Mailach et al. (2000) investigated the link between the tip leakage 

flow and the near casing aerodynamic instabilities in a multi-stage low speed axial com-

pressor. The above authors found that at near stall conditions, the aerodynamic instability 

is caused by periodical interactions of the tip leakage flow with the incoming flow of an 

adjacent blade. The near casing aerodynamic instability is responsible for noise and blade 

vibrations problems. 
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The tip leakage flow aerodynamics for low-speed compressors differ from high-speed 

compressors due to the absence of passage shock. For high-speed compressors, the near 

casing region is affected by the shock-tip leakage vortex (TLV) interaction as shown in 

Figure 2-5. The position of the shock varies depending on the operating conditions of the 

compressor. The change in the structure and location of the shock increases the intensity 

of the shock-TLV interaction and hence results in the increase in blockage. In Figure 2-

5a), the shock is located inside the blade passage and is attached to the blade LE. As the 

compressor approaches stall, as shown in Figure 2-5b), the shock detaches from the blade 

LE. This causes the shock to interact more with the TLV. Adamczyk et al. (1993) con-

ducted numerical simulations on a high-speed fan rotor to investigate the flow instability 

initiated by the tip leakage flow. The height of the tip gap is varied to investigate its effect 

on the performance of the high-speed fan. It was found that the pressure ratio reduces 

with a relatively larger clearance and the efficiency is maximum when no gap is present. 

The interaction between the passage shock and the tip leakage vortex results in a build-

up of blockage near the casing region. The size of the blockage region grows and moves 

upstream when the mass flow rate is further decreased. When no gap is present, the fan 

exhibits a wider stable operating region due to the absence of the shock-TLV interaction. 

Suder and Celestina (1996) showed that the shock-TLV interaction is responsible for the 

near casing blockage inside a transonic isolated rotor compressor. Results from experi-

ments and numerical simulations show that the blockage region increases in the circum-

ferential and radial direction as the compressor is throttled towards stall. The blockage 

region is thought to be responsible for relatively higher incidence angle at near-stall con-

ditions. Suder (1998) later showed that the near casing blockage is two to three times 

higher than the core flow region at conditions close to stall. At part-speed conditions 

where the effect of the shock is weaker, the casing blockage is found to be relatively lower 

than at design speed conditions. This clearly shows that the shock-TLV is responsible for 

additional blockage due to stronger interaction at design speed conditions as compared to 

part-speed conditions. Schlechtriem & Lötzerich (1997) numerically showed that shock-

TLV interaction is responsible for a TLV breakdown in transonic axial fan rotor. Numer-

ical simulations on a mixed-flow and centrifugal compressor however show no signs of 

TLV breakdown. The TLV breakdown is thought to be responsible for significant block-

age regions which eventually lead to stall. 
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Figure 2-5 Illustration of a passage shock-TLV interaction in a high-speed compressor 

environment. a) At near choke and b) near stall conditions. 

 

Another aerodynamic phenomenon near the casing region that can be linked to a spike-

type stall is the radial separation vortex (RSV) as illustrated in Figure 2-6. The existence 

of RSV can be linked to the existence of bound vortices on the blade that is responsible 

for generating lift. As the compressor approaches stall, the flow near the tip leading edge 

(LE) separates. As a result of the flow separation, the bound vortex is released from the 

blade surface near the tip. The released vortex resembles a tornado-like structure of pre-

dominantly radial vorticity.  

 

Figure 2-6 Illustration of a radial separation vortex phenomenon occurring near the tip region 
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Within a low-speed compressor environment, the RSV is said to be responsible for a 

‘spike’ type disturbance near the casing (Inoue et al., 1999; Pullan et al., 2015; Yamada 

et al., 2012). Inoue et al. (1999) experimentally showed that the RSV created reverse flow 

regions near the casing downstream of the rotor blade. The rotation of the blade causes 

the RSV to stretch and break away from the blade and subsequently propagate into the 

adjacent blade passage. Numerical simulations performed by Yamada et al. (2012) 

showed that the circumferential propagation of the RSV as it breaks away generates a  LE 

separation on the adjacent blade. The LE separation is propagated into the rotor passage 

and eventually develops into stall cells. Pullan et al. (2015) showed that the RSV can also  

exists in a low-speed axial compressor with no tip gap. This shows that the tip leakage 

flow is not a requirement for RSV to exist. The RSV has also been shown to exist in a 

high-speed environment as shown by Brandstetter et al. (2018). At near stall conditions, 

optical measurements near the casing show that a large blockage region exist due to the 

breakdown of the TLV. The blockage region causes a ‘spill forward’ effect which causes 

the flow at the LE to separate. This LE separation develops into a RSV and is shed into 

the blade passage. 

2.4 Stall margin improvement methods 

The understanding of the flow mechanism that is responsible for stall has sparked interest 

for finding ways to delay stall. The idea for delaying stall can be traced back to the early 

1950’s. After nearly 70 years of research, stall margin improvement technologies are yet 

to be fully utilised in production engines. This is because, apart from performance bene-

fits, some other aspects are required to be considered before employing casing treatment 

technology in production engines. These include the cost, manufacturability, aerome-

chanical and acoustics impact. Some of these challenges are discussed as the methods for 

delaying stall are reviewed in this thesis. 

In general, studies related to stall margin improvement can be categorized into active and 

passive treatment methods. Paduano et al. (1993) used an active feedback control tech-

nique to suppress modal waves that occur prior to rotating stall in a low-speed axial com-

pressor. The technique involves using variable inlet guide vanes (IGV) that obtained feed-

back from hot wire measurements. The stagger of the IGV are individually controlled to 

create a disturbance in order to damp the modal waves that appear prior to stall. This work 
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has shown that actively suppressing the velocity perturbations may increase the stability 

range up to 20%. Day (1993a) tested active stall control techniques using air injection 

valves on a low speed multi-stage compressor. Two types of injection were used in this 

work. In the first method, air injection was used to suppress the development of modal 

perturbation prior to the formation of rotating stall. Twelve air injection valves were 

placed around the annulus near the tip of the first rotor. Hot wire measurements provided 

feedback to the valve control system. The modal waves were damped by opening all in-

jection valves simultaneously. The stall margin improvement by applying this technique 

was 4%. The second method involves air injection at a local disturbance to remove block-

age caused by the development of stall cells. This method differs from the first method 

as only one valve opens when a disturbance region is detected. A stall margin improve-

ment of 6% was obtained using this technique. Day et al. (1999) investigated the prospects 

of applying active stall control techniques to four high-speed compressors. Each com-

pressor was supplied by different industrial companies. At first, tests were conducted to 

characterize the stalling process of each compressor. Parameters such as compressor 

speed, IGV setting, and Reynolds number were varied to investigate the effect of these 

parameters on the stall inception pattern. From these tests, several observations were 

made. Modal and spike stall occurred in most of the compressors tested. One compressor 

experienced abrupt stalling in which was difficult for application of any active stall con-

trol measures. Other forms of instabilities such as shaft order disturbances and inlet dis-

tortion were also identified. Shaft order disturbances can be easily identified and ignored 

by the active control system since the frequency associated with the disturbance is well 

defined. Inlet flow distortion such as from nacelle separation and ingestion of hot fumes 

were found to generate spikes and modes in some regions inside the compressor. Based 

on these observations, it was concluded that the major challenge for active stall control is 

the ability to identify and classify all the disturbances that may exist in a compressor. The 

feasibility of active stall control technology was tested on real engine by Freeman et al. 

(1998). Active control bleed valves were used on a Rolls-Royce Viper turbojet engine. 

Stall was artificially induced using several methods such as combustor air in-bleed, hot 

gas ingestion and fuel spiking. Flow perturbation across the compressor were detected 

using high-frequency response pressure transducers. Stall cells were eliminated through 

controlled recirculation of pressurised bleed air. It was shown that the active stall sup-

pression method was able to extend the surge margin of the compressor at different oper-

ating speeds and stall inducing methods. However, although it has been demonstrated that 
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the active stall suppression method is promising on a real engine testbed, there is still a 

lot of work required for making this method flightworthy. 

As opposed to active treatments, passive treatments do not involve the usage of a feed-

back control system. Passive treatments are often applied on endwalls especially on the 

casing owing to the reasons explained in the previous section. This method also applies 

to tip-critical compressors that are highly like to exhibit spike-stall. Passive casing treat-

ments are relatively easier to design and cheaper to implement as compared to active 

treatments. This is because active treatments require extra hardware for the feedback sys-

tem which may add cost and additional weight to engines. Furthermore, active control 

methods may not be possible for spike-type stall. Spike-type stall happens so rapid which 

is reported  to be within 3 rotor revolutions after the appearance of the spike in velocity 

traces (Vo et al., 2008). This requires a feedback system with a high response time to 

remove the blockage associated with the spike to prevent the compressor from stalling. 

This is difficult to design, and this explains why passive casing treatments are more at-

tractive for a spike-type stall. 

Past attempts in using passive casing treatments for stall margin improvement have been 

compiled and reviewed in detail by Hathaway (2007). Early passive casing treatment 

technology were inspired by boundary layer control methods such as blowing and suction. 

These methods later evolved into more advanced methods such as casing wall recircula-

tion method. 

 

Figure 2-7 Casing wall self-recirculating concept  

Inlet port 

Exhaust port  

Rotor Flow 
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Hathaway (2002) and Khaleghi (2014) numerically tested casing wall self-recirculating 

concepts in high-speed compressors. Casing wall self-recirculating concept as shown in 

Figure 2-7 is a method of re-injecting air into the upstream casing region using the air 

that is bled from downstream of the compressor. This is done by an external ducting that 

connects the downstream and upstream region of the compressor rotor. The injected air 

reenergises the low flow momentum region at the near casing which resulted in a stall 

margin improvement. However, the real challenge of applying this type of casing treat-

ment is the design of the bleed and injection system. The effectiveness of casing wall self-

recirculating concepts relies on factors such as the location of where air is re-injected and 

the amount of mass flow that is bled. As noted by Strazisar et al (2004), the self-recircu-

lating concept requires a two-to-one pressure ratio between the injector supply pressure 

and the static pressure upstream of the rotor tip for maximum effectiveness. This pressure 

ratio requirement may not be available across a single stage that necessitates air to be bled 

from stages located downstream of a multi-stage compressor. Furthermore, the design of 

the injector should be such that it is small enough to be placed in the inter-blade row gap, 

which typically is a fraction of the rotor chord. The injector should also be non-intrusive 

so that it does not add blockage effects to incoming flow. Therefore, although self-recir-

culating casing treatments are promising for stall margin improvement, a lot of work is 

still required for designing the injection system in order to integrate this technology to 

existing engine designs. 

As compared to endwall recirculation treatment methods, axial slots and circumferential 

grooves can readily be integrated to any engine once the design has been finalised. This 

is because axial slots and circumferential grooves are considered as non-intrusive and can 

be engraved onto the casing of existing engines. In addition, axial slots and casing grooves 

do not require any additional hardware which, in a way, reduces the cost of the casing 

treatment development. In fact, circumferential grooves have been used in production 

engines as reported in Hathaway (2007). The difference between axial slots and circum-

ferential grooves are depicted in Figure 2-8. A circumferential groove is a continuous 

cavity that extends around the whole annulus in the circumferential direction. On the other 

hand, axial slots are cavities that are discrete in the circumferential direction and also 

extend axially as compared to grooves. The cavities (groove and slots) allow the flow in 

the tip region to be transported radially in order to energise the low momentum flow as-

sociated to the tip region aerodynamics. 
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Figure 2-8 Circumferential groove and axial slots casing treatment methods 

 

Osborn et al. (1971) and Moore et al. (1971) tested the performance of several types of 

casing treatments methods in a high-speed compressor. The casing treatment included 

circumferential grooves and axial slots. Axial slots were found to perform better than 

circumferential grooves in terms of stall margin improvement, but the former resulted in 

a relatively higher loss of efficiency. The same trend was also reported by Prince et al. 

(1975) and Fujita and Takata (1984) when testing the performance of circumferential 

grooves and axial slots in a low speed axial compressor. Fujita and Takata (1984) also 

noted that the selection of casing treatment should not be based on only a single parameter 

whether it is stall margin improvement or efficiency penalty. Instead, the choice of casing 

treatment should be judged based on both SMI and efficiency penalty to determine which 

casing treatment is superior. The findings here clearly show that the selection of the cas-

ing treatment should be aimed at the one that balances between SMI and efficiency pen-

alty. Experiments and numerical studies by Houghton (2010) suggest that there can be no 

superior casing treatment when choosing between axial slots and circumferential grooves. 

The choice should also put into consideration the type of compressor that needs treatment 

and also the design requirement. For instance, if the design of the casing treatment permits 

a relatively high efficiency penalty, then casing with axial slots could be a design consid-

eration. If the casing treatment design permits no efficiency penalty, then circumferential 

grooves could be a choice. This indicates that a direct comparison cannot be made when 

comparing between axial slots and circumferential grooves. Nevertheless, the previous 

discussions did not include other aspects such as manufacturability and acoustic impacts. 
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If these design conditions are factored in, circumferential grooves can be considered as 

the best choice. From the manufacturability perspective, circumferential grooves are rel-

atively easier to machine as compared to axial slots. In addition, the discrete nature of 

axial slots also require acoustic tuning during design as shown in Osborn et al. (1971).  

The preceding discussion in this section is only intended to inform the reader of the major 

types of casing treatment concepts that have been considered in the literature. Compara-

tive study of each of the available casing treatment design is not within the scope of this 

thesis. Considering that there is a prospect of testing casing treatment designs on a test 

rig, a circumferential groove casing treatment is selected for this study. This selection is 

based solely on the aspects of manufacturability since a circumferential groove is rela-

tively easy to manufacture with respect to the other available methods. 

2.5 Circumferential groove casing design  

Studies related to circumferential grooves has been attempted for both high speed and 

low speed compressors. Bailey (1972) performed experiments using multiple casing 

groove configurations on a single stage transonic axial compressor. The number of 

grooves, location and depth were varied throughout the test. The deepest groove showed 

the best performance with respect to the relatively shallow ones when tested at design 

speed. The best SMI was gained when five deep grooves were located at about the tip 

mid-chord of the rotor blade. Numerical studies by Rabe and Hah (2002) suggest that the 

depth of the groove do not impact the SMI for a highly loaded compressor. The SMI of 

five deep equally spaced groove across the rotor tip is similar to when only the first two 

of the five grooves were used. Muller et al. (2011) tested four casing groove configura-

tions on a single stage transonic axial compressor at different rotor speeds. The depth and 

coverage region of the rotor tip chord were varied. Steady-state numerical simulations 

were also performed to help in understanding the physical effect of the grooves on the tip 

region flow. The best SMI was obtained when deep grooves that covered a relatively 

larger length of the tip chord were used. In addition, the shallow grooves were found to 

increase the peak efficiency at design speed as compared to the smooth casing. From the 

near casing Mach number contour plot, the SMI obtained was explained to be caused by 

the reduction of blockage region. The blockage region is reduced due to the interaction 

between the leakage flow and the flow into and out of the grooves. This prevented the 

‘spill forward’ effect thus delaying the onset of stall. Chen et al (2013) numerically ana-

lysed the effect of multiple casing grooves in a single stage transonic compressor. It was 
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shown that the SMI due to the groove was linked to the reduction of the negative tip axial 

flow momentum. Flow into and out of the grooves provide a positive net axial momentum 

that reduces the backward momentum of the tip leakage flow. The greatest contributions 

to increase axial momentum were found to be from the first four grooves located aft of 

the tip leading edge. This positive axial momentum supplied by the grooves in other 

words, can be interpreted as the reduction of blockage. Sakuma et al. (2013) numerically 

studied the effect of the location and depth of a single casing groove on a transonic iso-

lated axial compressor rotor. The axial location of the groove was varied over the tip. The 

best groove in terms of SMI was found when the deep groove was located at 20% of 𝑐𝑎𝑥,𝑡 

aft of the tip leading edge. As compared with other groove axial locations, the groove at 

this location causes a large reduction of the tip leakage flow momentum. The reduction 

of the leakage momentum caused a deflection of the TLV trajectory and also resulted in 

shifting the location of the blockage region. Ross et al. (2017) tested seven casing groove 

configurations on the same transonic compressor as found in Chen et al. (2013). A linear 

relationship between SMI and the casing groove location was found by performing an 

analysis of the tip region smooth casing axial momentum flux density. The individual 

SMI produced by each groove was found to be additive when combined. 

For low-speed subsonic compressors, circumferential grooves have also shown promising 

results in terms of SMI. Shabbir and Adamczyk (2005) performed a numerical study on 

a multi-stage low speed axial compressor. Multiple equidistant circumferential grooves 

were located on the casing around the first rotor. It was shown that removing the last 

groove from this multi-groove configuration does not affect the SMI. An axial momentum 

balance analysis shows that the SMI is caused by the radial transport of axial momentum 

across the groove. Unlike for a smooth casing, casing grooves provide an alternative path 

for the blocked flow to be transported radially. In the axial momentum balance equation, 

this provides a positive term that helps to balance the axial pressure force and hence delay 

the onset of stall. The downstream blockage is also shown to be reduced due to the intro-

duction of the casing grooves. Houghton and Day (2011) performed experiments and nu-

merical simulations to find the best possible circumferential casing groove design. First, 

a single circumferential groove is varied axially across the rotor tip. The best SMI was 

obtained when the groove is located at 10% and 50% of the tip axial chord aft of the tip 

leading edge. The efficiency penalty due the groove, however, was found to be negligible 

when it was located about the mid-chord. From this analysis, the best case for a single 
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circumferential groove is determined to be at the mid-chord. Secondly, additional grooves 

were placed aft of the previously determined single groove to investigate the effect of 

multiple casing grooves on the SMI and efficiency penalty. Increasing the groove count 

to three results in a drop of SMI and also increase in efficiency penalty. Experimental 

testing by Li et al. (2014) also show a similar trend as those obtained in Houghton and 

Day (2011) in terms of the relationship between SMI and groove axial location. The above 

authors show that there exist two peaks of the SMI when the groove is varied axially. The 

two peaks are located near the leading edge and at about mid-chord. However, the highest 

SMI is obtained when the groove is located about the mid-chord as compared to the near 

the leading edge. 

Based on the literature review of studies related to circumferential casing groove design, 

several observations can be made as the following: 

1. The SMI due to the grooves can be linked to the reduction of near casing blockage. 

This is finding is consistent for both low-speed and high-speed compressors.  

2. There is a discrepancy related to best groove design in terms of location, size and 

number of grooves. This is partly because different compressors have distinctive 

blockage features that makes it difficult to expect any similarity between the find-

ings made by the authors. For instance, at high-speed conditions, the presence of 

the passage shock adds another aerodynamic feature at the tip region such as the 

shock-TLV interaction that is not present in low-speed subsonic conditions. If the 

comparison is made at the same speed conditions; for instance, at low-speed con-

ditions, the discrepancy can be expected from the compressor or blade design it-

self. The tip gap height, solidity, diffusion factor and loading coefficient are 

among the design factors that may influence the blockage characteristic of a com-

pressor. Therefore, it is difficult to find a circumferential groove design that is a 

‘one-size-fits-all’ to any compressor. This resorts to performing a design optimi-

sation to obtain a circumferential groove design that can be judged to be optimal 

for a particular compressor. 

 

2.5.1 Optimised casing groove design 

There has been a number of studies related to design optimisation of circumferential 

grooves in the past. Kim et al. (2011) performed a multi-objective optimisation study to 
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a multiple groove configuration on a transonic compressor rotor. The optimal groove 

width and depth of five equidistantly distributed grooves were found using SMI and effi-

ciency change as the objective functions. Two optimal multiple groove designs (extre-

mum of the Pareto-optimal solution) were chosen for additional verification through 

RANS simulations. From the performance characteristics, the calculated SMI due to the 

first optimised multiple casing groove design was 10.78% whereas the second one was 

1.204%. On a same transonic compressor rotor, Qin et al. (2013) performed an optimisa-

tion study that optimises the width, gap and also height of a multiple groove configura-

tion. The objective functions used is the change in stalling mass flow rate with respect to 

the smooth casing. The SMI obtained due to the optimised multiple groove configuration 

is 0.73%. The SMI reported in Qin et al. (2013) is closer to the SMI obtained due to 

second optimised multiple groove design of Kim et al. (2011). 

Both of the above optimisation studies reported improved stall margin when assessed 

numerically. However, there are two limitations when the SMI or stalling mass flow rate 

is used as one of the objective functions for the optimisation study. Firstly, the SMI or 

stalling mass flow rate of a groove design can only be known from a compressor charac-

teristic. This is to say that for any groove design variation, the full characteristic is re-

quired to evaluate the SMI. Constructing the characteristic requires several numerical 

simulations at different operating points until the stalling mass flow rate is found. This is 

computationally expensive even with the advent of today’s high-performance computers. 

The attempt of addressing this current problem is shown in Goinis et al. (2013) where the 

stalling mass flow rate is automatically determined using a PID controller algorithm. Sec-

ondly, optimising for SMI can be viewed as a ‘black-box’ optimisation approach. In a 

‘black-box’ optimisation approach, the optimiser algorithm has no input of the casing 

groove internal workings. The algorithm decides the optimum casing groove design (out-

put) from the input SMI of each groove design variation. Therefore, it is difficult to ex-

plicitly explain the physical significance of the output with respect to other design con-

siderations. This poses a question whether to trust the output of the algorithm, since the 

physics of optimum groove design cannot be directly linked to SMI. 

2.6 Research objectives 

Continuing from the preceding discussion, the primary objective of this thesis is therefore 

to address the second part of the problem in relation to a ‘black-box’ optimisation ap-

proach. In this thesis, a method for developing a physics-based approach for optimising 
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a single circumferential groove is presented. Although many authors talk about the link 

between blockage and SMI, there has been hardly any attempt to do this quantitatively. 

Therefore, in this study, a blockage quantification parameter is defined to quantify block-

age in an effort to further understand the physics of stall and SMI. This blockage param-

eter is then used as one of the objective functions for achieving SMI rather than using 

SMI itself as the objective function. Additionally, the use of this blockage-based param-

eter in a way reduces the computational cost required for constructing the optimisation 

algorithm. This is partly because, the performance of each groove variation can be directly 

evaluated from a single operating condition near-stall which does not require the con-

struction of a full compressor characteristic each time a candidate geometry is assessed 

during the optimisation process itself.
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Chapter 3  

 

 

Computational Method  

 

3.1 Overview 

This chapter describes the flow modelling process which is predominantly used in this 

thesis. First, the governing equations, turbulence modelling and numerical discretisation 

method are presented. This is followed by a description of the numerical domain and the 

grid. The boundary conditions used for the simulations are presented next. The chapter 

ends with a description of the convergence criteria that is employed in the present study. 

The convergence criteria need to enable a consistent way for identifying the stalling mass 

flow (or flow coefficient) for the various numerical test cases. 

 

3.2 Governing equations 

The physical motion of the fluid is governed by the Navier-Stokes (NS) equations. The 

NS equations are based on the principle of mass, momentum and energy conservation. 

The generic form of the three dimensional and compressible NS equations are shown in 

Equations 3.1 to 3.4. 

𝜕𝜌

𝜕𝑡
+ ∇ ∙ (𝜌𝑉⃗ ) = 0 (3.1) 

𝜕𝜌𝑉⃗ 

𝜕𝑡
+ ∇ ∙ (𝜌𝑉⃗ × 𝑉⃗ ) =  −∇P + ∇ ∙ 𝜏 + 𝐹  (3.2) 

Equation 3.1 is the mass continuity equation which governs the mass conservation law. 

Variable 𝜌 is the fluid density and 𝑉⃗  is the flow velocity. The momentum conservation 

law is represented by Equation 3.2. The left-hand side (LHS) of Equation 3.2 is the tem-

poral and convective terms of the flow which is balanced by the sum of the external forces 

exerted on the fluid. ∇P and 𝐹  are the pressure gradient and the sum of body forces across 
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a defined control volume, respectively. The term ∇ ∙ 𝜏  is the viscous stress tensor that can 

be related to the strain rate as shown in Equation 3.3 

𝜏 = 𝜇(∇𝑉⃗ + (∇𝑉⃗ )𝑇) − 𝜆𝛿∇ ∙ 𝑉⃗  (3.3) 

Variable 𝜇 on the first term at the right-hand side (RHS) of Equation 3.3 is the dynamic 

viscosity of the fluid and can be found from Sutherland’s formula. 𝜆 is the bulk viscosity 

coefficient and is set to −
2

3
𝜇 according to Stokes’s hypothesis. 𝛿 is the Kronecker delta 

function which returns a value of 1 for normal vectors. The conservation of energy can 

be expressed in the form shown in Equation 3.4. 

𝜕𝜌ℎ0

𝜕𝑡
−

𝜕𝑃

𝜕𝑡
+ ∇ ∙ (𝜌𝑉⃗ ℎ0) =  ∇ ∙ (𝑘∇T) + ∇ ∙ (𝑉⃗ ∙ 𝜏 ) + 𝑉⃗ ∙ 𝐹 + 𝑆  (3.4) 

Variable ℎ0 on the LHS of Equation 3.4 is the total enthalpy which can be calculated from 

the static enthalpy, ℎ, and 𝑉.⃗⃗  ⃗ The first term on the RHS of equation 3.4 can be associated 

with the heat diffusion of fluid. 𝑘 is thermal diffusivity coefficient and ∇T is the temper-

ature gradient across the control volume. The third term represents the internal heating 

on the fluid due to viscous effects whilst 𝑆  represents the external heating and can be 

omitted for adiabatic cases.  

 

3.3 Turbulence model 

For a turbulent flow, the NS equations are transformed into Reynolds Averaged Navier-

Stokes (RANS) equations through the Reynolds decomposition method. The Reynolds 

decomposition method is an averaging method meant for removing the fluctuating quan-

tities of the flow so that a time-averaged description of the flow can be obtained. This 

method adds a non-linear Reynolds stress term to the momentum equation. For this rea-

son, the RANS equations are considered underdetermined as there are more unknowns 

than the available number of equations. This is otherwise known as the turbulence closure 

problem when solving RANS equations. Closure of the RANS equations requires model-

ling of the non-linear Reynolds stress term. The Reynolds stress can be modelled by draw-

ing a relationship between the mean velocity gradients and the Eddy viscosity, 𝜇𝑡, based 

on the Boussinesq hypothesis. In this study, 𝜇𝑡 of the flow is calculated from a standard 

two equation k-𝜀 turbulence model (Launder & Spalding, 1974). This model relates the 
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turbulent viscosity 𝜇𝑡 to the turbulence kinetic energy, k, and the turbulence energy dis-

sipation, 𝜀 as shown in Equation 3.5.  

 

𝜇𝑡 = 𝐶𝜇𝜌
𝑘

𝜖
 (3.5) 

 

Here, 𝐶𝜇 and 𝜌 are the correction coefficient and fluid density, respectively. Although not 

shown here, the transport equations of 𝑘 and 𝜖 also consist of some adjustable coeffi-

cients, 𝜎𝑘, 𝜎𝜖 , 𝐶1𝜖, and 𝐶2𝜖 that are empirical values. Table 3-1 lists the default values of 

the coefficients used in this thesis.  

 

Table 3-1 Correction coefficients of the standard 𝑘 − 𝜖 model 

𝐶𝜇 𝜎𝑘 𝜎𝜖 𝐶1𝜖, 𝐶2𝜖 

0.09 1.0 1.3 1.44 1.92 

 

The standard k-𝜀 model is only valid for fully turbulent flows so a wall function is re-

quired for solving the equations in the laminar sublayer region up until the buffer region. 

The buffer region is the region between the laminar sublayer region and the law of the 

wall region. The buffer region is located at non-dimensional grid spacing, 𝑦+ = 11.225. 

A scalable wall function is used so that the k-𝜀 model can be applied to if the 𝑦+ is less 

than 11.225 (ANSYS CFX 17.1 Documentation). The selection of k-𝜀 model is discussed 

later in Chapter 5. 

 

3.4 Numerical discretisation method 

The governing equations are solved using commercial code ANSYS CFX 17.1. The code 

uses a finite volume method on an unstructured grid system for obtaining the solutions. 

The convective and diffusive terms across the control volume are converted to fluxes 

according to the divergence theorem. Since the solution variables are stored at the cell-

centred grid nodes, 𝜑𝑐𝑒𝑙𝑙, flux values at the cell volume faces, 𝜑𝑓, are evaluated using a 

high-resolution upwind scheme. The high-resolution upwind scheme as shown in Equa-

tion 3.6 is a blend between the first and second order upwind scheme. 
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𝜑𝑓 = 𝜑𝑐𝑒𝑙𝑙 + 𝛽∇𝜑 ∙ 𝑟  (3.6) 

Quantity 𝛽 is the blending factor which has a value between 0 to 1. A value of 𝛽 = 0 

results in a first-order upwind scheme whilst 𝛽 = 1  results in a second order accurate 

scheme. The blending is performed to address the shortcomings of the first and second-

order upwind schemes (ANSYS CFX 17.1 Documentation). Although a second order up-

wind scheme is more accurate than a first-order scheme, the second-order scheme has 

problems related to unboundedness for regions with a rapid solution variation. In order to 

avoid the unboundedness problem, 𝛽 is kept closer to 1 thus resulting in a quasi-second 

order accurate scheme. ∇𝜑 and 𝑟  are the upstream cell face value gradient and the dis-

placement vector from the upwind cell-centered nodal location to the evaluated cell face 

location, respectively. 

 

The discretised system of linear equations are solved iteratively using an Incomplete 

Lower Upper (ILU) factorization technique. The convergence rate of the iterative ILU 

technique is enhanced using an Algebraic Multigrid (AMG) method (ANSYS CFX 17.1 

Documentation). For the ILU scheme, the error in the order of the size of the domain 

appears as low frequency error (Moukalled et al. 2015). Low frequency error takes more 

iterations to be removed than high frequency error. This causes a slower convergence 

rate. The AMG method enhances the convergence rate by solving the system of equations 

on a hierarchy of virtual grid with different sizes. The convergence rate is enhanced by 

transforming the low frequency error to a high frequency error by solving the solution on 

a relatively coarser grid than the original grid size.   

 

3.5 Description of geometry 

3.5.1 Rotor 37 

The numerical study is performed on an isolated axial transonic compressor rotor, NASA 

Rotor 37. The aerodynamic properties of Rotor 37 are representative of an inlet rotor of 

an 8-stage advance core compressor with a 20:1 pressure ratio (Suder, 1996). The Rotor 

37 test compressor was originally designed for NASA’s research program to study the 

flow features of a single blade-row without any interactions arising from the upstream 

vane or downstream stator. The availability of extensive measurement data from the ex-

perimental research program made Rotor 37 ideal for validating in-house CFD codes as 
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shown by Ameri (2009) and Li (2014). Rotor 37 was also chosen as the numerical testbed 

for a ‘blind’ test to compare the performance of multiple CFD codes (Denton, 1997). 

Rotor 37 is known to exhibit a spike-type stall since the stall initiation mechanism is 

associated with the near casing flow. Together with the availability of experimental data 

for validation, this makes it an ideal test case for numerically testing casing treatment 

concepts using Rotor 37 (Kim et al., 2011; Qin et al., 2013; Sakuma et al., 2013).  

 

Table 3-2 Aerodynamic design parameters of Rotor 37 and the low-speed axial compressor 

(LSAC) 

 Rotor 37 LSAC 

Blade count 36 27 

Aspect ratio 1.19 1.23 

Tip solidity 1.3 1.34 

Total pressure ratio 2.106 1.015 

Rotational speed 17188.7 rpm 3000 rpm 

Tip speed 454.14 m/s 71.94 m/s 

Tip clearance 0.356 mm 1 mm 

Tip radius at LE 253.7 mm 229 mm 

Hub to tip ratio at LE 0.7 0.7 

Stage loading coefficient  0.37  0.37 

 

The second column of Table 3-2 summarises the aerodynamic design specifications of 

Rotor 37. The blade row has 36 multiple circular arc blades. The tip solidity has a value 

of 1.29. The design speed is 17188.7 rpm which results in a tip speed of 454.14 m/s. The 

design pressure ratio of 2.106 corresponds to a corrected mass flow rate of 20.19 kg/s. 

The choking mass flow rate found numerically by Suder (1996) is 20.93 kg/s. Further 

details regarding Rotor 37 test case geometry can be found from Reid and Moore (1978). 

The numerical domain of Rotor 37 as shown in Figure 3-1 consist of a single blade pas-

sage. A single blade passage simulation is thought to be appropriate since all the simula-

tions are conducted for operating points in the stability limit where periodic flow assump-

tions is reasonably valid. Furthermore, Rotor 37 is simulated in isolation (no upstream or 

downstream blade rows) so that the flow can be considered as steady in the relative frame 

of reference (Denton, 1997). The fillet at hub is removed for simplifying the meshing 
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process. The hub and shroud are divided into sections to mimic the relative motion be-

tween stationary and rotating walls. In this thesis work, the Rotor 37 geometry is used to 

study the stall development process within a transonic compressor rotor environment and 

to numerically design an optimised circumferential groove that improves the stall margin 

of the rotor. Discussion of the numerical study into the Rotor 37 performance with a 

smooth casing and for a casing with an optimised groove can be found in Chapter 4 and 

Chapter 5 respectively. 

 

 

Figure 3-1 A meridional depiction of the Rotor 37 domain (not to scale). 

 

3.5.2 Low-Speed Axial Compressor (LSAC) 

The LSAC as shown in Figure 3-2 is designed to test the effectiveness of the groove 

optimisation methodology in a low speed environment that is devoid of compressibility 

effects. The LSAC is designed to mimic the stalling behaviour of Rotor 37 at part-speed 

conditions, where the passage shock is absent using an inverse-design method. Table 3-2 

presents the aerodynamic properties of the LSAC. These values are obtained through 

high-to-low speed aerodynamic scaling exercise. The details regarding the design meth-

odology and specifications of the LSAC is explained later in Chapter 6. 
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Figure 3-2 Meridional cut-view of the LSAC (not to scale). 

 

3.6 Mesh generation 

3.6.1 Rotor 37 

The numerical domain of Rotor 37 is imported into ANSYS meshing package ICEM 17.1 

for generating the grid. The unstructured grid for the numerical domain is generated using 

a combination of hexahedral (H) and O-grids as shown in Figure 3-3. The total number 

of grids generated is about 4 million. The H-grid that covers the entire computation do-

main has 248 × 86 × 148 grid points in the axial, pitch and radial direction, respectively. 

As for the rotor blade, there are 125 streamwise grid points along the blade surfaces and 

115 radial grid points from hub to tip. The tip gap has 30 grid points radially. An O-grid 

is generated along the periphery of the blade to allow grid refinements closer to the blade 

surface. The O-grid has 35 grid points along the direction normal to blade surface. Grid 

refinements are also performed near the endwalls to resolve the turbulent boundary layer. 

The 𝑦+ near solid walls are less than 2.  

 

The grid resolution is chosen based on the outcome of a grid independence study. This 

grid independent study is performed at the near design operating point using three differ-

ent grid densities. The sizes of the three grids and a comparison of the resulting numerical 

mass flow rates are shown in Table 3-3. The difference between the inlet mass flow rate 

value for Grid B and C with respect to Grid A are 0.48% and 0.47%, respectively. The 
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effect of grid density on the blade surface static pressure distribution, 𝑐𝑝, is shown in 

Figure 3-4. The 𝑐𝑝 is calculated using Equation 3.7. 

𝑐𝑝 =
𝑃 − 𝑃1̿

𝑃̿01 − 𝑃̿1

 (3.7) 

Here, 𝑃 is the blade static pressure extracted at 98% span. 𝑃̿01 and 𝑃̿1 are the mass-aver-

aged inlet total pressure and area-averaged inlet static-pressure, respectively. The effect 

of grid density on 𝑐𝑝 at 98% span is small even when the number of grids in the tip gap 

is increased by a factor of 2 from Grid A to Grid C. Therefore, the Grid B is chosen for 

the all the Rotor 37 simulations as a compromise between simulation run time and the 

accuracy of the simulation. The grid resolution chosen is also benchmarked against other 

steady RANS numerical studies in the literature using Rotor 37. For comparison,  the 

number of grid points used by Hah and Loellbach (1999) and Sakuma et al. (2013) was 

0.5 million and 1.5 million grid points, respectively.  

 

 

 

 

 

Table 3-3 Grids used for the grid independence study and comparison of the inlet mass flow 

rate for Rotor 37 

Grid Total grid  Grid inside tip 

gap 

Inlet mass flow 

rate [kg/s] 

Change [%] 

Grid A 2 million 20 20.508 0.00  

Grid B 4 million 30 20.607 0.48  

Grid C 6 million 45 20.604 0.47  
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Figure 3-3 ICEM generated grid (Grid B) for the Rotor 37 calculations 

Tip 

Inlet hub 

Outlet hub 

hub 

Blade 

Tip gap 

Axial 

Radial 

Pitch 



 

33 
 

 

Figure 3-4 Comparison of the blade surface static pressure distribution for Grid A, B and C for 

Rotor 37 

 

3.6.2 LSAC 

The grids for the LSAC domain are generated using ANSYS Turbogrid 17.1. First, 2-D 

blade profiles at seven span heights are imported together with the hub and casing pro-

files. The grids are generated automatically by specifying the target grid node count and 

𝑦+ requirements near the wall. As shown in Table 3-4, three grid sizes are generated 

based on the target grid node count with the maximum 𝑦+ requirement is set to 2. In 

addition, the number of radial grid point in the tip gap is increased as the number of total 

grid nodes are increased. The change of the inlet mass flow rate between Grid A and B is 

0.32% whereas it is 0.36% between Grid A and Grid C. The 𝑐𝑝 calculated at 98%, shown 

in Figure 3-5, also show negligible changes except for at the leading edge near the pres-

sure side. Therefore, as a compromise between accuracy and computational resources, 

Grid B is selected for the LSAC numerical domain as shown in Figure 3-6. 
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Table 3-4 Grids used for the grid independence study and comparison of the inlet mass flow 

rate for the LSAC 

Grid Total grid node 

count 

Grid inside tip 

gap 

Inlet mass flow 

rate [kg/s] 

Change [%] 

Grid A 1.7 million 20 3.412 0.00 

Grid B 3.2 million 30 3.423 0.32 

Grid C 4.5 million 40 3.424 0.36 

 

 

 

Figure 3-5 Comparison of the blade surface static pressure distribution for Grid A, B and C for 

LSAC 

PS 

SS 
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Figure 3-6 Turbogrid generated grid (Grid B) for the LSAC calculations 

 

3.7 Boundary conditions for Rotor 37 and LSAC 

3.7.1 Rotor 37 

A total pressure and total temperature profile are prescribed at the inlet as shown in Figure 

3-7. The inlet profile is obtained from the measurements as reported in Dunham (1998). 

The inlet turbulence intensity is 1% with an eddy viscosity ratio of 1. At the outlet, a 

simple radial equilibrium static pressure is assumed. Rotor 37 is ‘throttled’ by gradually 

increasing the outlet hub static pressure ratio, 𝑃𝑒𝑥𝑖𝑡 𝑃𝑎𝑡𝑚⁄  from the choking point. The 

choking point for Rotor 37 is determined iteratively and corresponds to a value of 

𝑃𝑒𝑥𝑖𝑡 𝑃𝑎𝑡𝑚⁄ = 1.05. The hub static increment is 0.5% of 𝑃𝑎𝑡𝑚 and gradually reduced to 

find the numerical stall operating point. Numerical stall is determined iteratively using a 

‘bisection method’ until the increment size of Δ𝑃𝑒𝑥𝑖𝑡 reaches 5 Pa. The last stable operat-

ing point is the last solution that satisfies the convergence criteria. The entire domain is 

solved in the rotating frame hence stationary walls are set to counter-rotating. All walls 

are treated to be no slip, impermeable and adiabatic. 
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Figure 3-7 Total pressure and total temperature profile prescribed at inlet of Rotor 37 

 

3.7.2 LSAC 

The selection of the inlet conditions used for the LSAC simulations is guided by those 

used for the Rotor 37 simulations.  A total pressure and total temperature velocity profile 

was used as shown in Figure 3-8. The inlet profiles are artificially generated based on the 

inlet conditions of Rotor 37 shown in Figure 3-7. This is to simulate a similar level of 

blockage as in the high-speed case.  The inlet turbulence intensity is 1% with an eddy 

viscosity ratio of 1. At the outlet, a simple radial equilibrium static pressure is assumed. 

The LSAC is ‘throttled’ by gradually increasing the outlet hub static pressure from a value 

of 𝑃𝑒𝑥𝑖𝑡,ℎ𝑢𝑏 = 101350 𝑃𝑎. The backpressure increment is between a value of 50-100 Pa 

and is gradually reduced to find the numerical stall operating point. As in the case of 

Rotor 37 test cases, the numerical stall is determined iteratively using a ‘bisection 

method’ until the increment size of Δ𝑃𝑒𝑥𝑖𝑡 reaches 5 Pa. The last stable operating point is 

the last solution that satisfies the convergence criteria. The entire domain is solved in the 

rotating frame hence stationary walls are set as counter-rotating. All walls are treated to 

be non-slip, impermeable and adiabatic. 
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Figure 3-8 Total pressure and total temperature profile prescribed at inlet of LSAC 

 

3.8 Convergence criteria 

In the numerical study described in this thesis, a steady RANS code is used to predict the 

pressure rise characteristics of the isolated compressor rotor with smooth and grooved 

casing geometry conditions. The physical flow conditions could largely be considered 

‘steady’ over much of this characteristic line. However, for off-design conditions near 

stall it is less clear if such an assumption is strictly true (Vekinis & Longley, 2018). The 

approach taken in this thesis is that until stall has occurred the flow within the rotor blade 

passage could be treated as steady and periodic. The low mass flow condition where the 

code fails to converge is treated as the onset of ‘numerical’ stall. It is therefore important 

that the criteria of convergence used to compare the stalling mass flow (or flow coeffi-

cient) across the test cases is reasonably robust and consistent. A convergence criterion 

based on merely monitoring the residuals may not be sufficient. Therefore, a Coefficient 

of Variation (CoV) based convergence criteria is employed. The CoV of a monitoring 

parameter is defined as the ratio between the standard deviation and the mean value of 

the parameter. The CoV is used to measure the fluctuations of the monitored variable. A 

relatively low CoV means that change in the monitored variable is minimum. The inlet 

mass flow rate is chosen as the value being monitored. By using a moving average, the 

CoV of the inlet mass flow rate is updated for each iteration. A steady-state solution is 

accepted to be ‘converged’ if the following criteria are met: 
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1. The calculations are run for a minimum of 2000 iterations using an implicit 

scheme. 

2. The CoV of the inlet mass flow rate value must not exceed 10−3 for the last 200 

iterations. 

3. Residuals for mass, momentum and energy for the last 1000 iterations behave 

normally (fall below a nominal value of typically 10−4). 

Figure 3-9 shows the comparison of the residuals and CoV between a converged and non-

converged solution. The mass residuals show a periodic fluctuating trend. For a diverging 

solution as shown in Figure 3-9), the CoV will overshoot the specified threshold value of 

10−3
 although the mass flow rate residual falls to a relatively low value. 

 

Figure 3-9 Mass residuals and b) CoV history plot for a converged and non-converged case 

 

3.9 Summary 

The theoretical aspects of a three-dimensional, compressible and adiabatic RANS simu-

lation are briefly presented in this study. For this study, a 𝑘 − 𝜖 model has been chosen 

for turbulence closure. A mesh independence study was performed for the Rotor 37 and 

LSAC numerical domains by comparing the change in the inlet mass flow rate and the 

near tip blade static pressure distribution for three different mesh sizes. The numerical 

setup, boundary conditions and convergence criteria are also presented. The coefficient 

of variation (CoV) of the inlet mass flow rate is used as one of the convergence criteria 

for steady state simulations. 

a) 

b) 
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Chapter 4  

 

 

Validation and Discussion of Rotor 

37 Numerical Simulation Results 

with Smooth Casing  

4.1 Overview 

The first part of this chapter aims to validate the numerical simulation of the Rotor 37 test 

case with a smooth casing against the available experimental data. In addition, the general 

flow phenomena in a transonic compressor rotor environment is discussed. The second 

part of this chapter addresses the tip region aerodynamics that has been linked to the onset 

of rotation stall. In the final part of the chapter, a method of evaluating and quantifying 

blockage is presented.  

 

4.2 Validation with measured test data and discussion 

4.2.1 Performance characteristics 

The overall accuracy of the simulation is validated by comparing the pressure ratio and 

the efficiency performance characteristics of the simulation against the results from the 

Rotor 37 tests found in Suder (1996) as shown in Figure 4-1. The solid symbols show the 

experimental result while the open symbols show the simulation result. The total pressure 

ratio, 𝜋, and adiabatic efficiency, 𝜂, are calculated using Equation 4-1 and Equation 4-2, 

respectively.  

𝜋̿ =
𝑃̿0𝑜𝑢𝑡

𝑃̿01

  

(4-1) 

where : 
𝑃̿0

𝑃𝑟𝑒𝑓
=

[
 
 
 ∑ (

𝑃̅0,𝑟
𝑃𝑟𝑒𝑓

)
𝑗
𝑟=1

𝛾−1
𝛾

𝜌̅𝑟(𝑉̅𝑧Δ𝐴𝑟)

∑ 𝜌̅𝑟(𝑉̅𝑧Δ𝐴𝑟)
𝑗
𝑟=1

]
 
 
 

𝛾

𝛾−1
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η̿ =
𝜋̿

𝛾−1
𝛾 −1

Π−1
  where Π =

𝑇̿0𝑜𝑢𝑡

𝑇̿01
 (4-2) 

 

 

Figure 4-1 Performance characteristics of the simulation compared against the experiment re-

sult. a) total pressure ratio, π and b) adiabatic efficiency, η 

 

𝑃̿0out and 𝑃̿01 are obtained by first converting the respective radial distributions of total 

pressures, 𝑃̅0,𝑟, into their enthalpy equivalents and then mass averaging across the annu-

lus. Quantities 𝜌̅𝑟, and 𝑉̅𝑧 are the pitch-wise mass average of density and the axial velocity 

at the corresponding spanwise position, respectively. 𝐴𝑟 is the annulus area at the calcu-

lated 𝜌̅𝑟 and 𝑉̅𝑧 locations. 𝑃𝑟𝑒𝑓 is the atmospheric pressure and this remains a constant 

throughout the simulations, unlike in the case of experiments where it may vary with time. 

Converting the radial distributions of total pressure first, into their enthalpy equivalent is 

also known as the energy-averaged method. This averaging method is the same method 

found in Suder (1996). The expression Π in Equation 4-2 is the total temperature ratio 

calculated from the mass-averaged total temperature at the outlet (𝑇̿0𝑜𝑢𝑡) and inlet (𝑇̿0𝑖𝑛) 

plane. The specific heat ratio of air, 𝛾 is taken to be 1.4. The mass flow rate is normalised 

by the choking point (operating point 1) mass flow rate in order to obtain the normalised 

mass flow rate, 𝑚̃, as shown in the abscissa of Figure 4-1. The numerically obtained mass 

Measured 

stall flow 

Measured 

stall flow 

a) 

b) 
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flow rate at operating point 1 is 20.94 kg/s which is close to what has been found in Suder 

(1996). In the experiment, it was reported that choking did not happen in the rotor but 

occurred in the facility diffuser. The maximum mass flow rate at which the diffuser is 

choking was reported to be 20.9 kg/s. The calculated 𝜋 and 𝜂 show a good overall agree-

ment with the experiments where the error of most of the selected simulated operating 

points as shown in Table 4-1 are of the order of ±2% and ±1%, respectively.  

 

Table 4-1 Comparison of the numerically obtained 𝜋 and 𝜂 quantities with respect to the meas-

urements for selected operating points. 

Operating 

point 

𝜋 𝜋 
ϵ [%] 

𝜂 [%] 𝜂 [%] 
ϵ [%] 

Exp CFD Exp CFD 

3 2.02 2.07 2.48 89.06 87.85 1.21 

4 (ND) 2.08 2.12 1.92 87.88 87.49 0.39 

6 2.12 2.14 0.94 86.72 86.20 0.52 

8 (NS) 2.14 2.16 0.93 85.03 84.56 0.47 

 

As for the stall point, the simulation under-predicted the stalling mass flow rate of the 

experiment. The measured stall point occurred at about 𝑚̃ = 0.92 whereas the numerical 

stall point occurred at about 𝑚̃ = 0.90. The discrepancy between numerical stall point 

and measured stall point can be attributed to the weakness of RANS modelling in pre-

dicting stall. The predictive performance of RANS simulations is sensitive to several fac-

tors such as the mesh size, turbulence modelling and also the imposition of a steady state 

flow condition. As discussed by Cornelius et al. (2013), the sensitivity of the simulations 

due to the above-mentioned factors are more apparent as the compressor approaches stall. 

For instance, at design speed, the numerical domain with a relatively finer mesh stalled 

at a 2.5% lower mass flow rate than the domain with a medium density mesh. Steady-

state and periodic flow assumptions at off-design conditions when the compressor is ap-

proaching stall may also contribute to the under-prediction of the stalling mass flow rate 

of the experiment. This is mainly because of the unsteadiness that is associated with flow 

separation and the tip leakage flow at near stall conditions. Thus, while acknowledging 

the limitations of steady RANS modelling in predicting stall, the approach taken in this 

thesis is to use steady simulations to capture the flow as measured and presented by Suder 

(1996) with the least error possible. Some of this has already been discussed in Chapter 

3 where a mesh sensitivity analysis is shown and also the introduction of a convergence 



 

42 
 

criteria to consistently define the numerical stall point.  Other aspects such as the turbu-

lence model selection will be discussed further as the results of the simulation are com-

pared against the measured data. Nevertheless, the discrepancy in predicting the exact 

stall point mass flow due may be less relevant since the two major aims of the study are; 

first, to understand the physical mechanisms that lead to stall and second, to compare the 

stalling mass flows of selected casing geometries in relation to one another rather than in 

an absolute sense. 

 

4.2.2 Outlet radial distribution 

Figure 4-2 shows the outlet radial distribution of 𝜋̅ and 𝜂̅ for near-design (ND) and near-

stall (NS) operating point ND and ND are annotated as operating points 4 and 8, respec-

tively in Figure 4-1. The plot is obtained by mass-averaging 𝜋 and 𝜂  across the rotor 

pitch at the domain outlet. At the hub, a pressure deficit region can be seen for both point 

4 and 8. The flow trend at hub region is suspected to be caused by a hub corner separation. 

Initially, it was thought that the selection of turbulence model affected the ability of the 

code to predict the hub corner separation. This is due to the fact that in the blind test result 

(Denton, 1997), only one code managed to correctly predict the hub pressure trend. It was 

suggested that the code might have modelled the correct boundary layer condition for a 

hub corner separation. However, numerical studies by Shabbir et al. (1997) show that the 

selection of turbulence modelling is not the reason why CFD codes are not able to predict 

the hub corner separation. The above authors found that the hub pressure deficit can only 

be predicted when the hub leakage flow is introduced regardless of turbulence model 

chosen. It was found that the hub corner separation is caused by accumulation of hub 

leakage flow on the blade suction side of the blade that provoked a flow separation. Un-

fortunately, experimental confirmation on Rotor 37 test rig was not possible due the fact 

that the blades were damaged. The above authors, however, ran an experiment on a sim-

ilar test rig to confirm the effect of hub leakage on the hub pressure deficit.  
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Figure 4-2 Outlet radial distribution of 𝜋 of the simulation compared against the experiment re-

sult at a) ND (operating point 4) and b) NS (operating point 8). 

 

Due to the absence of the test data, modelling the hub leakage would not be a straightfor-

ward process as shown by  Seshadri et al. (2014). The leakage mass flow, radial angle 

and whirl velocity are among the properties that are unknown to re-create the same effect 

of the leakage on the hub pressure deficit. Therefore, another method is attempted to 

mimic the effect of hub leakage in the current simulation. One of the ways to re-create 

the hub corner separation without the existence of hub leakage is through the removal of 

the inlet boundary layer skew. 

 

The inlet boundary layer skew is the effect of relative motion between adjacent endwalls. 

As the endwall flow from the inlet stationary duct moves into the rotating rotor hub, a 

pitch-wise velocity component is introduced. The pitch-wise velocity in the relative frame 

varies from zero at the wall until it reaches the freestream velocity outside the boundary 

layer. This creates the ‘skew’ effect on the shape of the inlet boundary layer velocity 

profile if viewed together with the axial velocity profile. For compressors, the inlet bound-

ary layer skew is found to have an effect on the development of the hub corner separation 

(Lei et al., 2008). The inlet boundary layer skew creates additional turning to the flow 

that reduces the strength of the cross-flow. The cross-flow is the transport of flow towards 

a) b) 



 

44 
 

the blade suction side due to the pitch-wise pressure gradient. With less flow transported 

towards the blade suction side, there is a less chance for a hub corner separation.  

 

Figure 4-3 The effect of relative motion on the shape of the hub inlet boundary layer at operat-

ing point 4 (ND) 

 
In order to remove the of inlet boundary layer skew, another case is simulated where the 

hub of the inlet and outlet stationary duct (Figure 3-1) are set to rotating. This case is 

known as a full rotating hub (FH). The other case which represents the true condition of 

the experiment with no gap between the rotor wheel disk and stationary duct is abbrevi-

ated as partial rotating hub (PH). Figure 4-3 shows the comparison of the velocity profiles 

near the hub region for cases PH and FH at ND conditions. The velocity data is extracted 

at an axial plane located about 2.5% of the hub axial chord, 𝑐𝑎𝑥,ℎ, upstream of the hub 

leading edge. The axial velocity, 𝑉𝑧, and the relative pitch-wise velocity, 𝑉𝜃,𝑟𝑒𝑙, are nor-

malised by the blade speed at the hub. Only the bottom 20% span data is shown for clarity. 

As explained previously, the shape of the velocity profile for PH is ‘skewed’ due to the 

relative motion between the stationary inlet hub and rotating rotor hub. This is not the 

case when no relative motion between the inlet and rotor hub is present. 

 



 

45 
 

Flow separation results in pressure loss due to the formation of eddies and vortices. The 

effect of inlet boundary layer skew on the rotor downstream total pressure loss coefficient, 

𝑌𝑛, is shown in Figure 4-4. The pressure loss is calculated from Equation 4-3. 

 

𝑌𝑛 =
𝑃̿01,𝑟𝑒𝑙 − 𝑃02,𝑟𝑒𝑙

𝑃̿01,𝑟𝑒𝑙 − 𝑃̿1

 (4-3) 

 

 

Figure 4-4 Effect of the inlet boundary layer skew on the downstream total pressure loss coeffi-

cient, Yn at ND and surface streamlines for a) FH and b) PH case. c) Mach number contour on a 

meridional plane near the blade surface to show the location of the shock. 

 

Here, 𝑃01,𝑟𝑒𝑙 and 𝑃1 are the mass-averaged relative total pressure and the area-averaged 

static pressure at the inlet. 𝑃02,𝑟𝑒𝑙 is the relative total pressure at about 5% of  𝑐𝑎𝑥,ℎ down-

stream of the rotor trailing edge. Surface streamlines are also plotted on the blade suction 

side (SS) and hub wall to compare the flow field of cases PH and FH. For case FH where 

no skew is present as shown in Figure 4-4a), a separated flow region is observed and 

results in a large loss core aft of the blade. For the case PH where boundary layer skew is 
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present as shown in Figure 4-4b), the size of loss core and separated region is relatively 

smaller than FH. A white dotted line indicates flow separation on the SS which occurs 

about halfway through the blade chord. The SS separation is not related to the effect of 

boundary layer skew but can be linked to the shock-boundary layer interaction as shown 

in Figure 4-4c). The Mach number contour is plotted at a meridional plane close to the 

blade SS. The dotted line is the shock that coincides with the separation line shown in 

Figure 4-4a) and b). 

 

 

Figure 4-5 Effect of a) inlet boundary layer skew and b) turbulence model selection on radial 

distribution of π at ND 

 

The effect of the flow separation on the outlet total pressure ratio, 𝜋 is shown in Figure 

4-5. Figure 4-5a) compares the outlet 𝜋 for cases PH and FH. Near the hub, a pressure 

deficit region can be seen for case FH as opposed to case PH. The hub corner separation 

results in mixing loss which causes a hub pressure deficit. This is not seen for case PH 

where the hub separation is smaller. Figure 4-5b) compares the ability of three different 

commonly employed turbulence models in predicting the amount of pressure deficit due 

to the hub corner separation. Since separation is a viscous phenomenon, it is important to 

a) b) 
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choose the best turbulence model that can predict the best match to the experiment data. 

Three most common turbulence, namely; 𝑘 − 𝜖, 𝑘 − 𝜔 and SST models are compared for 

the selection. The SST models agrees with the experiment data points more as compared 

to 𝑘 − 𝜖 and 𝑘 − 𝜔 between 0.3 to 0.7 of the normalised span. However, near the tip 

region between 0.8 to 0.98 of the normalised span, 𝜋 is under-predicted with a mismatch 

in terms of the trend as compared to the experiment data. Models 𝑘 − 𝜖 and 𝑘 − 𝜔 show 

a better agreement in the trend despite over-predicting 𝜋 near the tip region. Near the hub, 

𝑘 − 𝜔 and SST over-predicted 𝜋 more as compared to 𝑘 − 𝜖. Overall, 𝑘 − 𝜖 model is the 

best match to the experiment as compared to 𝑘 − 𝜔 and SST model. Therefore, the 𝑘 − 𝜖 

model is chosen for this study. Other researchers such as Hah and Loellbach (1999) and 

Shabbir et al. (1997) have also successfully used the 𝑘 − 𝜖 model for the Rotor 37 test 

case. 

 

Figure 4-6 Outlet radial distribution of η of the simulation compared against the experiment re-

sult at a) ND and b) NS. 

 

The outlet radial distribution of 𝜂 for both ND and NS conditions in Figure 4-6 show a 

good overall trend in the free-stream region as compared to the endwalls. The discrepancy 

of 𝜂 between the measured and the simulation is due the assumption of adiabatic wall. 

a) b) 
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Bruna and Turner (2013) showed that the 𝜂 near the endwall is better matched when the 

casing temperature is prescribed. The actual endwall temperature was not known so it 

was assumed to be the same as the inlet total temperature. The above authors have shown 

that the endwall 𝜂 difference between isothermal and adiabatic condition is about 1%. 

Although the real casing temperature is not known, it is suffice to show that 𝜂 can be 

better predicted when simulated with heat transfer effects.  

 

4.2.3 Pitch-wise Mach number distribution 

As discussed in Suder (1998), the development of blockage in Rotor 37 is attributed to 

the shock interaction. It is found that the shock-tip leakage flow interaction generates 

blockage in the tip region that is 2-3 times more than the blockage in the core flow. In 

addition, the shock-boundary layer interaction causes flow separation on blade suction 

side (SS). Therefore, the ability to predict blockage relies on the ability of the simulation 

to correctly predict the shock location.  

 

 

Figure 4-7 Pitchwise distribution of Relative Mach number at 95% span and 20% 𝑐𝑎𝑥 aft of the 

blade LE at a) ND and b) NS. 

 

a) 

b) 
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Figure 4-7 shows the pitch-wise distribution of relative Mach number at 95% span and 

20% of 𝑐𝑎𝑥 of the respective span at ND and NS conditions. The simulation shows a 

relatively good agreement with the trend of the measured data. Despite under and over-

predicting the Mach number values, the simulation manages to predict the location of the 

‘trough’ reasonably well. The ‘trough’ which is located at about 0.3 normalised pitch 

distance from the pressure side (PS) represents a deficit in Mach number which is due to 

the deceleration of flow behind the shock. The depth of the ‘trough’ increases from oper-

ating point 4 to operating point 8 which suggest a change in the strength and structure of 

the shock and also its interaction with the tip leakage flow. In order to understand more 

about the change in the trough pattern further, the relative Mach number contour at 95% 

span height at ND and NS conditions as shown in Figure 4-8. The dashed line indicates 

the location where the data is extracted to plot Figure 4-7. The shock can be identified by 

the bunching of contour lines which is due to sudden decrease in Mach number across the 

shock. By comparing the Mach number contour for NS and NS, it can be seen that the 

shock at NS conditions is no longer attached to the blade leading edge but is rather a 

detached bow shock. In addition, a relatively large region of low Mach number can be 

seen aft of the shock at NS conditions. In Figure 4-8b), the dashed line is seen to cross 

this low Mach number region which explains the change in the ‘trough’ depth at com-

pressor approaches stall. This low Mach number region is not as pronounced at ND con-

ditions as shown in Figure 4-8a).  

 

  

 

Figure 4-8 Contour of Mach number at 95% span at operating point a) 4 (ND) and b) 8 (NS) 
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4.2.4 Shock-tip leakage vortex interaction 

The occurrence of a low Mach number region at near stall (NS) conditions can be ex-

plained by the shock-tip leakage vortex (TLV) interaction as shown in Figure 4-9. The 

TLV can be identified by the roll-up of the tip leakage flow originating from the tip lead-

ing edge. The shock-TLV interaction causes a disintegration of the TLV streamlines 

which may suggest a possible vortex breakdown although a bubble’-like TLV breakdown 

as observed by Furukawa et al. (1999) is not seen. The TLV breakdown is caused by the 

sudden deceleration of the TLV core which in the present case is caused by its interaction 

with the passage leg of the bow shock. The TLV breakdown results in a slow recirculating 

region that explains the origin of the low Mach number region. The location of the low 

Mach number region is slightly downstream of the location where the TLV begins to 

disintegrate. This clearly links the shock-TLV interaction to the low Mach number region 

observed at NS conditions as shown in Figure 4-8b). 

 

Figure 4-9 Relative Mach number contour at 95% span and tip leakage vortex streamlines at 

NS conditions. An isosurface of Mach number = 1 is plotted to show the shock plane. 

4.2.5 Shock-suction surface boundary layer interaction 

As mentioned earlier, the shock-suction surface boundary layer interaction is responsible 

for the blade SS flow separation as shown in Figure 4-4. The pressure rise across a shock 
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introduces an adverse pressure gradient in the SS boundary layer which causes flow sep-

aration. The effect of change in shock structure on the SS separation can be observed by 

comparing the thickness of the boundary layer at ND and NS conditions. In the original 

NASA experiment, it was difficult to obtain measurements close to the blade surface due 

to laser light reflections and optical blockage of the laser path (Suder et al., 1995b). There-

fore, the boundary layer growth was predicted using numerical simulation. An isoline of 

entropy near the blade surface was extracted to compare the thickness of the boundary 

layer. This is possible because entropy is high inside the boundary layer and relatively 

low far from the blade. Hence, the smallest entropy isoline level that encompasses the 

blade can be thought as a reasonable representation of the boundary layer edge. 

 

 

Figure 4-10 Entropy ratio contour at 70% span and shock plane at NS conditions 

Figure 4-10 shows the entropy ratio, 𝑠̃ contour at 70% height at NS conditions. 𝑠̃ is the 

ratio of entropy, 𝑠, to the mass-averaged inlet entropy, 𝑠̿1 as defined in Equation 4-4. The 

entropy, 𝑠, is not entropy itself but is a measure of entropy change obtained from isen-

tropic ideal gas relations.  
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𝑠̃ =
𝑠

𝑠1̿
 where 𝑠 =

𝑃

𝜌𝛾 (4-4) 

 

The data is presented at 70% height to negate the effects of tip leakage flow so that the 

SS separation is much clearer. If isentropic compression is assumed across the rotor then 

the entropy everywhere would be the same as that at the inlet (𝑠1). If the 𝑠̃ value is more 

than 1, it means that the entropy has increased and can be represented as loss. The shock 

plane is an isosurface of Mach number equal to 1. It can be seen that the location of the 

shock plane is consistent to the SS separation line. The SS separation results in an increase 

of 𝑠̃ due to mixing losses. Using the same method as mentioned in Suder (1995), an isoline 

is drawn to represent the edge of the boundary layer. The isoline is drawn for a value of 

𝑠̃ = 1.1.  

 

Figure 4-11 Entropy isolines at 70% span at operating point 4(ND) and 8(NS). Dotted 

lines show the location of the SS flow separation onset 

 

Figure 4-11 shows entropy isolines at 70% span at ND and NS conditions. The dotted 

lines represent the location of the SS separation onset. It can be seen that the SS boundary 

layer at ND conditions separates at about 50% of 𝑐𝑎𝑥 aft of the blade leading edge. At NS 

conditions, the location of the separation onset occurs at about 42% of 𝑐𝑎𝑥 aft of the blade 

leading edge. The upstream movement of the separation onset location can be explained 
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by the upstream movement of the shock plane at conditions closer to stall. Nevertheless, 

the thickness of the separated region at NS is similar to ND conditions. This may suggest 

that the separation is triggered by an inviscid mechanism, namely the shock, which is 

affected by the back pressure. However, the viscous process that ensues within the sepa-

rated region seems to be largely unchanged due to the similar thicknesses observed in 

Figure 4-11 and also as seen in the largely similar surface streamline patterns (Figure 4-4 

and Figure 4-10). 

 

 

Figure 4-12 Radial distribution of 𝑌𝑛  for all operating points calculated at 30% of 𝑐𝑎𝑥,𝑡 aft of 

the rotor tip TE. 

 

4.2.6 Downstream total pressure loss   

Figure 4-12 shows the radial distribution of 𝑌𝑛 calculated for all operating points at 30% 

of 𝑐𝑎𝑥,𝑡 aft of the rotor tip TE. 𝑌𝑛 is calculated using the same method as described in 

Equation 4-3. Across all operating points, 𝑌𝑛, which is calculated using mass-averaged 

quantities, is larger at the tip region compared to the hub. The increase in loss from hub 

to tip is also reflected as a reduction in the spanwise distribution of efficiency downstream 
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of the rotor as seen in Figure 4-6 that was presented earlier. This shows that the loss 

generated by the hub corner separation is relatively smaller compared with the near-tip 

aerodynamic features such as tip leakage flow and shock-TLV interaction. Additionally, 

the effect of shock-TLV interaction and shock-SSBL interaction can be compared by cal-

culating the change of total pressure loss coefficient, ∆𝑌𝑛 at 50%, 70% and 95% span, 

respectively.  

∆𝑌𝑛 = 𝑌𝑛,8 − 𝑌𝑛,4 [%] (4-5) 

∆𝑌𝑛 as shown in Equation 4-5 is the change of 𝑌𝑛 between ND and NS conditions. At 

95% span, where the shock-TLV interaction is strong, the ∆𝑌𝑛 is about 10% points. At 

50% and 70% span which are further away from the casing, ∆𝑌𝑛 are about 3% and 7% 

points, respectively. This clearly shows that the overall loss in Rotor 37 is dominated by 

the events of the tip leakage flow at the outer span (casing) than the inner span where the 

hub corner separation is present. 

 

4.3 Tip region aerodynamics 

4.3.1 Revisiting the shock-TLV interaction 

The aerodynamics at the tip region has so far been shown to be the main source of loss as 

the compressor approaches stall. In Rotor 37, the shock-TLV interaction as briefly dis-

cussed earlier is known to be one of the sources of the loss. The change of the shock 

structure and orientation at conditions close to stall is responsible for the generation of a 

low Mach number region near the casing. This low Mach number region is the result of 

a TLV breakdown as the intensity of shock-TLV interaction becomes stronger at condi-

tions close to stall. Yamada et al. (2007) explained about the conditions for a vortex 

breakdown due to shock-TLV interaction in Rotor 37. One of the conditions for TLV 

breakdown is the angle formed between TLV trajectory and the shock plane. It was sug-

gested that at conditions closer to stall, the orientations of the shock and the TLV would 

gradually increase and become at right angles to one another. This together with the in-

crease of the TLV swirl intensity due to increased loading at a relatively lower mass flow 

rate were the conditions reported to have caused TLV breakdown.  
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Figure 4-13 TLV streamlines coloured with normalised helicity, 𝐻𝑛 and Mach number contour 

at 95% span at  a) ND and b) NS conditions. 

 

Figure 4-13 shows the TLV streamlines coloured with normalised helicity, 𝐻𝑛 as defined 

in Equation 4-6 at ND and NS conditions.  

𝐻𝑛 = |
𝜉 ∙ 𝑣 

|𝜉 ||𝑣 |
| (4-6) 

Here, 𝜉  and 𝑣  are the absolute vorticity vector and relative velocity vectors, respectively. 

Hence, 𝐻𝑛 represents the absolute cosine angle between the 𝜉  and 𝑣 . The magnitude of 

𝐻𝑛 is equal to unity within the core of streamwise vortices if 𝜉  and 𝑣   are perfectly aligned. 

𝐻𝑛 can therefore be used to identify the strength of the vortex core as in this case that of 
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the TLV. The strength of the vortex core may show the effect of vortex breakdown due 

to the shock-TLV interaction. At near design conditions as shown in Figure 4-13a), the 

shock-TLV interaction results in a reduction of 𝐻𝑛 on the TLV streamlines. Prior to in-

teracting with the shock, the magnitude of 𝐻𝑛 on the TLV streamlines is closer to 1 which 

shows a strong vortex. The pressure rise across a shock causes a deceleration in the TLV 

which results in a weaker vortex. This effect is more pronounced at conditions closer to 

stall as shown in Figure 4-13b). The shock-TLV interaction causes a larger reduction in 

𝐻𝑛 as compared to ND conditions. The relatively stronger shock-TLV interaction at NS 

conditions results in a low Mach number region as shown in Figure 4-8 which is not 

present at ND conditions. 

 

The effect of change in the orientation and position of the shock on the strength of the 

shock-TLV interaction can be investigated by locating the trajectory of the shock and 

TLV. Figure 4-14 shows the casing static pressure at ND and NS conditions. The bunch-

ing of contour lines represents the shock due to sudden change of pressure.  

 

  
 

Figure 4-14 Casing static pressure at a) ND and b) NS conditions. 

The TLV can be identified by a low pressure region originating from the tip LE. The 

trajectory of the shock and TLV are obtained by extracting pressure profiles along several 

constant pitch lines that are drawn across the shock and TLV region. The TLV trajectory 

is obtained by locating the axial location of the minimum pressure for all the extracted 

pressure profiles. Since the pitch location along the pressure profile is known, the axial 

location of the minimum pressure can be found from interpolation. The trajectory of the 
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shock is obtained through a similar method. Instead of finding the axial location of the 

minimum pressure region, the axial location of half the pressure rise across the shock is 

found. From the obtained coordinates, the trajectory of the shock and TLV are found 

through linear fitting. 

 

Figure 4-15 shows the approximated shock and TLV trajectory drawn for all operating 

points. The intersection point between the shock and TLV trajectory represents the loca-

tion of the shock-TLV interaction. Across all operating points, the change in trajectory of 

the TLV is relatively small as compared to that of the shock trajectory. The change in the 

shock and TLV trajectory can be quantified by calculating the slope of each trajectory. 

The slope of the shock and TLV trajectory are represented by angles, 𝜒 and 𝜁, respec-

tively. 

 

Figure 4-15 Shock and TLV trajectory for all operating points 

 

Figure 4-16a) shows the variations of angles, 𝜒 and 𝜁 across all operating points. Both 

angles are measured from the axial direction and are taken to be positive in the direction 

of rotation. The TLV angle almost remains unchanged from operating point 1 to operating 

point 10 where the angle is about -80°. The slope of the shock trajectory shows an increase 
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of about 20° from ND conditions to operating point 10. The upstream movement of the 

shock as it detaches from the blade can be measured by finding the change in the axial 

location of shock-TLV interaction as shown in Figure 4-16b). The axial distance meas-

ured aft of the blade LE of the location of the shock-TLV interaction, 𝑧̃𝑡, is normalised 

by tip axial chord length, 𝑐𝑎𝑥,𝑡. From ND to operating point 10 (last stable operating 

point), the shock moves about 10% of the 𝑐𝑎𝑥,𝑡.upstream of the tip LE. 

 

Figure 4-16 a) Shock and TLV angles and b) axial location of the shock-TLV interaction 

 

4.3.2 Radial separation vortex (RSV) 

Another flow phenomenon in the tip region that may be linked to rotating stall is the radial 

separation vortex (RSV). The link between RSV and spike-type rotating stall has so far 

been proved experimentally and numerically in low speed axial compressors (Inoue et al., 

1999; Yamada et al., 2012; Pullan et al., 2012). In a high-speed compressor, the existence 

of a RSV has been found recently by Brandstetter et al. (2018) through optical measure-

ments. The RSV has a tornado-like shape that originates from a two dimensional LE sep-

aration. As the compressor approaches stall the LE separation line detaches from the blade 

and interacts with the tip leakage flow which results in a tornado-like structure. In Rotor 
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37, to the author’s best knowledge, the existence of RSV has never been discussed alt-

hough numerous studies have been performed in relation to tip aerodynamics of Rotor 

37. 

 

Coherent structures such as the RSV can be detected using a `lambda-2' criterion method. 

The location of a vortex can be identified by finding a minimum pressure region. This 

can be done by finding the eigenvalues of a Hessian pressure matrix (Jeong & Hussain 

1995). The values of the eigenvalues determine the concavity of the Hessian matrix. A 

local minimum point can be found if all the eigenvalues are positive and vice versa. Figure 

4-17 shows the ‘lambda-2’ isosurfaces near the casing region and the contour of normal-

ised radial vorticity contour, 
𝜔𝑟

Ω
. A positive 𝜔𝑟 indicate radially outward rotation. The 

location of a positive 𝜔𝑟 is consistent with a tornado-like shape structure which may sug-

gest a part of a RSV that has been shed into the blade passage. 

 

Figure 4-17 ‘Lambda-2’ iso-surfaces near the casing at operating point 8 and normalised radial 

vorticity contour at 98% span. 

 

In a high-speed compressor, the LE separation that leads to the formation of an RSV is 

due to the existence of a blockage region near casing (Brandstetter et al., 2018). The 

blockage region causes a deflection of the incoming flow towards the adjacent blade pas-
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sage. The deflection of the incoming flow into the adjacent passage invokes the LE sep-

aration. At conditions closer to stall, the blockage region grows circumferentially causing 

more deflection which results in a larger separation. At this point, the LE separation 

evolves into an RSV. 

  

  

  

Figure 4-18 Contour of 𝑠̃ and 𝜔𝑟 at 98% span at operating point 4(a and c) and 8(b and d) 

 

Figure 4-18 shows the comparison of the 𝑠̅ contour compared side-by-side with the 𝜔𝑟 

contour. The contour plots are drawn at ND and NS conditions to see the change in the 
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blockage region growth and its effect to the RSV as the compressor approaches stall. The 

blockage region can be identified by high 𝑠̅ values as shown darker shades or red in Figure 

4-18a) and c). An interface which is represented by a dotted line, is the boundary between 

the incoming flow and the blockage region. At operating point 8, the growth of the block-

age region in the circumferential direction results in the occurrence of positive 𝜔𝑟 region 

just along the interface. This positive 𝜔𝑟 region is relatively larger than the positive 𝜔𝑟 

region at ND conditions. The positive 𝜔𝑟 region as shown earlier in Figure 4-17 is con-

sistent with the location of the tornado-like structure.  

 

4.4 Blockage 

The reduction of effective primary flow area due to low axial velocity regions can be 

referred to as blockage. From the literature discussed in Chapter 2, it is evident that the 

reason why casing treatment such as casing grooves improve the stability margin of com-

pressor is due to the removal or reduction of blockage. Understanding the development, 

growth and also location of blockage is thus key for designing casing grooves. 

 

Suder (1998) calculated the blockage downstream of the rotor by identifying the wake 

velocity defect region. This method, however, does not reveal the blockage development 

within the blade passage that is responsible for the stall development. A different ap-

proach is therefore required for evaluating the blockage inside the blade passage. Sakuma 

et al. (2013) showed that blockage regions inside the blade passage can be identified using 

a mass flow overshoot method. The mass flow rate at any given axial plane inside the 

domain is equal to the inlet mass flow rate to satisfy continuity. In order to identify the 

blockage cells, the mass flow rate of each cell in that plane is sorted in a descending order. 

Summation of all the sorted mass flow rate of each cell will equal the inlet mass flow rate. 

If a cell with negative axial velocity exists, the summation of all grid cells with positive 

mass flow will initially overshoot the inlet mass flow rate value before being balanced by 

the cells with negative axial velocity. At a given axial plane, the summation is therefore 

stopped as the inlet mass flow value has been initially reached. From here, all the summed 

cells that do not overshoot the inlet mass flow rate value are considered as non-‘blocked’ 

cells and are assigned a blockage index, 𝜓=0. The remaining cells whose mass flow rate 

values are yet to be summed are considered as `blocked' cells and are assigned a value 

𝜓=1. An example of the blockage cell identification method is shown in Figure 4-19. 
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Figure 4-19a) shows the contour of normalised mass flux, 𝜑̃ at an axial plane location of 

20% of 𝑐𝑎𝑥,𝑡 aft of the tip LE. The definition of 𝜑̃ can be found in Equation 4-7. 

 

𝜑̃ =
𝜑

φ̅
 where 𝜑 = 𝜌𝑉𝑧 (4-7) 

φ̅ is the mass-average 𝜑 across that plane. For clarity, only the top 20% span region is 

shown. It can be seen that the near casing region (> 0.95 normalised span) is dominated 

by low 𝜑̃ value which indicate blockage. The mass flow overshoot method is than applied 

on the same plane as shown in Figure 4-19b). Cells that are blocked (𝜓=1) are marked 

with dots. By comparing both plots, it can be seen that the region with low 𝜑̃ is correctly 

identified using the mass flow overshoot method.  

 

 

 

 

Figure 4-19  𝜑̃  and 𝜓 contour at 20% of 𝑐𝑎𝑥,𝑡 aft of the LE at operating point 8 (NS) 
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The mass flow overshoot method can be adapted to obtain a method for quantifying the 

blockage across any given axial plane. Two new quantification parameters; non-dimen-

sional blockage cell count, 𝛹, and non-dimensional blockage mass flowrate , 𝛹𝑚, as in 

Equation 4-8 and Equation 4-9 respectively are obtained by extending the previous work 

of  Sakuma et al. (2013). 

Ψ =
1

𝑁
∑𝜓(𝑖)

𝑁

𝑖=1

 (4-8) 

Ψ𝑚 =
∑ |𝜓(𝑖) 𝑚(𝑖)|𝑁

𝑖=1

∑ 𝑚(𝑖)𝑁
𝑖=1

 (4-9) 

 

Here, 𝑁 is the total number of cells in the axial plane. , 𝜓(𝑖) and 𝑚(𝑖) are the blockage 

index of the 𝑖𝑡ℎ cell and the mass flow associated with the 𝑖𝑡ℎ cell, respectively. The 

physical meaning of each quantification parameter is that 𝛹 is the normalised number of 

blocked cells whilst 𝛹𝑚 is the normalised absolute sum of the ’blocked’ cell mass flow 

rate. The direction of flow through a blocked cell is therefore discounted in this evaluation 

as long as it has been identified to be 'blocked'. 

 

Figure 4-20 shows the distribution of Ψ and Ψ𝑚 for all operating points on the compressor 

map as shown in Figure 4-1. The distribution Ψ and Ψ𝑚 are obtained from 230 axial 

planes across the rotor. The location of peak blockage is seen to move upstream as the 

compressor is ‘throttled’ towards stall. The difference between the location of the peak 

blockage at operating point 4 and operating point 10 is about 20% of 𝑐𝑎𝑥,𝑡. This upstream 

movement of the peak blockage location is consistent with the upstream movement of the 

shock-TLV interaction location as shown in Figure 4-16. In order to quantify the blockage 

due to the shock-TLV interaction in an isolated manner, only the top 20% span of the Ψ 

and Ψm distribution are shown as in Figure 4-21. The trend of the top 20% span distribu-

tion is similar to when the distribution is shown for the whole span. The location of the 

peak blockage at operating point 10 is about 20% of 𝑐𝑎𝑥,𝑡. The discrepancy between the 

axial location of the shock-TLV interaction and the peak blockage suggests that the block-

age is gradually built up downstream of the shock-TLV interaction location before it 

peaks. The increase of the peak blockage from operating point 4 (ND) to operating point 

10 (last stable operating point) shows a stronger shock-TLV interaction as the compressor 
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approaches stall. At conditions close to stall, the shock detaches from the blade and forms 

a larger angle which causes the shock to interact more with upstream part of the TLV. 

  

 

Figure 4-20 Distribution of a) Ψ and b) Ψm for all operating points 

  

 

Figure 4-21 Top 20% span distribution of a) Ψ and b) Ψm for all operating points 

 

4.5 Summary 

The summary of this chapter is as the following: 

1. Key results from the numerical simulation have been compared against experi-

mental data for validation. The error of 𝜋 and 𝜂 from the numerically obtained 

performance map at ND (operating point 4) and NS (operating point 8) conditions 

are within ±2% and ±1%, respectively. The hub pressure trend due the hub leak-

age flow has been successfully recreated numerically by removal of the boundary 
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layer skew. The passage shock location at near design and near stall conditions 

has been correctly captured although the Mach number values are over/under pre-

dicted. 

2. The radial distribution of total pressure loss coefficient, 𝑌𝑛 for all the operating 

points show that the biggest changes in loss occurs at the tip region as the com-

pressor approaches stall. This suggest that the flow near the casing is responsible 

for the development of rotating stall. At near stall conditions, it is found that the 

shock-TLV interaction generates a low Mach number region the near casing. The 

shock-TLV interaction at near stall conditions is found to cause a reduction in 

TLV normalised helicity, 𝐻𝑛, suggesting a TLV breakdown although a ‘bubble’-

like structure is not successfully captured.  

3. The location of the shock-TLV interaction is found from the trajectories of the 

shock and TLV at all operating points. It is found that the change in the structure 

of the shock at near stall conditions results in the upstream movement of the 

shock-TLV interaction location. The change in TLV trajectory across all operat-

ing points is relatively small as compared to that of the shock trajectory. From 

operating point 4 to operating point 10, the shock moves about 10% of the 

𝑐𝑎𝑥,𝑡.upstream of the tip LE. 

4. The radial separation vortex which has not been discussed previously in Rotor 37 

by other researches has been shown to exist by plotting the ‘lambda2’ isosurface. 

The evidence for the RSV existence is further strengthened by comparing the lo-

cation of the RSV with the radial vorticity contour. The location of the coherent 

structure that is believed to be RSV is consistent with the location of the positive 

radial vorticity contour.  

5. The near casing blockage is quantified by extending the usage of a blockage cell 

identification method introduced by Sakuma et al. (2013). The axial distribution 

of the non-dimensional blockage count (Ψ) shows that at conditions close to stall, 

the peak of the distribution moves upstream. The non-dimensional blockage mass 

flow (Ψ𝑚) shows that the blocked mass flow rate for the last converged point 

peaks at about 20% of the 𝑐𝑎𝑥,𝑡 aft of the tip LE. The upstream movement of the 

peak blockage location can be linked to the upstream movement of the shock at 

conditions near stall. 



 

66 
 

Chapter 5  

 

 

Design Optimisation and Surrogate 

Modelling 

 

5.1 Overview 

An introduction to some of the relevant concepts and models used in the optimisation 

methodology adopted is provided in this chapter. First the background and methods of 

solving optimisation problems are discussed. The second part details the implementation 

of a surrogate-based optimisation to find an optimised casing groove design.  

 

5.2 Optimisation problem 

Optimisation in mathematics is a process of finding the best solution from a set of possible 

solutions whilst satisfying a number of constraints. Optimisation can be applied to engi-

neering design problems in order to find the best possible design from an array of feasible 

designs. The optimal design can be found by minimising the desired objective func-

tion, 𝑓𝑖(𝑥). The subscript integer 𝑖 > 1  denotes a multi-objective optimisation problem 

where the best compromise solution between competing objective functions is sought.  

The general statement of a constrained optimisation problem can be expressed as the fol-

lowing: 

 

Minimise 𝑓𝑖(𝒙𝒎); 𝒙𝒎 = [𝑥1 𝑥2 . .  𝑥𝑗] 

such that 𝑔𝑖(𝒙𝒎) ≤ 𝑐𝑖 

for 𝒙𝑙 ≤ 𝒙𝒎 ≤ 𝒙𝑢 

 

where 𝑔𝑖(𝑥) ≤ 𝑐𝑖 is the inequality constraint that must be satisfied when solving the op-

timisation problem. There can be multiple constraints for any optimization problem so 
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the integer 𝑖 represents the number of constraints.  The solution for the optimisation prob-

lem, 𝒙𝒎,  is written in boldface to indicate that the solution may exist as a vector. The 

solution of the optimisation problem is sought between the upper bounds, 𝒙𝒖, and lower 

bounds 𝒙𝒍 of the design space. In multi-objective optimization problems, there may exist 

multiple optimal solutions due to the compromise between objective functions. Subscript 

𝑚 in 𝒙𝒎,  represents the number of solutions that exist in the design space. The optimal 

solutions are determined based on the dominance test as explained in the following sec-

tion. 

 

5.3 Dominance and Pareto optimal solution 

Consider the multi-objective optimization problem as depicted in Figure 5-1. The ‘good-

ness’ of each solution, 𝒙𝒎, shown as full circles labelled 1 to 5, are evaluated using the 

concept of dominance (Yang, 2014). A solution is said to be dominant if that solution is 

superior to the other solution. For instance, consider the dominance test of solution for 

m=1 to 3 as shown in Table 5-1. 

 

 

Figure 5-1 Pareto-optimal solution for a multi-objective optimisation problem 

When comparing solutions 1 and 2, no solution is found to be dominant as each solution 

is dominant in the respective objective functions. The same result is obtained when solu-

tions 1 and 3 are compared. However, it is found that solution 3 is dominant than solution 

2 as solution 3 is superior when both objective functions are compared together. If the 

dominance test is extended to solution 4 and 5, it can be seen that both solutions are 

considered as non-dominant. The set of all the non-dominant solutions are known as the 
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Pareto-optimal solution. In the example explained in this section, all the solutions except 

𝒙𝟐 are the Pareto-optimal solution. The Pareto front is an imaginary boundary line that 

can be drawn across all the optimal solutions. Ideally, the Pareto front will collapse into 

a single solution if the objective functions do not conflict each other. 

 

Table 5-1 Example of a dominance test based on solutions in Figure 5-1 

 𝑓1(𝒙𝒎) 𝑓2(𝒙𝒎) Dominance test 

𝒙𝟏 and 𝒙𝟐 𝑓1(𝒙𝟏)  <  𝑓1(𝒙𝟐)  𝑓2(𝒙𝟐)  <  𝑓2(𝒙𝟏) Non-dominant 

𝒙𝟏 and 𝒙𝟑 𝑓1(𝒙𝟏)  <  𝑓1(𝒙𝟐) 𝑓2(𝒙𝟑)  <  𝑓2(𝒙𝟏) Non-dominant 

𝒙𝟐 and 𝒙𝟑 𝑓1(𝒙𝟑)  <  𝑓1(𝒙𝟐) 𝑓2(𝒙𝟑)  <  𝑓2(𝒙𝟐) 𝒙𝟑 is dominant than 𝒙𝟐 

 

5.4 Genetic algorithm 

The Pareto-optimal solution is found using a Genetic Algorithm. A Genetic Algorithm 

(GA) is a nature-inspired random search method in optimisation (Goldberg, 1989). Ran-

dom search methods are useful when dealing with discrete data. Unlike random search 

methods, gradient-based methods operate by finding the steepest gradient to determine 

the optimum value. This may be difficult, as this requires the objective function to be 

smooth with a well-defined slope value.  

 

The architecture of GA is depicted in Figure 5-2. The main principle of GA is based on 

the process of biological evolution. Each solution in the design space is represented by 

binary coded chromosomes. At timestep, 𝑡 = 𝑡𝑖, a set of chromosomes are randomly gen-

erated across the design space to create a population of candidate solutions. Based on 

three evolutionary operators, a new set of population is generated from the current one. 

The fitness or goodness of each solution (chromosome) is evaluated using a fitness func-

tion. The fitness function here is merely the desired objective function of the optimisation 

problem. The ‘fittest’ chromosome is guaranteed to exist in the next set of population and 

is regarded as the ‘elitist’ in the new population. Next, chromosomes are randomly se-

lected for reproducing a new generation of chromosome. One of the methods to find par-

ents for the generating offspring is through the tournament selection. The tournament 

method randomly selects a specified number of chromosomes and the ‘fitness’ of each 

chromosome is ranked. The ‘fittest’ chromosome which is the winner of the tournament 

is chosen as a parent for the cross-over method. In the cross-over method, a trait of each 
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parent chromosome is paired randomly with another parent candidate to create a new 

chromosome or offspring. This is possible since the genetic information of each chromo-

some is binary coded. A determined number of chromosomes are generated through mu-

tation. Mutation is done by permuting a trait of the newly generated chromosome.  Mu-

tation prevents over-bias to any parent thus allows for the algorithm to continue exploring 

the design space. Without exploration, the solution may be heading towards a local min-

imum. The algorithm continues generating a new population until the average change in 

the population fitness reaches a specified target value.  

 

Figure 5-2 Genetic algorithm optimisation architecture 

 

The GA was initially intended for single-objective optimisation problems. For a multi-

objective optimisation problem, Fonseca and Fleming (1993) introduced a rank-based 

 

Population at 𝑡 =  𝑖 
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method in assigning the fitness of the population. All non-dominating chromosomes are 

ranked 1 so that a Pareto-optimal solution can found from the implementation of GA. 

Some previous studies of implementing GA for solving multi-objective turbomachinery 

design optimisation problems can be found in Öksüz and Akmandor (2010) and Pierret 

et al. (2007). 

 

5.5 Surrogate-based analysis and optimisation (SBAO) 

Among the challenges for design optimisation problem is the associated computational 

cost. For design engineering problems, expensive high fidelity computer simulations such 

as the CFD simulations in this study are required to evaluate the goodness of a design. As 

explained earlier, the GA requires this information to rank the ‘fitness’ of each design so 

that a Pareto-optimal solution can be sought. This will mean that hundreds, if not thou-

sands, of expensive CFD simulations are required before the GA can search for the Pa-

reto-optimal solution. This is not computationally feasible thus an alternative method is 

required. One such method that can be used is the surrogate-based analysis and optimisa-

tion (SBAO) technique. The term ‘surrogate’ refers to the method of surrogate modelling 

where expensive high-fidelity computer simulations are replaced with low-fidelity ap-

proximations. SBAO aims to speed up the optimisation process and has been shown to 

be effective for multi-objective optimisation problems (Queipo et al., 2005). The general 

principle of surrogate modelling is to model a smooth function from a discrete data set. 

Consider a smooth function representing a response variable, 𝑦, which may be obtained 

from measurements or computer simulations. The relationship between  𝑦 and the input 

variable, 𝑥, can be written as in Equation 5-1. 

 

𝑦 = 𝑓(𝑥) + 𝜖 (5-1) 

 

𝑓(𝑥) and 𝜖 represents the expected response of the model and error, respectively. The 

aim now is to find a relationship between 𝑓(𝑥) and 𝑥 so that the expensive computer 

simulation can be replaced by a low-fidelity model.  
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Figure 5-3 Prediction of a true response function from sampling points 

5.5.1 Design of Experiments (DoE) 

As depicted in Figure 5-3, if several high-fidelity data points are available, a model can 

be constructed to predict the outcome of 𝑦. The number of data to be sampled can be 

determined through a Design of Experiments (DoE) technique. The aim of the DoE is to 

minimise the number of experiments so that enough information can be obtained to find 

the relationship between 𝑦 and 𝑥. By doing this, the time cost of the experiments can be 

reduced because only selected experiments are required to be conducted. The classical 

DoE technique is based on three basic principles which are; randomisation, replication 

and blocking (Montgomery, 2006). These basic principles are used for controlling and 

minimising the noise and bias in the data set when conducting physical experiments. 

However, for computer simulations such as performed in this study, the noise and random 

error in the data set no longer exist. This is because the output values obtained from com-

puter simulations are deterministic in which no randomness is involved. In other words, 

the computer simulation will always output the same 𝑦 value from a given set of input 

values (𝑥). Therefore, applying the above-mentioned basic principles of DoE to computer 

simulations is not valid.  

 

For deterministic computer experiments, the DoE technique is no longer used to find the 

relationship between 𝑦 and 𝑥. Instead, the aim now is to predict the true response of 𝑦 at 

any given set of 𝑥. Hence, the experiments or in this case the simulations performed 

should cover the entire region of the design space. Running the simulation across the 

design space can be costly, so a space-filling design technique is often preferred. The 

space-filling design spreads out the design points uniformly across the design space so 

𝑦 

𝑥 

Sampling points 
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that a large region of the design space can be evaluated with relatively less computing 

resources. This allows for a high-order model to be used to approximate the response over 

the entire design space. An example of a space-filling design sampling method is a Latin 

Hypercube Sampling (LHS) method (Mckay et al., 1979). LHS is a stratified sampling 

technique intended for ensuring that each region of the design space is represented evenly. 

This is achieved by dividing 𝑥 into 𝑁 strata (intervals) and random samples are taken for 

each stratum. An example of an LHS sampling outcome for problems with two factors 

(𝑥) is shown in Figure 5-4 where each 𝑥 is divided into 10 strata. The blue circles repre-

sent the sampling points generated for  𝑥1 and 𝑥2. It can be seen that the sampling method 

ensures that each interval of 𝑥 is represented by a data point and hence, this replaces the 

need to simulate each point in the stratum. The response of the sampled input data is then 

obtained through computer simulations for constructing the model. 

 

 

Figure 5-4 Example of LHS method for generating distributed sampling points across the de-

sign space 

 

5.5.2 Surrogate model selection 

The selection of the model depends on the dimensionality of the optimisation problem. 

The term dimensionality here refers to the number of input variables that are considered 

for the optimisation problem. Design optimisation problems often deal with high-dimen-

sionality where three or more design features are considered as input variables. In addi-

tion, the correlation between input variables cannot be ignored when constructing the 

model. This is one of the reason why polynomial models are not reliable for modelling 

problems in high dimensions (Bishop, 2006). Polynomial models are limited by the in-

crease of the number of independent coefficients that grows proportionally to number of 

𝑥1 

𝑥2 
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input variables (dimensions) raised to the order of the polynomial model. Simple polyno-

mial models include quadratic and cubic equations. 

 

The complexity of modelling high dimensionality data can be overcome by using super-

vised-learning algorithms. Supervised-learning algorithm is a computational process of 

predicting ‘unseen’ data from a ‘seen’ dataset. In other words, the algorithm is ‘trained’ 

using available dataset in order to predict the response variable. The training dataset can 

be obtained from the sampling method discussed earlier. Some examples of supervised 

learning algorithms are Artificial Neural Networks (ANN) and Random Forest (RF).  

 

ANN is an algorithm that is based on the functionality of a human brain. ANN may con-

sist of single or multiple layers of neurons that can be trained to map input data to the 

output. With enough training data, the algorithm can be used for predicting the response 

of the input data. The ANN algorithm has been applied for design optimisation problems 

such as those reported by Pierret and Braembussche (1999) and Mengistu and Ghaly 

(2008). RF is an algorithm that makes predictions based on an ensemble of Decision Trees 

(DT). RF was developed by Breiman (2001) and can be considered as a relatively newer 

method when compared to ANN. RF has been applied to various fields and has shown to 

be on par when compared to other predictive models (Verikas et al., 2011). Ahmad et al. 

(2017) compared the performance of RF against ANN in predicting building energy con-

sumption. It was found that ANN slightly outperforms RF in terms of accuracy but RF is 

found to be more effective when handing missing data. Han et al. (2018) compared the 

performance of RF against two other models; ANN and support vector machines (SVM) 

for turbomachinery component fault diagnosis. From the comparative study, it was shown 

that RF has a better diagnostic performance even with a relatively small training data set. 

Williams and Cremaschi (2019) evaluated the performance of various models for design 

space exploration and also surrogate-based optimisation problems. RF is found to perform 

poorly when predicting the actual output values when compared to ANN. Despite failing 

to accurately predict the actual output values, RF managed to capture the overall trend of 

the test function. RF was able to accurately locate the minima of the function in compar-

ison to other models. For this reason, it was concluded that RF is more suitable for surro-

gate-based optimisation problems rather than for design space exploration. 
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5.5.3 Random Forest (RF) 

As mentioned earlier, RF is adapted from a Decision Tree (DT) model. DT makes pre-

diction by splitting the input design space to create multiple sub-regions. The splitting is 

stopped once the number of data points in each sub-region reaches a certain number. The 

predicted output value is the mean value of the region it belongs to. An example of a DT 

is depicted in Figure 5-5.  

 

Figure 5-5 Decision Tree approach for predicting an output value 

 

In the illustration, 𝑥1 and 𝑥2 are the input design variables or also known as predictors, 𝑝. 

The design space is subdivided based on parameters 𝜇1 and 𝜇2. 𝜇1 and 𝜇2 that are obtained 

by finding the split with the least residual sum of squares (RSS) as shown in Equation 5-

2.  Further explanation regarding the method to obtain the best split can be found in 

(Cutler et al., 2011)  

 

𝑅𝑆𝑆 = ∑(𝑓(𝑥)𝑖 − 𝑓(𝑥))2

𝑛

𝑖=1

 (5-2) 

 

Here, n is the number of data points in the design space, 𝑓(𝑥)𝑖 is the 𝑖𝑡ℎ output variable 

and 𝑓(𝑥) is the mean of the output variables. The splitting is stopped until the number of 

data points in each subdivided region reaches a certain value. In this example, all sub-

regions A, B and C contain 5 data points. The routine for subdividing the design space 

can be represented as a structure that resembles a tree hence the name DT. The output can 
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be predicted by following the ‘branch’ that satisfies the decision criteria. For instance, if 

the input variable has a value of 𝑥1 > 𝜇1, then the predicted value falls within region A. 

The mean of all data points in region A is the predicted output value. 

 

One of the disadvantages of DT is that the model tends to ‘overfit’ the training data. 

‘Overfit’ means that the model has captured all the noise in the training data and this will 

cause the model to only be able to predict the output values based on the data that it was 

trained on. This is not desirable since the goal of the model is to predict ‘unseen’ data 

from a set of training data.  In order to overcome this problem, Breiman (2001) proposed 

a model that combines multiple DT hence the name Random Forest. The method of gen-

erating multiple DT is referred to as ‘bootsrap aggregating (bagging)’ (Breiman, 1996). 

`Bagging' helps to overcome overfitting by reducing the bias of the DT when making a 

prediction. `Bootstrapping' is a sampling with replacement technique used to create mul-

tiple new samples of training data from the original training data set. Each tree will there-

fore be trained on different subsets of the training input data. In order to guarantee unique-

ness of each tree, the predictor used as split candidates are randomly chosen. This is im-

portant to make sure that the trees are not correlated. For regression analysis as in the 

current study, the number of input variables chosen for the split is equal to 
𝑝

3ൗ , where 𝑝 

is the number of predictors. The randomness in choosing the input variable for the split-

ting criteria is the reason why the word ‘random’ is attached to algorithm name. The 

output variable is then obtained by taking the average value of predictions of each tree.  

 

5.6 Implementation of SBAO 

This section presents the implementation of the SBAO to the casing groove design pro-

cedure. Figure 5-6 shows the flowchart of the SBAO routine. The first step of the SBAO 

routine is to obtain sampling data for constructing the surrogate model. 

 

5.6.1 Sampling of input casing groove designs 

The input design parameters required for the LHS method is shown in the inset of Figure 

5-6. Design parameters 𝑧’, 𝑤’, 𝐻 and 𝛼 are the normalised groove axial position, groove 

upper width, height and the upper internal angle, respectively. All parameters except 𝛼 

are normalised by the 𝑐𝑎𝑥,𝑡. The upper and lower limit of the design space is shown in 

Table 5-2. The limits are the boundary used for generating a total of 100 casing groove 
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designs using the LHS method. The limit of the design boundary is chosen based on the 

previous parametric groove design studies on Rotor 37 as found in (Sakuma et al., 2013), 

(Qin et al., 2013) and (Kim et al., 2011). Result of the LHS method is shown in Figure 

5-8. 

 

Figure 5-6 SBAO architecture flow chart 

 

 

 

Figure 5-7 Casing groove design parameters 

 

 

Table 5-2 Design space boundary of the single casing groove design 

Train surrogate model 
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 𝑧′ 𝑤′ 𝐻 𝛼𝜊 

Lower -0.2 0.05 0.1 𝑤′ 90 

Upper 1.2 0.2 5 𝑤′ 115 

 

 

Figure 5-8 Casing grooves generated using LHS method  

 

 

 

Figure 5-9 Casing groove meshing strategy 

All the 100 input groove designs are simulated for obtaining the desired training output 

values. For the purpose of explaining the meshing strategy for the generated casing 

grooves, the domain and grid for a selected groove is shown in Figure 5-9. The casing 
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groove has about 180, 000 grid points. As shown in the inset of Figure 5-9, the ends of 

the groove domain are aligned with the periodic walls of the blade domain so that a match-

ing interface can be created. Since the groove and rotor domain have a matching interface, 

the entire domain can be treated as a single body in the rotating frame of reference. This 

avoids for using multiple frame change models and also mixing plane models which may 

introduce unwanted numerical error. The groove and rotor domains are connected via a 

General Grid Interface (GGI) (ANSYS CFX 17.1 Documentation). A GGI connection 

allows for a non-overlap boundary condition so that the casing regions that do not overlap 

with the groove are treated as a no-slip, adiabatic and impermeable wall. Hence, any par-

ametric study on the groove will only require modifications to the groove domain without 

any change to the blade passage grid. 

 

All the input casing groove designs thus generated are then numerically simulated at con-

ditions near stall. The boundary conditions used for simulating the input training data is 

same as operating point 8 in Figure 4-1. All the simulations performed use the same con-

vergence criteria as explained in Chapter 3. 

 

5.6.2 Objective functions 

In a nutshell, the aim of the optimisation is to find the best groove that reduces the peak 

blockage with the least efficiency penalty. From the literature as discussed in Chapter 2, 

the SMI gain from casing grooves can be attributed to the reduction of the near casing 

blockage. The near casing blockage quantification as shown in Figure 4-21 shows that 

the location of the peak blockage is about 20% of 𝑐𝑎𝑥,𝑡 aft of the tip LE at point 10. 

Therefore, the first objective function, 𝑓1, chosen for generating the output training data 

is the Ψm at 20% of 𝑐𝑎𝑥,𝑡 aft of the tip LE. The peak blockage is chosen because this 

blockage is related to the shock-TLV interaction which is the responsible for the onset of 

stall. The second objective function, 1/𝑓2, is the 𝜂 evaluated for the top 20% span. The 

second objective function 𝑓2 is written as an inverse because, as previously shown in 

section 5.2, the optimiser aims to minimise the function. Minimising the inverse would 

therefore mean finding the groove design with the maximum top 20% 𝜂.  
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Figure 5-10 Mean squared error of RF model 

 

5.6.3 Training and validation of RF 

For building the RF, two hyperparameters are required. The first hyperparameter is the 

splitting stopping criteria. As explained previously, the data is split into subregions until 

a certain number of data resides in that region. The terminal number of data point in the 

subregions is known as the number of ‘leaves’. For regression analysis, the number of 

‘leaves’ suggested by Breiman (2001) is 5. The second hyperparameter required is the 

size of the ‘forest’ by choosing the number of the trees. The ‘bagging’ method explained 

earlier is useful for determining the number of trees. Since a sampling with replacement 

technique is used for generating each DT, about a third of the training data is left out in 

the training process. The data left-out is referred to as the ‘Out of Bag’ (OOB) data (Cutler 

et al., 2011). The advantages of the OOB data is twofold. First, the OOB data can be used 

for testing the predictive performance of the RF since these data has not been seen by the 

trees. Secondly, the size of the forest can be determined from the OOB data. The mean 

squared error (MSE) as shown in Equation 5-4 can be plotted for each tree as shown in 

Figure 5-10. 

𝑀𝑆𝐸 =
1

𝑛
∑(𝑓(𝑥)𝑖 − 𝑓(𝑥)𝑖)

2
𝑛

𝑖=1

 (5-4) 
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Here, n is the number of OOB data, 𝑓(𝑥)𝑖 is the 𝑖𝑡ℎ output training data and 𝑓(𝑥) is pre-

dicted output value. The MSE for 𝑓1 and 𝑓2 are shown as the size of the RF is increased 

by increasing the number of trees. The MSE of the RF stabilizes after a few hundred trees 

which suggest that increasing the size of the forest will not affect the accuracy of the 

model. Hence, from this exercise, it was the decided that number of trees required for the 

model is no more than1000 trees. 

 

Figure 5-11 𝑅2 value of the model for 𝑓1 and 𝑓2 

Another method of evaluating the predictive performance of the RF is by calculating the 

coefficient of determination or otherwise known as the 𝑅2 value. Figure 5-11 shows the 

𝑅2 value plotted for 𝑓1 and 𝑓2.The 𝑅2 value is used in regression analysis to evaluate the 

performance of a statistical model. The definition for the 𝑅2 is shown in Equation 5-5.  

 

𝑅2 = 1 −
∑ (𝑓(𝑥)𝑖 − 𝑓(𝑥)𝑖)

𝑛
𝑖

∑ (𝑓(𝑥)𝑖 − 𝑓(̅𝑥))𝑛
𝑖

 (5-5) 

 

Here, n is the number of training data, 𝑓(𝑥)𝑖 , 𝑓(𝑥)𝑖 and 𝑓(̅𝑥)𝑖 are the 𝑖𝑡ℎ output training 

data, 𝑖𝑡ℎ predicted output value and the mean output data. 𝑅2 is a measure of the goodness 

a) b) 
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of the fit of a model. The term ∑ (𝑓(𝑥)𝑖 − 𝑓(𝑥)𝑖)
𝑛
𝑖  equals to zero for a perfect fit which 

results in an 𝑅2=1. Thus, an 𝑅2 value closer to unity represents a good model that can 

approximate the output values. The 𝑅2 value for 𝑓1 and 𝑓2 is 0.92 which suggest that the 

model is well trained and able to predict the output value with an acceptable level of 

accuracy. 

 

5.6.4 Multi-objective Genetic Algorithm (MOGA)  

The set-up of the MOGA code is based on the default parameters of the MATLAB global 

optimisation toolbox. Parameters for the MOGA code are specified in Table 5-3. 

Table 5-3 Set up of the MOGA code 

Initial population  50  

Tournament size 4 

Mutation Adaptive feasible which is randomly gen-

erated based on the previous population 

Cross-over  Randomly chosen from parents to create 

offspring 

Stopping criteria Algorithm is stopped if one of the following 

criteria are met first. 

1. maximum number of generations 

2. Average change in Pareto front 

spread is below 10−4. 

 

5.6.5 Verification of the Pareto optimal solution 

Figure 5-12 shows the Pareto front obtained from the SBAO routine. All the obtained 

Pareto-optimal solution are run through CFD for verification. The cases are simulated 

using the same boundary conditions as point 10 in Figure 4-1 which represents the last 

converged solution of the smooth casing. For each solution, the numerical stall point is 

found using the same method explained in Chapter 3. Three cases that converged with 

highest possible backpressure are indicated by the filled circle in Figure 5-12. All the 

Pareto-optimal casing groove designs are shown in Figure 5-13 where the three best cases 

are highlighted in red. The design specifications of the Pareto-optimal groove solutions 

are shown in Table 5-4 where the three best cases are shaded in gray. It can be seen in 

Figure 5-13 and Table 5-4 that the axial coverage of the three best cases are within the 
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0.17 and 0.22 𝑧′ region. This is the region where the peak of the blockage is located as 

shown previously in Figure 4-21. Further discussions regarding the effect of the groove 

and near casing flow are presented in the next chapter. 

 

Figure 5-12 Pareto optimal solution of the SBAO routine 

 

Figure 5-13 Pareto optimal solution of the casing groove design 

Table 5-4 Design parameters of the Pareto-optimal groove solutions where the three best cases 

are shaded 

𝑧′ 𝑤′ 𝐻/𝑤′ 𝛼(°) 

0.218 0.070 1.67 92 

0.215 0.070 1.77 92 

0.210 0.070 0.86 92 

0.215 0.070 0.96 92 

0.218 0.070 1.67 92 

0.215 0.066 1.60 92 

Blade 

𝑧̃𝑡 
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0.212 0.070 1.61 92 

0.212 0.055 0.95 92 

0.208 0.070 0.97 92 

0.214 0.061 0.92 92 

0.169 0.054 0.89 92 

0.176 0.055 0.91 92 

0.215 0.065 1.41 92 

0.212 0.055 0.95 92 

0.215 0.070 1.76 92 

0.176 0.055 0.90 92 

0.220 0.058 0.95 92 

0.217 0.064 1.41 92 

 

5.7 Summary 

In this chapter, the design optimisation process of a single casing groove is discussed. 

The chapter begins by introducing the optimisation problem and the concept of Pareto-

optimal solution. In the following section, the optimisation algorithm, Genetic Algorithm 

(GA) is introduced. The GA is based on a random search method algorithm which is 

useful when dealing with discrete data sets. Obtaining the response of input variables 

from numerical simulations such as in this study is computationally expensive. The com-

putation cost of the optimisation is therefore reduced by using a surrogate-based analysis 

and optimisation (SBAO) method. The SBAO reduces the computational cost by replac-

ing the high fidelity numerical simulations with a supervised learning algorithm, Random 

Forest. The accuracy of the RF model is assessed by calculating the MSE and 𝑅2 value 

of the objective functions. The 𝑅2 calculated for both objective functions are 0.92. In the 

last part, the implementation of the SBAO method to find the optimised single casing 

groove design is presented. Using the LHS sampling technique, a total of 100 casing 

groove designs are generated for the training input data set. The training output data is 

obtained from steady CFD simulations run at near stall operating conditions. The training 

data are used for constructing the RF model. The RF model is coupled to the optimiser 

algorithm to find the Pareto-optimal solution. All the Pareto-optimal groove designs are 

run through CFD to find the groove design that stalls at the highest back-pressure.  
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Chapter 6  

 

 

Numerical Simulation of Rotor 37 

with Grooved Casing 

6.1 Overview 

This chapter discusses the results from numerical simulations carried out on the Rotor 37 

geometry with one or more casing grooves. First, the result of the optimised casing groove 

(as obtained through the procedure discussed in Chapter 5) is discussed by finding the 

SMI and efficiency change due to its implementation. The physics of the SMI due to the 

groove is discussed by comparing the near casing flow features with respect to the smooth 

casing. Next, the performance of the optimised groove at part-speed is investigated. This 

is to see if the optimised groove has any detrimental effects to the SMI and efficiency at 

part-speed conditions. The sensitivity of the optimised groove is investigated by axially 

varying the location of the optimised groove. Finally, the prospect of a multiple groove 

configuration is explored by combining single grooves. 

 

6.2 Result of the optimised groove 

6.2.1 Performance and analysis of the optimised groove 

Figure 6-1 shows the three best casing groove designs obtained from CFD simulation of 

the Pareto optimal solution discussed in the previous chapter. One of the casing groove 

design as highlighted in red in Figure 6-1 is selected for further verification. Design spec-

ification of the optimised casing groove is shown in Table 6-1. This is done by obtaining 

the performance map of the optimum casing groove design as shown in Figure 6-2.  
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Figure 6-1 The best Pareto-optimal solution verified from CFD simulation 

 
 
 

 
Figure 6-2 Comparison of the performance curve between smooth and the optimised casing 

groove. a) 𝜋 and 𝜂. 

Table 6-1 Design specification of the optimised casing groove 

𝑧′ 𝑤′ 𝐻 𝛼(°) 

0.169 0.054 0.89 𝑤′ 92 
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The performance of the groove is evaluated by calculating the stall margin improvement, 

Δ𝜁 as shown in Equation 6-1. 

 

Δζ = ζGC − ζSC;     𝜁 = 1 −
𝜋4𝑚10

𝜋10𝑚4
 (6-1) 

 

 Δ𝜁 is the percentage change of the stall margin, 𝜁, due to the casing groove. 𝜁 is calculated 

from the values obtained at near design conditions (operating point 4) and the last stable 

operating point (operating point 10). The Δ𝜁 of the optimised groove design is about 

0.6%. To put this SMI value as achieved here in context, Qin et al. (2013) reported a stall 

margin improvement of about 0.7% with a variable depth multi-groove casing arrange-

ment on Rotor 37. The groove configuration was achieved using an optimisation study 

using the Rolls-Royce proprietary optimisation suite SOPHY (SOFT-PADRAM-HY-

DRA). The effect of casing groove on 𝜂 is relatively small (< 0.1%) since it can be seen 

the 𝜂 line for smooth and groove are overlapping as shown in Figure 6-2b). Sakuma et al. 

(2013) suggested that the attenuation of the tip leakage flow due to the casing groove 

explains why the casing groove has negligible effect on the rotor efficiency. Another 

plausible reason for this is due to the fact that the loss generation in Rotor 37 is dominated 

by the shock (Denton, 1997). Although the groove increases the wetted area that increases 

friction losses, the loss generated by the increased wetted area is probably small in relative 

to the losses generated by the shock.  

 

6.2.2 Effect of groove on the tip leakage flow momentum 

Figure 6-3 shows the 𝑐𝑝 distribution at 99% span for the smooth and grooved casing at 

NS (operating point 8) conditions. At the pressure side (PS) upstream of the groove, the 

𝑐𝑝 reduces and subsequently increases underneath the groove. The reduction in 𝑐𝑝 shows 

a drop in local static pressure which translates to an increase in local flow velocity as 

some of the tip flow enters the groove radially. At the suction side (SS) of the blade tip 

upstream of the groove, there is an increase in 𝑐𝑝 before reducing slightly as compared to 

the smooth casing. The increase in 𝑐𝑝  shows an increase in local static pressure which 

means that the local flow velocity at the SS upstream of the groove has been reduced due 

to the flow leaving the groove radially.  
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Figure 6-3 Blade static pressure distribution at 99% span at NS conditions for smooth and 

grooved casing 

The variation of 𝑐𝑝 profile due to the casing groove is caused by the radial pressure gra-

dient across the groove cavity. Unlike for a smooth casing, the flow is restricted radially 

and the radial pressure gradient is small. The radial pressure gradient introduced by 

groove causes a radial transport of the tip leakage flow in and out of the groove cavity. 

As shown in Figure 6-4, the radial movement of the flow can be observed by plotting the 

normalised radial velocity, 𝑉𝑟, contour. 𝑉𝑟 is normalised by the tip velocity,𝑉𝑡. Positive 𝑉𝑟 

regions indicate a radially outward movement of the tip leakage flow into the casing 

groove. On the other hand, the negative 𝑉𝑟 regions indicate a radially inward movement 

of the flow into the blade main passage. The flow from the passage is leaked into the 

groove from the PS due to the fact that the static pressure at the PS is higher. The negative 

region as seen at the SS correspond to an injection of the flow from the groove into the 

main blade passage. This is further illustrated in Figure 6-5 where the streamlines inside 

the groove are plotted alongside a cartoon that shows the features of the flow near the 

groove. In Figure 6-5a), the streamlines are coloured with radial velocity to show radial 

movement of the flow inside the groove. Arrows are also plotted on the streamlines for 

showing the direction of the flow. The red-coloured streamlines show a radially outward 
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movement whilst blue-coloured streamlines indicate a radially inward movement of the 

flow. The majority of the flow enters the groove near the downstream wall of the groove. 

At the same time, the flow inside the groove exits at the upstream wall of the groove into 

the blade passage at the blade SS. The cartoon in Figure 6-5b) illustrates the radial move-

ment of the flow entering and exiting the groove. 

  
 

Figure 6-4 Casing normalised radial velocity contour at NS conditions for grooved casing 

 

 

Figure 6-5 a) Streamlines(coloured with radial velocity) inside the groove and b) illustration of 

the radial transport of flow in and out of the groove. 
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As reported by Shabbir and Adamczyk (2005), the radial transport of axial momentum 

across the groove and blade main passage is the flow mechanism that is responsible for 

SMI. The radial transport of axial momentum which is not present in a smooth casing 

helps to balance near casing net axial pressure force across the blade. The effect of the 

groove on the tip leakage flow momentum at NS conditions is shown in Figure 6-6. The 

tip leakage absolute momentum inside the tip clearance gap and the respective momentum 

components are calculated using Equation 6-2 to Equation 6-5. 

 

Φ =
𝜌𝑉⊥𝑉⊥

𝜌̅1(𝑟𝑡Ω)2
 (6-2) 

Φ𝑧 =
𝜌𝑉⊥𝑉𝑧

𝜌̅1(𝑟𝑡Ω)2
 (6-3) 

Φ𝜃 =
𝜌𝑉⊥𝑉𝜃

𝜌̅1(𝑟𝑡Ω)2
 (6-4) 

Φ𝑟 =
𝜌𝑉⊥𝑉𝑟

𝜌̅1(𝑟𝑡Ω)2
 (6-5) 

 

Quantities Φ,  Φ𝑧, Φ𝜃 and Φ𝑟 are the tip leakage absolute, axial, pitchwise and radial 

momentum respectively. All the quantities are calculated inside the tip gap region only 

and are normalised by tip momentum which is represented by the denominator of Equa-

tion 6-2 to Equation 6-5. 𝑉⊥ is the local velocity normal to the tip camber. 𝑉𝑧, 𝑉𝜃 and 

𝑉𝑟 are the local axial, pitchwise and radial components, respectively. In Figure 6-6a) 

the absolute tip leakage momentum shows a reduction at the location where the groove 

is located. The reduction of the absolute momentum means that the strength of the tip 

leakage flow has been reduced. The Φ𝜃 as shown in Figure 6-6b) is the strongest com-

pared to Φ𝑧 (Figure 6-6c)) and Φ𝑟 (Figure 6-6d)) because the tip leakage flow is driven 

by the pitch-wise pressure difference due to the blade rotation. Since momentum is 

conserved, the reduction of Φθ can only be explained by the changes in Φ𝑧 and Φ𝑟 due 

to effect of casing groove. In Figure 6-6c), it can be seen that the tip leakage axial 

momentum is negative from the tip LE up until 60% of 𝑧̃𝑡. The negative axial momen-

tum is caused by reverse flow effect of the tip leakage flow. This reversal effect is 

however reduced for the grooved casing as compared to the smooth casing due to radial 

exchange of tip leakage flow momentum as previously shown in Figure 6-5. In Figure 

6-6d), the reduction in  Φ𝑟 in the forward part of the groove is due to the flow exiting 
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from the groove closer to the upstream side of the groove. Φ𝑟, however, increases in 

the aft part of the groove due to the main flow migrating radially into the cavity. 

 

Figure 6-6 Comparison of absolute tip leakage momentum and the respective components for 

smooth and grooved casing. Tip leakage absolute (a)), pitchwise (b)), axial (c)) and radial (d)) 

momentum at NS conditions. 
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Figure 6-7 Mass flow leaked into the groove as a percentage of tip leakage mass flow plotted 

against 𝜋 across all operating points 

The amount of mass flow leaked into the casing groove can be calculated by summing 

the positive mass flow at the groove – main blade passage interface as shown in Equation 

6-6. Only the sum of positive mass flow is required since by principle of mass conserva-

tion, the sum of mass flow leaked into the groove equals the sum of mass flow injected 

out into the main blade passage. 

 

m̃𝑟+ =
∑𝜌𝑉𝑟+Δ𝐴𝑖𝑛𝑡

𝜌̿𝑉̿⊥𝐴𝑡

 (6-6) 

 

Here, 𝑉𝑟+ is the cells with positive radial velocity as shown in Figure 6-4. Δ𝐴𝑖𝑛𝑡 is the 

area of the grid cell with positive 𝑉𝑟 at the groove interface. The term in the denominator 

is the tip leakage mass flow rate. 𝐴𝑡 is the surface area of tip gap which is the arc length 

of the tip camber multiplied by the tip gap height. Figure 6-7 shows the amount of mass 

flow leaked into the groove, m̃𝑟+ as a percentage of the tip leakage mass flow plotted 

against 𝜋 for all operating points shown in Figure 6-2. Since m̃𝑟+ is driven by the pressure 

difference, it can be seen that m̃𝑟+ increases from operating point 1 to 6. However, from 
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operating point 7 onwards, m̃𝑟+ shows a decreasing trend. The difference of m̃𝑟+ between 

operating point 6 and 10 is about 3% although there in a slight increase in 𝜋 between the 

two operating points. This is due to the change of the structure of the vortex inside the 

groove as shown in Figure 6-8. The vortex in Figure 6-8a) is located close to the blade 

where the TLF is primarily leaked in to the groove. In Figure 6-8b), the vortex is located 

about the mid-pitch of the blade domain. It is believed that the roll-up of the vortex is 

caused by the negative axial velocity component of the tip leakage flow. Figure 6-9 com-

pares the structure of the above-mentioned vortices at operating point 4, 6 and 8 using 

surface streamlines and the pitchwise vorticity contour. Plane P1(𝜃 ≈ 0°) is located over 

the blade where the TLF is leaked into this groove and Plane P2 (𝜃 ≈ 5°) is located about 

near the mid-pitch blade passage. The pitchwise vorticity is positive in the direction of 

rotation. In P1, the direction of the pitchwise vorticity is counter-clockwise as depicted 

by Figure 6-8a). The vortex in P1 represents the majority of the flow that enters the groove 

through the blade PS. This type of vortex forms as the TLF is radially leaked close to aft 

wall of the groove. The second type of vortex as shown in P2 develops away from the 

blade near the mid-pitch. From operating point 4 to operating point 6 (low to moderate 

backpressure conditions) the size of vortex is comparable as shown in Figure 6-9a) and 

b). As the backpressure increases beyond operating point 6, the tip leakage flow jet 

strengthens which translates into an increased negative axial velocity component. As 

shown in Figure 6-9c), this results in a larger vortex that extends axially with respect to 

operating point 4 and 6. The increase in the size of the vortex disrupts the flow inside the 

groove that was previously travelling circumferentially. As a result of the reduction in the 

circumferential momentum within the groove, the mass flow entering the groove reduces. 

This makes the groove less effective in further removing low momentum fluid from the 

tip gap region. 

 

 

Figure 6-8 Illustration of vortices located inside the casing groove located a) over the blade and 

b) about the mid-pitch region of the blade passage.   

LE 

a) b) 
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Figure 6-9 Pitchwise vorticity contour and surface streamlines on tow constant pitchwise 

planes, P1(𝜃 ≈ 0°) and P2(𝜃 ≈ 5°) inside the groove at operating point a) 4, b) 6 and c) 8. 

 

  

 

Figure 6-10 Comparison of Mach number contour plot inside the tip gap for a) smooth and b) 

grooved casing at operating point 8 

For a smooth casing, there is no radial movement of mass flow. The effect of radial move-

ment of mass flow on the tip gap blockage can be shown by plotting the Mach number 

contour inside the tip gap region at NS conditions as shown in Figure 6-10. It can be seen 

in Figure 6-10b) that the region under the groove has a relatively higher Mach number 
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region due to the radial movement of flow. As compared to the smooth casing, the block-

age region of the grooved casing is split where the bulk of the blockage is located aft of 

the groove.  

 

The effect of the groove on the blockage at NS conditions is shown in Figure 6-11. The 

shaded region indicates the effect of the groove on the blockage with respect to the smooth 

casing. It can be seen that the blockage located upstream of the groove is reduced before 

increasing and peaking aft of the groove. This is in line with what has been observed in 

Figure 6-10 where the groove causes the low Mach number region to be split and redis-

tributed aft of the groove. The reduction of blockage as explained earlier is due to radial 

movement of flow into the groove. The increase of blockage can be attributed to the radial 

mixing of flow as the flow moves out of the groove. This effective shift in the peak block-

age in the presence of the groove is thought to reduce the resistance in admitting flow at 

the front of the passage and in the process, delays the occurrence of stall. 

 

Figure 6-11 Comparison of 𝛹𝑚 between smooth and grooved casing at operating point 8 
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Figure 6-12 Performance characteristics at part-speed a) 𝜋 and b) 𝜂 

 

6.3 Effect of casing groove at part-speed 

So far, the SMI of the optimised groove is only evaluated at design speed conditions. 

There is a possibility that the groove behave differently at part-speed conditions since the 

groove is optimised for conditions at design speed. For Rotor 37, the flow is reported to 

be passage shock free when run at 60% of design speed (Suder and Celestina, 1996). This 

allows for the evaluation of the groove performance with the absence of the shock-TLV 

interaction. Figure 6-12 shows the performance characteristics of the smooth and grooved 

casing at part-speed. The calculation here does not account for the changes in blade twist 

and tip gap height due to reduction in centrifugal force at part speed. Thus, the numerical 

result presented herein is not comparable to the real conditions measured in the experi-

ment. Furthermore, the inlet conditions at part-speed is not known as is assumed to be the 

same as the inlet conditions at design speed. Operating point G is the last stable operating 

point for the smooth and grooved casing. These are found using the same convergence 

criterion as for the design speed case. The mass flow rate at each operating point is nor-

malised by the mass flow rate at operating point A. The groove is found to give an SMI 

of 0.6% using the same definition as in Equation 6-1. Here, the operating point C in Figure 
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6-12 is taken as the reference operating point to calculate Δ𝜁. In addition, the groove do 

not show any detrimental effect on the 𝜂 since the 𝜂 lines for the smooth and grooved 

casing in Figure 6-12 are found to overlap each other. 

 

The reason for the SMI improvement at part-speed is investigated by comparing the Ψ𝑚 

at design and at part-speed conditions for several operating points as shown in Figure 

6-13. Ψ𝑚 is plotted for the top 20% span.  Without the shock, the upstream movement of 

the peak blockage location is not as pronounced as compared to the design (high)-speed 

as shown in Figure 6-13.a). The peak of the blockage at operating point G is closer to the 

tip LE whereas at high speed the peak blockage location at the last stable operating point 

is located at 20% of 𝑐𝑎𝑥,𝑡 aft of the tip LE. In addition, the Ψ𝑚 at part-speed shows a 

higher and broader peak as compared to the high-speed case. This is due the fact that the 

blockage is more distributed in the chord direction when the shock is absent. At high 

speed conditions, the blockage is dominated by the shock-TLV interaction which caused 

the blockage to be confined to a smaller region hence a relatively narrow peak as com-

pared to the peak at part-speed. Furthermore, the height of the peak blockage is about 2 

times higher as compared to design speed which suggest that compressors operating at 

lower speed can withstand relatively higher blockage than at high-speed. 

 

 

Figure 6-13 Axial distribution of 𝛹𝑚 at a) design (100%) speed and b) part (60%)-speed for se-

lected operating points. The dashed line indicates the movement of the peak across the operating 

points. 

a) b) 
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Figure 6-14 Comparison of axial distribution of  𝛹𝑚 at operating point F for smooth and 

grooved casing 

Figure 6-14 shows the comparison the distribution of Ψ𝑚 at operating point F from Figure 

6-12 for smooth and grooved casing. The shaded region represents the difference of Ψ𝑚 

between smooth and grooved casing. A similar trend can be seen as in the high-speed 

case as shown in Figure 6-11 where the effect of the groove causes the peak blockage 

location to be shifted aft of the groove. By looking at the trend from Figure 6-11 and 

Figure 6-14, it seems to suggest that there is a limiting forward location for the peak 

blockage to exist before undergoing stall. Due to the groove, this peak blockage location 

is shifted further downstream so that there is more room for the compressor to operate at 

a reduced mass flow rate as compared to the smooth casing. 

 

6.4 Effect of single groove location and multi-groove configuration  

6.4.1 Single groove 

In this section, the sensitivity of the single groove axial location is studied by axially 

varying the location of the optimised groove which henceforth will be referred to as 

groove S1. Groove S1 is moved upstream and downstream of its original location which 

results in groove S0 and S2, respectively as shown in Figure 6-15. 
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Figure 6-15 Relative position of single casing grooves (not to scale).  

Table 6-2 Design specification of the single casing grooves 

Groove 𝑧′ 𝑤′ 𝐻 𝛼(°) Δζ [%] 

S0 0.08 0.054 0.89 𝑤′ 92 1.3 

S1 (optimised) 0.169 0.054 0.89 𝑤′ 92 0.6 

S2 0.26 0.054 0.89 𝑤′ 92 0.13 

M1 (S0+S1) - - - - 1.2 

M2 (S1+S2) - - - - 0.5 

 
As shown in Table 6-2, the grooves S0 and S2 are obtained by varying the value of  z 

whereas the remaining parameters 𝑤′, 𝐻, and 𝛼 are kept the same as S1. Figure 6-16 

shows the performance curve of the single grooves, S0 and S2 with respect to S1. The Δ𝜁 

of S0 and S2 as shown in Table 6-2 are 1.3% and 0.13%, respectively. From this, it can 

be said that performance of the groove is better when located upstream of the peak block-

age location as the Δ𝜁 of S0 is twice that of S1 which is the optimised groove. On the 

other hand, locating the groove downstream of the peak blockage is worse as S2 only 

manages to achieve a Δ𝜁 of 0.13% which is less than S1. Despite the changes to Δ𝜁 as the 

location of the groove is axially varied, it can be seen that there are no significant changes 

to 𝜂. The 𝜂 curves of S0, S1 and S2 as shown in Figure 6-16b) are overlapping. A similar 

trend is reported by Sakuma et al. (2013). Using the same compressor as used for this 

study, it was found that axially varying the location of a single groove results in a negli-

gible effect on the efficiency. It was suggested that this negligible effect of the single 

groove on 𝜂 is due to the attenuation of the tip leakage vortex.  
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Figure 6-16 Performance map of the single casing grooves. a) 𝜋 and b) 𝜂. 

 
 

 

 

Figure 6-17 Multi-configuration by combining single casing grooves 

 

6.4.2 Multiple grooves 

The effect of a multiple groove configuration on the SMI is investigated by combining 

the individual grooves as shown in Figure 6-18. M1 is the combination of S0 and S1 

whilst M2 is the combination of S1 and S2. From the performance curve as shown in 

Figure 6-17, the Δ𝜁 of M1 and M2 are calculated and shown in Table 6-2. It is found that 

a multi-groove configuration does not result in a significant effect to Δ𝜁 as compared to 

the single groove cases. The Δ𝜁 of M1 and M2 are comparable to the Δ𝜁 of the upstream 
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single groove case in each of multi-groove configuration. For example, the difference 

between M1 and S0 in terms of Δζ is 0.1%. This is also the case for M2 where the Δ𝜁 is 

0.1% less than the Δ𝜁 of S1. The effect of having a multiple casing groove does not agree 

with the outcome found in  Ross et al. (2017) where it was reported the SMI gain from 

individual grooves are additive in nature when they are implemented together. However, 

it is to be noted that different compressors have distinct blockage features such that it is 

difficult to expect any similarities between these findings. 

 

 
Figure 6-18 Comparison of the performance curve between S1 and multiple grooves. a) 𝜋 and 

b) 𝜂. 

6.4.3 Relationship between blockage reduction and SMI 

The effect of the groove on the Ψ𝑚 distribution for the top 20% span at NS conditions is 

shown in Figure 6-19. It can be seen that the Ψ𝑚 distribution of the grooved casing is 

modified with respect to the smooth casing. S0 and S1 have relatively lower blockage 

upstream of the smooth casing peak blockage. On the other hand, S0 and S1 has a rela-

tively higher blockage as compared to the smooth casing. This has been explained previ-

ously in sub-section 6.2.2 where the increase of blockage is due to mixing effect caused 

by radial inward flow from the groove into the main passage. The height of the peak 
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blockage is the lowest for S2 with respect to the other grooved casing including the 

smooth casing. However, the blockage within the passage at the front of the groove (0 <

𝑧̃𝑡 < 0.1) in not as low as for the other groove cases. The blockage distribution for M1 

and M2 shows a similar trend as the single grooves S0 and S2, respectively.  

 

 

Figure 6-19 Comparison of the 𝛹𝑚 axial distribution for all grooved casing cases at operating 

point 8 for the top 20% span. 

 

The performance of the grooved casings in terms of Δ𝜁 can be explained by linking the 

effect of the groove on the blockage distribution. Since S0 has the best Δ𝜁 as compared 

to the other grooved casings, it can be said that removing the upstream part of the peak 

blockage corresponding to the smooth casing is more beneficial than removal of the peak 

blockage itself as shown by S2. From Table 6-2, the location of S0 is between 8% and 

14% of 𝑐𝑎𝑥,𝑡 which is upstream than the smooth peak blockage location (about 20% of 

𝑐𝑎𝑥,𝑡) and also the shock-TLV interaction location (about 15% of 𝑐𝑎𝑥,𝑡) at the last stable 

operating point as shown in Figure 4-16b). This means that S0 may have affected the 

origin of the peak blockage itself which from previous discussions in Chapter 4 can be 

linked to the shock-TLV interaction. For multi-grooved casing, the additional blockage 

reduction does not seem to translate into better Δ𝜁 as compared to the single grooved 
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casings. For example, the difference of Δ𝜁 between M1 and S0 is about 0.1% although 

overall, M1 reduces more blockage than S0. 

 

  

 

  

  

Figure 6-20 Mach number contour plots inside the tip gap region at NS conditions. a) Smooth, 

b) S0, c) S1, d) S2, e) M1 and f) M 

The effect of the blockage reduction due to the groove is further analysed by plotting the 

Mach number contour at NS conditions at the mid-tip gap region as shown in Figure 6-20. 

Low Mach number regions in the tip gap region are coloured as darker shades of blue to 

represent blockage. The reduction of blockage due to the groove as discussed previously, 

can be seen through the change of the low Mach number regions. This can be seen either 

as a reduction of the size of the low Mach number region or a decreased intensity of the 

low Mach number region when the groove is present. S0 and M1 as shown in Figure 6-20) 
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and e) respectively can be seen to attenuate the front part of the blockage region as com-

pared to the smooth casing (Figure 6-20a)). As shown in Figure 6-20c), d) and e), S1, S2 

and M2 only attenuates the aft part of the blockage while the front part of the blockage 

still exists. It is clear form here that removing or attenuating the front part of the blockage 

region allows the incoming flow to enter the blade passage with reduced resistance which 

results in an improvement of 𝜁. The front part of the blockage prevents incoming flow 

from entering the blade passage easily. This causes a reduction in any gain in Δ𝜁. There-

fore, this shows that Δ𝜁 gained by each grooved casing depends on the location where the 

blockage is attenuated or reduced. 

 

  

 

  

  

Figure 6-21 Contours of 𝑌𝑛 aft of the blade at 30% of 𝑐𝑎𝑥,𝑡 downstream of the tip LE at NS 

conditions. a) Smooth, b) S0, c) S1, d) S2, e) M1, and f) M2. 

 

6.4.4 Near casing downstream losses 

Figure 6-21 shows the contours of the total pressure loss coefficient, 𝑌𝑛, at NS conditions 

for all the cases. The definition of 𝑌𝑛 is shown in Equation 6-7. Here, 𝑃02,𝑟𝑒𝑙 is the relative 
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total pressure at 30% of 𝑐𝑎𝑥,𝑡 downstream of the tip trailing edge (TE). 𝑃01,𝑟𝑒𝑙 and 𝑃1 are 

the inlet relative total pressure and static pressure, respectively. 

 

𝑌𝑛 =
𝑃02,𝑟𝑒𝑙 − 𝑃01,𝑟𝑒𝑙

𝑃01,𝑟𝑒𝑙 − 𝑃1
 (6-7) 

 

The contours are shown for the top 50% span region only for clarity. As compared to the 

smooth casing as shown in Figure 6-21a), the grooved casings are shown to increase the 

circumferential extent of the loss region. This is possibly due to the circumferential re-

distribution of the tip region fluid within the groove when present. The single grooved 

casings, S0, S1 and S2 show comparable loss core regions with each other. The multi-

grooved casings as shown in Figure 6-21e) and f) respectively show a larger circumfer-

ential spread of the loss region with respect to the smooth casing and single grooved cas-

ings.  

 

Figure 6-22 Pitch-wise mass-averaged 𝑌𝑛 aft of the blade aft of the blade at NS conditions. 

 

The magnitude of the loss for each case are compared by calculating the pitch-wise mass-

averaged 𝑌𝑛 at the same operating point and location where the contours in Figure 6-21 

are plotted. The bottom 50% region of the grooved casings show almost no change in 𝑌𝑛 

with respect to the smooth casing. The change of 𝑌𝑛 is most significant in the top 10% 
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span as shown in the inset of Figure 6-22. Overall, it can be seen that the grooved casing 

shows a higher 𝑌𝑛 for the top 10% span as compared to the smooth casing. M1 has the 

highest 𝑌𝑛 and followed by M2 as compared to the other single grooved casings. S0, S1, 

and S2 show comparable 𝑌𝑛 between each other. This may explain why M1 and M2 show 

a slight reduction in Δ𝜁 as compared to the single grooved casings S0 and S1 although 

M1 and M2 show a larger overall blockage reduction as shown in Figure 6-19. The in-

crease in 𝑌𝑛 with respect to the smooth casing is thought to be caused by the momentum 

transfer of flow between the groove and tip gap region. However, the increase of near 

casing losses with respect to the smooth casing show negligible effect on the 𝜂 at operat-

ing point 8 as shown in Figure 6-16 and Figure 6-18. 

 

6.5 Summary 

The summary of this chapter is as the following. 

1. Result of the optimised grooves: The optimised groove is found to increase the 

stall margin by about 0.6%. The efficiency change due to the introduction of the 

optimised groove is within ±0.1% with respect to the smooth casing. Through 

unsteady RANS simulations, it is found that the groove does not add any transient 

effects to the flow field. This shows that a steady RANS simulation is adequate to 

explain the effect of the groove on the near casing flow features. 

2.  Changes to the near casing flow region due to the grooves: As compared to the 

smooth casing, the optimised groove is found to affect the local blade tip loading 

which is explained to be due to the flow momentum transfer between the tip region 

and the groove. The radial transport of flow between the groove and tip region 

results in a reduction in the tip leakage flow momentum. This would mean that 

the groove weakens the tip leakage flow which is expected to have positive effects 

on the rotor performance. Furthermore, the optimised groove is shown to reduce 

the front part of the smooth peak blockage which can be linked to the radial 

transport of flow. However, an increase of blockage is seen aft of the smooth peak 

blockage which is possibly due to the mixing effect caused by the radial inward 

flow exiting from the groove into the blade passage. 

3. Effect of the groove at part-speed: At part-speed conditions, the optimised groove 

do not show any detrimental effect to the stall margin and efficiency. Due to the 

absence of the passage shock at part-speed conditions, the blockage distribution 
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do not share the same characteristics as compared to at high-speed conditions. At 

part-speed conditions, the upstream movement of the peak blockage location as 

the compressor is throttled towards stall is not as pronounced as at high-speed 

conditions. Apart from that, the peak of the blockage at part-speed show a higher 

and broader peak which suggests that blockage is more distributed in the chord 

direction when the shock is not present. The blockage at near stall and part-speed 

conditions if shown to be about twice the blockage as compared to high speed 

case. 

4. The axial location of the optimised groove, S1 is varied to obtain two more single 

grooves S0 and S2. From here, it is found that the configuration S0 that is located 

upstream of S1 has a relatively higher SMI than S1. This is possibly due to the 

fact that S0 is located within the shock-TLV interaction location which is the main 

source of the blockage. The singles grooves are combined to form two multiple 

grooved casing configurations M1 and M2. M1 and M2 do not show any signifi-

cant increase in SMI as compared to the single grooves S0 and S1. This is associ-

ated with the additional losses generated by the multiple casing grooves as com-

pared to the single grooves.  
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Chapter 7  

 

 

Low-speed Axial Compressor 

Rotor Design and Single Groove 

Testing 

 

7.1 Overview 

This chapter presents the design procedure of a low-speed axial compressor rotor and 

testing of a single optimised groove design. The low-speed compressor rotor is an aero-

dynamically scaled version of Rotor 37 at part-speed condition. The low-speed compres-

sor rotor is designed to mimic the tip-stalling behaviour of Rotor 37. An optimisation 

study for single casing groove is then performed with the intention to achieve stall margin. 

 

7.2 Low speed modelling of Rotor 37 

So far in this thesis, the optimisation method for obtaining a single casing groove design 

that results in an SMI has been shown to work for a high-speed compressor using numer-

ical simulations. The purpose of this chapter is to verify the design optimisation method 

explained in Chapter 5 through testing on a real axial compressor rotor. The purpose of 

such an attempt is two-fold. Firstly, there is an intention to ascertain the usefulness of the 

‘physics-based’ optimisation method as presented in Chapter 5 under low-speed condi-

tions. In the low-speed environment the blockage development that leads to stall is still 

likely to be caused by tip leakage flow but without the presence of the shock. The ad-

vantage of the optimisation strategy, however, is that it only uses the alleviation of block-

age as a means to achieve SMI whereas the cause of the blockage development itself is 

immaterial. The second purpose of the low-speed optimisation attempt is the intention to 

experimentally test the concept in cost-effective manner. High-speed transonic compres-

sor rigs such as the Rotor 37 where the concept has been shown to work are extremely 
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complicated physically and expensive to construct, instrument, operate and maintain. 

There is an option, therefore, to model the high-speed compressor rotor as a low-speed 

compressor rotor based on the principles of aerodynamic similarity. Such scaling of com-

pressors has been performed by other researches in the past such as Wisler (1985), Lyes 

and Ginder (1998), Chenkai et al. (2014) and Nan et al. (2018). The advantages of this 

high to low-speed transformation method is the low cost of the design, build and operation 

of the hardware required. One major limitation of this method is the inability to recreate 

the shock effects on the stalling of the high-speed compressors. This is a clear disad-

vantage to Rotor 37 since the stalling mechanism of Rotor 37 is due the shock-TLV in-

teraction as discussed in Chapter 5. However, as a compromise to this problem the high 

to low-speed aerodynamic scaling can be done at a relatively lower speed than the design 

speed where the effect of the shock is weaker. This approach was performed by Nan et 

al., (2018) to compensate for the inability of recreating the shock effects at the design 

speed of a transonic compressor. Such a strategy can therefore be applied to Rotor 37 as 

well since the passage shock is absent when running at 60% speed as discussed in Chapter 

7. In addition, the casing groove did not show any negative effects on the SMI when 

running at part-speed. This suggests that performing the high to low-speed transformation 

on Rotor 37 at 60% speed is a worthwhile exercise. 

 

7.2.1 1D design 

As mentioned earlier, the aim of the high to low-speed transformation is to obtain aero-

dynamically similar blades from the high-speed counterpart. This requires specific design 

targets obtained from the high-speed counterpart to be met with some compromises due 

to hardware restrictions. The design targets are determined from the numerical result of 

the part-speed Rotor 37 at operating point C as shown in Figure 6-12. Data for 7 spanwise 

positions across the blade are obtained at 50% of 𝑐𝑎𝑥 upstream and downstream of the 

rotor. The spanwise positions chosen are 5%, 15%, 30%, 50%, 70%, 85%, and 95% span. 

 

A step-by-step method to obtain the design targets for the low-speed model is explained 

as the following: 

1. Finding the axial velocity of the model compressor, 𝑽𝒛,. This is done by matching the 

flow coefficient, 𝜙′, between the low-speed model (LS) and the high-speed compressor 

rotor (HS) as shown in Equation 7-1. The blade speed, 𝑈, can be found from the radius, 

𝑟, and the blade angular speed, Ω. The LS compressor blade speed, 𝑈𝐿𝑆, is restricted by 
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the speed of the available motor and also the casing radius. In this case, the maximum 

available motor speed is 3000 rpm and the casing radius is 230 mm. The radius, 𝑟, for 

each spanwise position of the LS can be found by equating the hub-to-tip ratio of the 

design compressor with the model compressor. The hub to tip ratio of 0.7 results in a hub 

radius of 161 mm. The 𝑉𝑧 of LS is designed to be constant across the span due to the 

usage of parallel annulus for simplifying the design process. This is not the case for the 

HS compressor the annulus area varies across the rotor. Therefore, some compromises 

are expected which are shown later as the velocity triangles are constructed. 

𝜙𝐿𝑆
′ = 𝜙𝐻𝑆

′  𝑤ℎ𝑒𝑟𝑒 𝜙′ =
𝑉𝑧
𝑈

 (7-1) 

 

2. Check the Reynolds number The Reynolds number, 𝑅𝑒, as defined in Equation 7-2, is 

controlled by the chord length, 𝑐, and 𝑉𝑧,. Quantities 𝜌 and 𝜇 are calculated from the ideal 

gas law and Sutherland’s law at standard atmospheric conditions, respectively. In order 

to achieve dynamic similarity, 𝑅𝑒 between LS and HS should ideally be the same. How-

ever, as mentioned earlier, the restrictions of the motor speed and casing diameter would 

not permit equal 𝑅𝑒 between the LS and HS compressor. Hence, the 𝑅𝑒 of the LS com-

pressor is targeted to be as close as possible to the HS compressor. This requires some 

adjustment to chord length, c, and 𝜙′. Scaling-up of 𝑐 in return affects the pitch-to-chord 

ratio of the blade. This restricts the magnitude of the allowed change in 𝑐 to obtain a 

comparable 𝑅𝑒 between the LS and HS compressor. As a result, the blade count of the 

LS compressor is slightly reduced in order to maintain the comparable pitch-to-chord 

ratio as of the HS compressor. The limitation of scaling up the 𝑐 requires that the 𝜙′ is to 

be slightly increased as well. The increase in 𝜙′ is also restricted in order to have com-

parable velocity triangles as described in the next step. 

 

𝑅𝑒 =
𝜌𝑉𝑧𝑐

𝜇
 (7-2) 

 

3. Constructing the velocity triangles of the model compressor. The velocity triangles as 

depicted in Figure 7-1 are required to obtain the inlet and outlet blade angles, 𝛽. Ideally, 

the normalised LS compressor velocity triangles are targeted to be equal of the high-speed 

counterpart. However, this is no longer possible due to the adjustments made to the 𝜙′ as 

explained earlier. The rotor blades in Figure 7-1 are for illustrative purpose only since at 

this stage, the blade shape is not yet known. For an isolated compressor case, the absolute 

inlet flow angle, 𝛽1, is equal to zero. The relative blade inlet angle, 𝛽1,𝑟𝑒𝑙, is fixed by the 
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pre-determined 𝜙′. Hence the only unknown parameter to construct the velocity triangles 

is the outlet blade angles. The outlet blade angle can be found from the stage loading 

coefficient, Ψ′. As shown in Equation 7-3, the model compressor stage loading coeffi-

cient, Ψ𝐿𝑆
′ , is fixed to the HS compressor, stage loading coefficient, Ψ𝐻𝑆

′ . An equal Ψ′ 

between the LS and HS compressor would mean that the non-dimensional work input on 

the flow by the rotor blade is the same. Hence, a similar blade loading distribution is 

expected. This is important especially at the tip region in order to mimic the tip-stalling 

criteria of the HS compressor. Δℎ0 is the stagnation enthalpy change through the rotor 

and can be found from Euler’s equation as shown in Equation 7-4. Since  β1 = 0, Ψmodel
′  

can be written in terms of the 𝜙′ and 𝛽2,𝑟𝑒𝑙 as shown in Equation 7-5.  

 

 

Figure 7-1 Generic isolated axial compressor velocity triangle (drawing not to scale). 

ΨLS
′ = ΨHS

′  𝑤ℎ𝑒𝑟𝑒 Ψ′ =
Δℎ0

𝑈2
=

Δ𝑃0

𝜌𝑈2
 (7-3) 

Δℎ0 = 𝑈𝑉(tan𝛽2 − tan𝛽1) (7-4) 

Δℎ0 = 𝑈((𝑉𝑧 tan𝛽2,𝑟𝑒𝑙 + 𝑈) − tan𝛽1);  β1 = 0  

ΨLS
′ =

𝑉𝑧
𝑈

(tan𝛽2,𝑟𝑒𝑙) + 1  

ΨLS
′ = 𝜙′(tan𝛽2,𝑟𝑒𝑙) + 1 (7-5) 

 

4. Further checks to blade diffusion factor, DF. DF as shown in Equation 7-6 is the pa-

rameter that measures the tendency for separation of the suction side boundary layer 

(Lieblein et al., 1953). Data from a large amount of cascade testing suggest that the loss 
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increases as the DF exceeds a value of 0.6. At the tip, the loss increases as the DF exceeds 

a value of 0.45. The DF is normally chosen by the designer to find the pitch-to-chord ratio 

for a given change in velocity across the blade. From step 1, the pitch-to-chord ratio is 

already fixed to be same as the HS compressor. Hence the aim of this step is to only 

ensure that the DF of the LS compressor is within an acceptable value before proceeding 

with the blade design. 

 

𝐷𝐹 = (1 −
cos 𝛽1,𝑟𝑒𝑙

cos 𝛽2,𝑟𝑒𝑙
) + cos 𝛽1,𝑟𝑒𝑙 (

tan𝛽1,𝑟𝑒𝑙 − tan𝛽2,𝑟𝑒𝑙

2
)
𝑠

𝑐
≤ 0.6 (7-6) 

 

The procedure of obtaining the design values of the LS compressor is repeated to obtain 

input design parameters for each of the seven radial heights positions as mentioned earlier 

in order to proceed with the blade design. Figure 7-2a) shows the comparison between 

the HS flow angles and the input design flow angles used for designing the LS blades. 

The DF at each radial height positions are calculated using the input design angles and 

are shown in Figure 7-2b). A summary of the blade design parameter of the LSAC and 

comparison with the HS compressor at mid-span is shown in Table 7-1. 

 

  

Figure 7-2 a) Comparison between the HS compressor inlet/outlet flow angles with respect to 

the LS target design inlet/outlet flow angles at several spanwise position. b) Calculated DF val-

ues for the LS compressor 
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Table 7-1 Summary of the LSAC aerodynamic design parameters with respect to the HS com-

pressor 

 HS LS 

Ψ𝑚𝑖𝑑
′   0.37 0.37 

𝜙𝑚𝑖𝑑
′   0.51 0.64 

Blade count 36 27 

𝑅𝑒𝑚𝑖𝑑 (true chord) 4.4 × 105 1.8 × 105 

RPM 10313 3000 

Hub-to-tip ratio 0.7 0.7 

True chord, 𝑐 [mm] 56.23 68.553 

Tip pitch-to-chord ratio 0.77 0.74 

Tip gap height [mm] 0.356 1 

Tip radius at LE [mm] 253.7 229 

 

7.2.2 Blade design 

The rotor blade shape is obtained using an inverse design approach (de Vito et al., (2003) 

and Dang et al. (2003)). The inverse design method is an iterative method where a blade 

shape is tailored until a desired blade loading distribution is obtained. This method is an 

advantage for design problems where the desired blade loading distribution is known. As 

mentioned previously, the aim of the low speed modelling is to mimic the flow conditions 

of the HS compressor. This is especially at the tip region in order to re-create the flow 

mechanism that is responsible for a tip-stalling compressor. This requires the LS com-

pressor to have ideally the same 𝑐𝑝 as the HS compressor. Hence, the HS compressor 

blade 𝑐𝑝 is prescribed as the target 𝑐𝑝 for obtaining the LS compressor blades using the 

inverse design method. 

 

The computer code used for the inverse design method is MISES which is described in 

Youngren and Drela (2008) and Youngren (1991). MISES is a 2D cascade analysis and 

design code that uses a coupled viscous-inviscid interaction technique to obtain the flow 

solution. Here, the flow solution in the shear layer and inviscid region is solved separately 

and combined to form a complete solution. Once the 2D flow solution is obtained, mode-

shapes are used to perturb the geometry of an initial blade shape in order to iterate towards 
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a final shape that satisfies the target 𝑐𝑝. This involves re-cambering the initial blade shape 

towards the final blade shape.  

 

For each of the 7 spanwise locations as mentioned in the previous section, an initial 2D 

blade shape which is based on the HS compressor (Rotor 37) is generated first. The cam-

ber line is scaled-up to meet the 𝑅𝑒 requirement as explained previously. The LS blade 

profiles are required to be relatively thicker than Rotor 37 due to the structural properties 

of the selected LS blade material. The Rotor 37 LE and TE radii reduce from hub to tip 

as found in Reid and Moore (1980). For the LS compressor blade, the LE and TE radii 

are scaled-up so that the minimum tip LE and TE radii are 1.2 mm. In order to obtain the 

initial 2D shape, therefore, the thickness distribution of the corresponding Rotor 37 pro-

file is increased based on the change in the LE and TE radii to form the new thickness 

distribution of the LS compressor blade. The procedure is repeated for each of the 7 

spanwise positions. Figure 7-3a) shows an example of a scaled-up initial blade geometry 

of the LS compressor as compared to the Rotor 37 blade at 95% span. Once the initial 

blade shapes are generated, the flow solution of that 2D blade shape is obtained from 

MISES using the input design parameters as specified by the 1D design. The target  𝑐𝑝 is 

then prescribed for the inverse design method. The blades may also require some turning 

to obtain the desired target  𝑐𝑝. Figure 7-3b) shows a comparison of an initial and final 

version of the blade profile subjected to the inverse design method at 95% span. An ex-

ample of the inverse design method is detailed in Appendix I. 

 

 

  

Figure 7-3 a) Scaled-up initial LS blade profile with respect to HS blade profile at 95% span. b) 

Transformation of the final blade profile through the inverse design method with respect to the 

initial blade profile at 95% span. 

 
The final 2D blade profiles at all the seven spanwise positions are then radially stacked 

to obtain a 3D blade. The 2D blade profiles are stacked using a radial stacking line that 

a) b) 
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passes through the centroid of all the blade sections. This is similar to the stacking method 

adopted for the Rotor 37 blade (Reid and Moore, 1978). The outcome of the stacking 

procedure is shown in Figure 7-4. 

 

 

 

 

Figure 7-4 Radial stacking of the seven 2D blade profiles to obtain the 3D blade shape. (Not to 

scale) 

 

7.2.3 3D RANS simulation 

The 3D blade obtained is validated further using a steady RANS simulation. The compu-

tational setup, grid and numerical setup for this simulation are explained in Chapter 3. 

Figure 7-5 shows the performance characteristics of the LSAC. The abscissa of Figure 

7-5 is the flow coefficient, 𝜙, which is defined as the average axial velocity at the inlet, 

𝑉𝑧,1, over the midspan blade speed, 𝑈𝑚𝑖𝑑. The total-to-static pressure rise coefficient, 

𝜓𝑡𝑠, and isentropic efficiency, 𝜂, are calculated using Equation 7-7 and 7-8, respectively. 

The mass averaged fluid density, 𝜌, is calculated at the inlet. 𝑃 and 𝑃0 are the static and 

total pressures, respectively and 𝑇0 is the total temperature. The static pressure is area 

averaged at inlet whereas the total pressure and total temperatures are mass averaged at 

the appropriate measuring planes. Operating point 4 and 8 represent the conditions at near 

design (ND) and near stall (NS) respectively. Operating point 10 is the last stable operat-

ing point found using the ‘bisection method’ type approach outlined earlier in Chapter 3. 
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Figure 7-5 Performance characteristics of the LSAC a) Total to static pressure rise coefficient 

and b) isentropic efficiency 

 

𝜓𝑡𝑠 =
𝑃̿𝑒𝑥𝑖𝑡 − 𝑃̿01

0.5 𝜌𝑈𝑚𝑖𝑑
2  (7-7) 

𝜂 =
𝑃̿0,𝑒𝑥𝑖𝑡 − 𝑃̿01

𝜌̿𝐶𝑝(𝑇̿0,𝑒𝑥𝑖𝑡 − 𝑇̿01)
 (7-8) 

 

Figure 7-6 shows the comparison between the 3D RANS simulation results at operating 

point 4 and the design target values specified at the seven radial height positions. The aim 

of the plots here is to understand the 3-dimensional flow behaviour around the blade that 

is constructed from several discrete 2D profiles. Differences may occur due to the pres-

ence of 3D flow phenomena such as hub and casing endwall boundary layers, leakage 

flow at the blade tip and possible 3D separation over the blade surfaces, none of which 

are accounted for during the design process as described earlier. Figure 7-6 compares the 

design and the simulated radial distribution of the pitch-wise averaged values of Ψ′ , 𝜙′, 

𝛽1, and 𝛽2. The relevant upstream and downstream variable values required for these 

calculations are extracted from axial planes located 50% 𝑐𝑎𝑥 upstream of the blade LE 

and 50% 𝑐𝑎𝑥 downstream of the blade TE, respectively. Overall the radial distribution of 
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the Ψ′ and 𝜙′ qualitatively agree with the design target values. The discrepancies can be 

attributed to 3D flow effects that was not predicted during the 1D and 2D design pro-

cesses. For instance, in Figure 7-6d), the 𝛽2 distribution near the tip and hub shows a 

mismatch with respect to the design target trend. This is due to the effect of tip leakage 

flow at the tip region and the hub wall boundary layer effect that is difficult to incorporate 

during the initial 1D and 2D design process. The near endwall trend mismatch are less 

intense for 𝛽1 with respect to 𝛽2 since 𝛽1 is not affected by the aerodynamic effects of the 

flow in the blade passage. Nevertheless, the near endwall discrepancies of 𝛽2 are within 

an acceptable range since the trend far from the endwalls (between 20% and 80% span) 

show a good qualitative agreement with the design target values. 

 

  

  

Figure 7-6 Comparison the 3D RANS simulation at near design conditions with respect to the 

design target values. a) Stage loading coefficient, b) Flow coefficient, c) Inlet relative angle and 

d) Exit relative angle. 

 

Figure 7-7 shows the comparison between LSAC blade loading at ND conditions with 

respect to the prescribed blade loading obtained from the HS compressor. The blade load-

ing distributions are compared at 10%, 50% and 90% span. The LSAC blade loading at 
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the respective span position show good qualitative agreement with respect to HS blade 

loading. A good match between the LSAC and HS blade loading is important especially 

at the tip in order to mimic the tip-stalling mechanism of the HS compressor. Matching 

the local diffusion levels at each of the spanwise station is also important to make sure 

that there is no unwanted flow deceleration with respect to the original blade that could 

lead to blade surface boundary layer separation.  

 

 

 

 

Figure 7-7 Comparison of the 3D blade loading at near-design conditions with respect to the 

prescribed HS blade loading distribution. a) 10% span, b) 50% span and c) 90% span 

 

For each of blade loading presented, a ‘spike’ can be observed at the blade LE suction 

side. The ‘spike’ can be attributed to the profile of the blade LE as the flow navigates and 

accelerates around the curvature. The LSAC has a relatively thicker LE profile as com-

pared to the HS blade to avoid structural integrity problems. If examined carefully, the 

HS blade loading also show a ‘spike’ at the LE. However, the ‘spike’ is not as pronounced 
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as in the LSAC loading distribution due to the relatively thin LE profile which causes the 

‘spike’ to quickly disappear. The effect of the ‘spike’ is non-detrimental on the compres-

sor performance for isolated rotor cases (Goodhand and Miller, 2010). 

 

The suction surface streamlines of the LSAC and HS blade at near design conditions are 

compared in Figure 7-8. It can be seen that the LSAC suction surface streamline share the 

same pattern as the HS blade. This is especially so in relation to the features seen near the 

tip LE and hub TE. The streamline patter near the tip LE is likely due to the tip leakage 

flow near the origin of the leakage vortex whereas near the hub TE, the streamlines are 

moving radially upward due to the overturned hub endwall secondary flow. The similarity 

of the suction surface streamline features between the LSAC and HS blade further verifies 

the design process of the LSAC rotor. 

 

 
 

Figure 7-8 Similarity of the suction surface streamline pattern of a) HS and b) LSAC blade at 

near design conditions 

7.3 LSAC tip region flow 

As previously discussed in Chapter 2, casing treatments can only be effective for tip-

critical compressors. Therefore, further checks are required to ensure that the designed 

LSAC is indeed a tip-critical compressor that is suitable for casing treatment. Tip-critical 

a) 

Tip LE 

Hub TE 
b) 

Hub TE 

Tip LE 



 

119 
 

compressors normally exhibit a spike-type stalling pattern (Camp and Day, 1998). Ac-

cording to Camp and Day (1998), the performance characteristic of a compressor can be 

used to infer the stalling pattern of a compressor. The stability limit of a compressor that 

exhibits a spike-type stalling pattern is found to occur before the performance (pressure 

rise) curve reaches the its peak hence on the negative slope of the curve. From Figure 

7-5a), it can be seen that the numerical stability limit (operating point 10) occurs on the 

negative slope of the 𝜓𝑡𝑠 characteristic. From this, it can be inferred that the LSAC is 

indeed a tip-critical compressor that is suitable for casing treatment. For a tip-critical 

compressor, the stall is initiated at the tip-region due to the build-up of low axial momen-

tum flow. This can be evaluated by plotting the normalized axial velocity contour at an 

axial plane located near the LE as shown in Figure 7-9a).  

 

  
Figure 7-9 a) Normalised axial velocity contour and b) and location of the ‘blocked’ cells for 

the same axial location near the tip LE at NS conditions. 

 
The normalized axial velocity contour is plotted at an axial plane located 4% of 𝑐𝑎𝑥,𝑡 aft 

of the LE at operating point 8 which represents the near-stall condition. The low axial 

velocity region which is represented by darker shades of blue are found near the hub and 

tip region. The blockage is found to be predominantly located near the rotor casing where 

the blockage region extends much further in the circumferential direction with respect to 

that near the hub. The blockage located in the hub region is caused by a separation on the 

suction side near leading edge and is largely confined radially and circumferentially to 

the LE suction side hub corner. Further analysis using the binary blockage index param-
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eter, 𝜓, as shown in Figure 7-9b) also suggests that the blockage is found to be predomi-

nantly located near the rotor casing. The definition of the binary blockage index parame-

ter, 𝜓, is identical to the one introduced in Chapter 4. The blockage analysis is done for 

the same axial location as in Figure 7-9a). This further suggests that the aerodynamics of 

the tip region flow is responsible for initiating the stalling process of the LSAC. 

 

  
 

Figure 7-10 Normalised axial velocity contour inside the tip gap (50% of tip gap height, 𝝉) at a) 

ND and b) NS conditions 

 
The aerodynamics of the tip region flow is susceptible to the build-up of blockage near 

the casing as the compressor approaches stall. This can be investigated by plotting the 

normalised axial velocity contour inside the tip gap at ND and NS conditions as shown 

in Figure 7-10. The blockage region (dark shades of blue) is due to the tip leakage flow 

(TLF) and tip leakage vortex (TLV). The TLF and TLV are responsible for low axial 

velocity regions within the blade passage at two regions; one in the forward part of the 

blade in line with the TLV and the second region close to the blade trailing edge. In com-

parison to ND conditions, the blockage region due to the TLF at NS conditions occupies 

a relatively larger portion of tip gap region within the blade passage. This is expected 

since the TLF is pressure-driven such that at a lower 𝜙, the blade loading increases (close 

to the blade tip LE) with increasing 𝜓𝑡𝑠. This results in a stronger TLV and TLF with an 

increased pitch-wise velocity component which causes the TLF-main flow interface to be 

more aligned to the pitch-wise direction at NS as compared to ND conditions. The up-

stream movement of the TLF-main flow interface may be linked to the upstream move-

ment of the TLV at conditions close to stall. As described by Hoying et al. (Hoying et al., 
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1999), the upstream movement of the TLV at conditions close to stall eventually leads to 

a ‘spill forward’ effect that results in the incoming flow to be diverted to adjacent blade 

passages. The ‘spill forward’ effect is known as one of the criterion for a ‘spike’-type stall 

to occur (Vo et al., 2008).  

 
The upstream movement of the TLV as the compressor approaches stall can be further 

studied by determining the trajectory of the TLV. Here, the method used to calculate the 

TLV trajectory is identical to the method presented in Chapter 5 where the trough in the 

casing static pressure distribution is used as a marker. The casing static pressure presented 

in Figure 7-11a) is shown as the total to static pressure rise coefficient, 𝜓𝑡𝑠, at ND condi-

tions. The location of the minima of the static pressure across constant pitch lines are 

marked as open circles in Figure 7-11a). The TLV trajectory is then found through linear 

fitting across the circles. The TLV angle, 𝜉, is measured from the axial direction and is 

positive in the direction of rotation. The procedure to find 𝜉 is repeated for the remaining 

operating points and are plotted as in Figure 7-11b). The variation of 𝜉 in Figure 7-11b) 

is plotted against 𝜓𝑡𝑠 and is annotated by its respective operating point number as found 

in Figure 7-5. The change in 𝜉 as the backpressure increases from ND conditions to op-

erating point 10 (last stable operating point), is about 4°. The increase in 𝜉 here is partly 

responsible for the upstream movement of the TLV-main flow interface as previously 

explained. 

 

 
 

Figure 7-11 a) TLV trajectory (red line) extracted from the casing static pressure contour at ND 

conditions. b) TLV angles with respect to the axial direction for all operating points. 
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7.3.1 Tip loading and tip leakage momentum 

Previously, it has been shown in Figure 7-10 that at conditions close to stall, the blockage 

region occupies a larger portion of the blade passage as compared to the near-design con-

ditions. This can be attributed to the increased loading near the blade tip as compressor 

approaches stall as shown in Figure 7-12.  

 

Figure 7-12 Comparison of the blade loading between ND and NS conditions at 97% span. 

 
The 𝑐𝑝 is plotted at 97% span which is near the blade tip. As shown in Figure 7-12, the 

loading near the blade tip LE (shaded region) at NS is higher as compared to at ND con-

ditions. This is expected due to the increase of the 𝜓𝑡𝑠 as the compressor approaches stall. 

Here, the blade loading is calculated as the difference of the 𝑐𝑝 between the suction and 

pressure surface. The increased loading near the blade tip contributes to the increase of 

the TLF pitch-wise velocity component which, in turn, appears as blockage due to the 

decrease in axial velocity component. In addition, it can be seen that towards the TE 

shows that blade loading decreases at near-stall conditions as compared to the near-design 

condition. This is in agreement with the contours shown in Figure 7-10. At near stall 

conditions, it is shown that the blockage region near the LE intensifies and moves up-

stream whereas that near the blade TE suction side becomes less intense as compared to 

the near design case. This is the effect of the reduced blade loading in the rear part of the 
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blade which is thought to be caused by the modification of the passage flow as the up-

stream blockage increases. 

 

The effect of the blade loading modification on the strength of the TLF between near 

design and near stall conditions can be understood by evaluating the TLF momentum, Φ. 

The TLF momentum, Φ, inside the tip gap region as shown in Equation 7-9.  

 

Φ =
𝜌𝑉⊥

2

𝜌̿1𝑈𝑡𝑖𝑝
2 = 

𝑉⊥
2

𝑈𝑡𝑖𝑝
2   ∵ 𝜌 ≈  𝜌̿1 (7-9) 

 
Here, Φ is the TLF momentum normalised by the blade tip momentum. 𝑈𝑡𝑖𝑝 is the blade 

tip speed and 𝑉⊥ is the local velocity normal to the blade camber at the tip. At low-speed 

conditions, the flow is thought be incompressible such that the density, 𝜌, can be omitted. 

The TLF momentum is calculated at ND and NS conditions as shown in Figure 7-13.  

 

Figure 7-13 Comparison of the tip leakage flow momentum, 𝛷, between operating point 4 and 

operating point 8. 

 
The shaded region (between the tip LE and 20% of 𝑐𝑎𝑥,𝑡 aft of tip LE) is the region where 

the increased blade tip loading is significant as in Figure 7-12. Within this region, it can 

be seen that Φ at NS conditions is about 30% higher with respect to ND conditions. The 
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increased leakage momentum (stronger TLF) which also affects the strength of the TLV 

contributes to reduced and even axial velocity in the vicinity of the tip LE. This coupled 

with the increase in back pressure at near stall conditions causes the upstream movement 

of the TLF-main flow interface as shown in Figure 7-10. At the rear part of the tip (𝑧̃𝑡 >

0.5), as the stall is approached, the tip leakage momentum is seen to decrease with respect 

to at ND conditions. This is consistent with the reduced blade loading as shown in Figure 

7-12. 

 

The effect of the increased strength of the TLF and TLV at near-stall conditions on the 

blockage development near the tip region can be evaluated by quantifying the blockage. 

The blockage quantification uses the same method explained in Chapter 4. Figure 7-14 

shows the distribution of the normalised blockage mass flow rate, Ψ𝑚, across the rotor 

blade for all the operating points that are shown in the performance map in Figure 7-5. 

The distribution is obtained by extracting data for about 100 axial planes across the blade. 

The distribution of  Ψ𝑚 is only evaluated for the outer 20% span region as it was shown 

that for a tip-critical compressor, the blockage in the tip region is more significant than at 

the hub region. The ND (operating point 4) peak blockage located at approximately 

0.15𝑧̃𝑡 grows rapidly as the compressor is throttled while gradually moving upstream. At 

the last numerically stable point (operating point 10) the peak blockage has grown almost 

eight times compared to that of ND conditions. In addition, the location of the peak has 

moved upstream, by approximately 3% of 𝑐𝑎𝑥,𝑡 between ND and operating point 10. The 

increase in the peak value of the blockage is consistent with the TLF momentum increase 

at conditions near stall as shown in Figure 7-13. However, the relatively small upstream 

movement of the location of the peak blockage does not agree with the upstream move-

ment of the TLF-main flow interface as the compressor approaches stall. This seems to 

suggest that the peak is likely due to the build-up of blockage originating from the TLV 

rather than the TLF-main flow interface itself. The TLV trajectory approximation exer-

cise presented in Figure 7-11 also showed only a moderate 4° change in TLV angle (𝜉) 

from ND to operating point 10. Hence, the rise in the peak value of the blockage as the 

compressor approaches stall points to a stronger roll-up of the TLV that is a result of the 

increase in TLF momentum. This in turn causes an increase in the axial velocity deficit 

(blockage) near the LE region. The intensification and movement of the vortex along with 
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the increased TLF with a negative axial velocity at near stall conditions is thought to be 

responsible for the upstream movement of the TLF-main flow interface. 

 
Figure 7-14 Distribution of 𝛹𝑚 across the blade for all operating points 

 

7.4 Single circumferential groove design 

A single circumferential groove design that improves stall margin is attempted using the 

same method discussed in Chapter 5. The peak blockage location to be used in the opti-

misation method is obtained from Figure 7-14 which is located at about 10% of 𝑐𝑎𝑥,𝑡 aft 

of tip LE. This is the peak blockage location at operating point 10 which is the last stable 

operating point. The optimisation routine is performed at a single operating condition 

corresponding to operating point 8 in Figure 7-5 which represents the near-stall condition. 

Figure 7-15a) shows the input parameters used to define the groove design. The parame-

ters 𝑧’, 𝑤’, 𝐻 and 𝛼 are the normalised groove axial position, upper width, height and the 

upper internal angle, respectively of the groove. All parameters except α are normalised 

by the blade tip axial chord (𝑐𝑎𝑥,𝑡) which is 40 mm.  
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Figure 7-15 a) Groove parameters and b) optimised groove domain and mesh 

 

The optimised values for 𝑧’, 𝑤’, 𝐻 and 𝛼 are 0.094, 0.094, 0.051 and 92°, respectively. 

The optimised values are obtained using the similar method outlined in Chapter 6. The 

values are chosen after running all design candidates in the Pareto optimal solution 

through 3D steady CFD simulations. The groove that stall with the least flow coefficient 

is determined to be the optimised groove design. The domain and the mesh for the opti-

mised groove generated are shown in Figure 7-15b). The groove domain has about 0.2 

million grid points and is connected to the blade domain via a GGI grid connection. 

 

The performance characteristics of the optimised casing groove with respect to the 

smooth casing are compared in Figure 7-16. The SMI (Δ𝜁) for the optimised grooved 

casing is calculated using Equation 7-10. 

Δ𝜁 = 𝜁𝐺𝐶 − 𝜁𝑆𝐶;     𝜁 =
(𝜙4 − 𝜙10)

𝜙4
 (7-10) 

Here, 𝜙 is the flow coefficient corresponding to the relevant operating conditions (4 & 

10) of the smooth and grooved casing. The parameter 𝜙 is defined as the average axial 

velocity at the inlet, 𝑉𝑧,1, over the midspan blade speed. The SMI (Δ𝜁) is calculated to be 

Blade 

Blade 

Periodic plane 

Groove 

a) 

b) 

𝑧̃ 𝐻 

𝑤 𝛼 

Tip LE 



 

127 
 

5.4 %. The efficiency penalty is calculated to be negligible (±0.2%) for each of the op-

erating points simulated as shown by the overlapping efficiency characteristics for the 

smooth and the grooved cases in Figure 7-16b). The increase in pressure rise and the dip 

in efficiency corresponding to the last converged operating point (operating point 10) for 

the grooved casing are consistent with the slopes of the overall trend of the corresponding 

characteristic curves. 

 

 
Figure 7-16 Performance characteristic comparison of the optimised groove and the 

smooth casing. a) Pressure rise coefficient and b) isentropic efficiency 

 

7.5 Comparison of the tip region flow between smooth and grooved casing  

Figure 7-17 compares the normalised axial velocity inside the tip gap at operating point 

8 (NS) between the smooth and grooved casing. Here, it can be seen that the TLF-main 

flow interface (dashed red line) of the grooved casing is located closer towards the blade 

suction side in relation to that of the smooth casing. This suggests that the groove has 

shifted the TLF-main flow interface forward movement of which is known to be respon-

sible for the ‘spill-forward’ effect. The delay in the ‘spill-forward’ effect results in an 

improved stall margin. Figure 7-18 shows the casing static pressure contour at NS condi-

tions for the smooth and grooved casing. The TLV trajectory is overlaid on top of the 
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static pressure contour using the method explained previously as in Figure 7-11a). In Fig-

ure 7-18b), the TLV trajectory of the smooth and grooved casing are compared. The red 

line shows the TLV trajectory of the grooved casing while the black dashed line shows 

the smooth TLV trajectory. It can be seen here that the presence of the groove results in 

a reduced TLV angle, 𝜉, where the grooved casing TLV trajectory aligns much closer 

towards the blade suction side. The reduction of the 𝜉 is estimated to be 2.7° which is 

significant given that the increase in 𝜉 from operating point 4 to operating point 8 in 

Figure 7-11 is about 4°. 

  
 

Figure 7-17 Normalised axial velocity contour inside tip gap (50% of the tip gap height, 

𝜏 ) for a) smooth and b) grooved casing at operating point 8 

 

  

 

Figure 7-18 Normalised casing static pressure contour with the extracted TLV trajec-

tory at for a) smooth 4 and b) grooved casing at operating point 8 
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Figure 7-19 Comparison of the grooved casing blockage parameter, 𝛹𝑚, at operating 

point 8 with respect to the smooth casing. 

 

In a high-speed environment, the shift in TLV angle has been linked to the SMI (Sakuma 

et al., 2013). In a low-speed compressor , Houghton and Day (2011) explained that the 

TLV angle shift is not necessarily required for obtaining an SMI. However, the above 

authors do agree that positioning the groove downstream of the TLV origin but closer to 

the LE modifies the TLV trajectory. This further points to the fact that the positioning of 

the groove in relation to the peak blockage as implemented in the present study is key to 

achieving SMI. The effect of the groove on peak blockage is clearly shown in Figure 

7-19. Here, the distribution of the non-dimensional blockage mass flow rate parameter, 

Ψ𝑚, at operating point 8 is compared between the smooth and grooved casing. The peak 

blockage is significantly reduced by the groove with respect to the smooth casing. The 

presence of the optimised groove therefore reduces the axial velocity deficit in the tip 

region. Reduction in axial velocity deficit means that the tip region can admit more 

throughflow and hence delays the upstream movement of the TLF interface at conditions 

near to stall. Therefore, this shows that, the reduction of the peak blockage that results in 

the delay of the upstream movement of the TLF interface is the primary factor for achiev-

ing an SMI. It is notable, however, that none of the SMI studies such as by Sakuma et al. 
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(2013) and Houghton and Day (2011) have quantified the blockage inside passage near 

the tip region and linked it to the improved stall margin that they have reported. 

 

7.6 Low speed testing 

It was mentioned at the beginning of the chapter that one of the motivations for undertak-

ing the low-speed compressor design and groove optimisation study is to enable experi-

mental validation of the SMI methodology as described in this thesis. The intention was 

to set up a low-speed rig incorporating the blade design as detailed in this chapter. Steady 

and transient structural analysis of the blade and the rotor assembly was carried out the 

details of which can be seen in Appendix II. Blades were manufactured using 3-D printing 

and the structural properties of the material was tested using a load test. This is also de-

scribed in Appendix II. However, due to delays with manufacture and further delays with 

the COVID-19 pandemic related lock-down, the experimental campaign couldn't be com-

pleted in a manner that is useful to the present study. The PhD submission deadline as 

stipulated by the research sponsor was not favourable to this cause either. A basic rotor 

only compressor rig with limited instrumentation was put together relatively late after the 

lock-down restrictions were lifted. Some preliminary measurements were conducted. 

Some details of the rig and the preliminary results and its analysis is presented in Appen-

dix III. 

 

7.7 Summary 

The summary of this chapter is as the following: 

1. A tip-critical low-speed axial compressor (LSAC) rotor has been designed for nu-

merically testing an optimised single circumferential casing groove. The LSAC is 

an aerodynamically scaled version of Rotor 37. An inverse design method has 

been performed to obtain the blade profiles. From 3D steady CFD simulations, 

the last stable operating point of the LSAC occurs on the negative slope of the 

pressure rise characteristic line. This infers that the LSAC designed is indeed a 

tip-critical compressor. Further checks are done by comparing the hub and tip 

region blockage at near stall conditions. It has been shown that the near casing 

blockage region covers a larger circumferential extent with respect to the hub 

blockage. This shows that the blockage is built-up near the casing is more signif-

icant with respect to the hub region at conditions near stall. 
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2. In a low-speed environment, the tip leakage flow (TLF) and tip leakage vortex 

(TLV) are predominantly responsible for the development of blockage in the near 

casing region. At near stall conditions, the blade loading near the LE increases 

due to the increased back pressure. This results in a stronger roll-up of the TLV 

and TLF momentum. The trajectory line of the TLV is approximated from the 

casing static pressure. The TLV angle increases by about 4° from near design to 

the near stall conditions. The increase in the TLV angle contributes to the up-

stream shift of the TLF-main flow interface at conditions near stall. 

3. The near casing blockage region is quantified using the mass flow-based blockage 

parameter (Ψm). It is shown that the location of the peak tip blockage moves up-

stream about 5% of 𝑐𝑎𝑥,𝑡 from near design to the last stable operating point. This 

upstream movement is not as pronounced as in the high-speed cases presented in 

the previous chapters. The increase of the magnitude of the peak blockage is 

thought to be caused by the build-up of low axial momentum as the TLF rolls-up 

into the TLV.  

4. The design optimisation to obtain a single circumferential groove that reduces the 

peak blockage with least efficiency penalty is implemented on the LSAC. The 

optimised single groove results in a SMI of about 5.4%. The SMI due to the opti-

mised single groove is shown to be a result of the reduction of the peak blockage 

magnitude and a shift in the TLV angle. Both factors result in reducing the ‘spill 

forward’ effect that is primarily due to the upstream movement of the TLF-main 

flow interface. 
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Chapter 8  

 

 

Conclusions and Recommendations 

The potential use of passive casing treatment technology, circumferential casing grooves 

in particular, for stall margin improvement has been demonstrated since the 1970’s 

through experiments and numerical simulations in both tip critical high and low-speed 

axial compressors. After nearly 50 years, the design of circumferential casing grooves 

remains a subject of active research. One of the challenges of designing circumferential 

grooves is that each compressor designed and built has distinctive blockage features that 

contribute to the stalling mechanism of the compressor. Hence, for optimum stall margin 

improvement, circumferential casing groove designs should be tailored according to the 

blockage characteristics of the compressor. This requires a thorough understanding of the 

near casing blockage and a method for quantifying it adequately. The main contribution 

of this study is to introduce a physics-based method that links the stall margin improve-

ment of a single groove design to the blockage features of the compressor. The contribu-

tion is summarised into two parts. The first part mainly discusses the physics of the near 

casing flow region and its link to blockage development. Based on this, a method used to 

quantify the near casing blockage in a high-speed environment was presented. The second 

part presents the implementation of the physics-based approach on a high-speed transonic 

compressor and a low-speed axial compressor, respectively. Finally, recommendations 

for further works are presented. 

 

8.1 Near casing flow of Rotor 37 

Chapter 4 begins by validating the numerical results from the steady CFD simulations of 

Rotor 37 with a smooth casing by comparing it with available measured data. The calcu-

lated total pressure ratio (𝜋) and adiabatic efficiency (𝜂) for most of the operating points 

are within an error band of ±2% and ±1%, respectively. Since Rotor 37 is an isolated 

rotor (absence of periodic unsteadiness caused by upstream and downstream blade row), 
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steady-state calculations were used to construct the performance characteristics. A con-

vergence criterion was introduced to consistently determine the numerical stall point. This 

is very important since this thesis deals with evaluating the stall margin improvement due 

to casing groove design variations. Without a clear and consistent definition of the nu-

merical stall point, the SMI of various casing groove designs cannot be directly compared. 

The measured outlet total pressure ratio radial distribution was compared against the re-

sult of the simulations using three commonly used turbulence models namely; 𝑘 − 𝜖, 𝑘 −

𝜔, and SST. From here, it was found that the 𝑘 − 𝜖 model was superior than the other 

models in terms of predicting the trend of the total pressure ratio radial distribution. The 

outlet hub pressure deficit observed in the measurements was not captured by the simu-

lations due to the absence of the leakage flow that was thought to be present in the real 

Rotor 37 test rig. However, this was successfully recreated by removing the inlet bound-

ary layer skew. 

 

In Rotor 37, Suder (1996) has demonstrated through measurements and numerical simu-

lations that the shock-TLV interaction is primarily responsible for the development of the 

near casing blockage as the compressor approaches stall. This was revisited in this thesis, 

in order to draw a link between the shock-TLV interaction location and the development 

of the near casing blockage. From the casing static pressure contour, the shock and TLV 

trajectory lines were identified and their respective slopes across all operating points are 

calculated. The change of the TLV trajectory line slope across all operating points is rel-

atively small as compared to the shock trajectory line slope. The slope of the shock tra-

jectory line changes by about 20° away from the blade pressure side from near design 

conditions to the last stable operating point. The upstream movement of the shock, as it 

detaches from the blade, is calculated by finding the intersection point between the two 

trajectory lines. From the near design conditions to the last stable operating point, the 

shock moves upstream by about 10% of 𝑐𝑎𝑥,𝑡. By examining the structure of the TLV at 

near stall conditions, the shock-TLV interaction is thought to have caused a TLV break-

down despite not being able to visually capture the ‘bubble’ structure that is typically 

associated with a vortex breakdown. The change in normalised helicity, 𝐻𝑛, on the TLV 

streamlines due to the interaction with the shock further supports the claim of the TLV 

breakdown. The TLV breakdown can also be justified by a large blockage region close to 

where shock-TLV interaction occurs. 
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The near casing blockage is quantified using a newly defined non-dimensional mass flow 

blockage parameter, Ψ𝑚. The parameter Ψ𝑚, used to quantify blockage is adapted from 

a binary blockage identification method introduced by Sakuma et al. (2013). This quan-

tification method allows for evaluating the blockage inside the passage which is expen-

sive to perform in experiments. The evaluation of the change in the distribution of  Ψ𝑚 

inside the passage across all operating points allows for understanding the build-up of 

blockage as the compressor approaches stall. The Ψ𝑚 is evaluated for the outer 20% span 

only, because the blockage is found to be more significant with respect to bottom 80% of 

the span. From near design conditions to the last stable operating point, the location of 

the peak Ψ𝑚 moves upstream by about 20% of  𝑐𝑎𝑥,𝑡. The upstream movement of the peak 

Ψ𝑚 location is consistent with the upstream movement of the shock as previously men-

tioned. The change of shock trajectory and location causes a stronger interaction with the 

TLV. This results in an increase of the peak Ψ𝑚 as the compressor approaches stall. The 

effect of the shock on the near casing blockage is further evaluated by simulating the 

compressor at part-speed (60%) as discussed in Chapter 6. Without the presence of pas-

sage shock, the upstream movement of the peak Ψ𝑚 location is not pronounced as com-

pared to the design speed case. Furthermore, the Ψ𝑚 distribution at part-speed shows a 

higher and broader peak with respect to the design speed case. The absence of the passage 

shock causes the blockage to be more distributed along the chord direction. This clearly 

shows that at design (high)-speed, the near casing blockage is strongly dominated by the 

shock-TLV interaction. Therefore, the near casing blockage quantification exercise using 

Ψ𝑚 has further established the role of the shock-TLV interaction and development of 

blockage that is mainly responsible for the onset of rotating stall in Rotor 37. 

 

Tip critical compressors such as Rotor 37 are known to exhibit a ‘spike’-type stalling 

pattern in pressure and velocity traces near the casing region as the compressor ap-

proaches stall. This was not numerically shown in this thesis as this was not within the 

scope of this thesis and this also requires transient calculations with considerably high 

computing resources. However, an alternative way of proving a ‘spike’-type stalling pat-

tern can be achieved through proving the existence of a radial separation vortex (RSV). 

The RSV which is linked to the ‘spike’ originates from the flow separation at the LE due 

to a highly loaded tip. The RSV is proven to exist by plotting the ‘lamda2’ isosurfaces 

together with the radial vorticity contour at the near casing region. The location of the 
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‘tornado’-like structure is consistent with the location where there is positive radial vor-

ticity on the contour. This suggests the existence of a radial vortex. To the author’s best 

knowledge, the existence of the RSV has never been reported in the literature despite 

numerous numerical studies have been published in relation to the tip aerodynamics of 

Rotor 37.  

 

8.2 Physics-based method for designing a single circumferential casing 

groove in a high-speed and low-speed environment 

A physics-based approach for designing a single casing groove design is possible since 

the passage blockage characteristics can be evaluated from the Ψ𝑚 distribution. The phys-

ics-based approach is a surrogate based optimisation approach that is first implemented 

on a high-speed environment with and without the presence of passage shock as discussed 

in Chapter 6. The physics-based approach that is explained in Chapter 5 reduces the com-

putational cost of the design optimisation in two different ways. First, the surrogate model 

reduces computational cost of the optimiser algorithm for evaluating the objective func-

tions. The outputs of the objective functions are obtained from a surrogate model that is 

constructed from high-fidelity CFD simulations. Secondly, the use of Ψ𝑚 as one of the 

objective functions reduces the number of CFD simulations required for obtaining the 

output value of the objective function. If the SMI is selected as the objective function, 

one would have to run multiple simulations at various operating conditions to find the 

numerical stall point and to obtain the performance characteristics. This is because, the 

SMI can only be evaluated once the full performance characteristic is constructed. In-

stead, using Ψ𝑚 as one of the objective functions only requires the simulation to be per-

formed at only one operating point (near stall condition) since it is the build-up of block-

age near stall that has shown to be responsible for stall. 

 

The optimised casing groove design implemented on Rotor 37 produces an SMI of about 

0.6% with negligible efficiency loss. Albeit the SMI being small, this finding is consid-

erably realistic after comparing this result with a different multi-groove design optimisa-

tion approach conducted on Rotor 37. The study by Qin et al. (2013) reported a 0.7% SMI 

when a 5 groove with variable depth arrangement was applied on Rotor 37. The effect of 

the optimised casing groove design at part-speed conditions also show no deterioration 

where a 0.6% SMI is obtained.  At design speed conditions, the sensitivity of the SMI on 
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axial location of the casing groove is investigated by varying the axial location of the 

optimised casing groove design, S1. Two more single groove design; S0 and S2 are ob-

tained by axially moving the grooves upstream and downstream of S1. From this exercise, 

it was found that the SMI of S0 is the highest among the other single cases, S1 and S2. 

The SMI of S0 and S2 are about 1.3% and 0.13%, respectively. Comparison of the Ψ𝑚 

distribution of the single grooves shows that highest SMI achieved by S0 was due the 

reduction of the front part of the peak Ψ𝑚 distribution. S0 is located upstream of the peak 

Ψ𝑚 location where it might have affected the source of the blockage itself which is the 

shock-TLV interaction. The reduction of the front part of the peak Ψ𝑚 allows the incom-

ing flow through the passage with reduced resistance which results in SMI. Adding the 

single grooves together to form multiple-groove configurations did not contribute to a 

significant increase to SMI. It was found that the SMI of the multiple-groove configura-

tion follow the same trend of the upstream groove in each configuration. From this, it can 

be stressed that the upstream groove plays a larger role by reducing the blockage that is 

providing resistance to the incoming through the passage. Additional downstream do not 

necessarily lead to a higher SMI but also may contribute to additional losses near the 

casing. 

 

The physics-based approach for designing a single casing groove is further tested numer-

ically on a low-speed axial compressor. For this purpose, a tip critical and isolated low-

speed axial compressor (LSAC) rotor is designed using an inverse design approach. The 

design procedure of the LSAC has been presented in the first part of Chapter 7. In a low-

speed environment, the source of the near casing blockage is primarily linked to the tip 

leakage flow (TLF) and the TLV. At the compressor approaches stall, the TLF-main flow 

interface advances away from the blade SS to become more aligned with the circumfer-

ential direction. This provides a resistance for the incoming flow through the passage. 

The advancement of the TLF-main flow interface is caused by the increased backpres-

sure, tip leakage momentum and the axial velocity deficit due to the roll-up of the TLV 

at conditions near stall. With the absence of shock, the advancement of peak Ψ𝑚 location 

is not pronounced as found in Rotor 37 at design speed. It is shown that the location of 

the peak Ψ𝑚 moves upstream by about 5% of 𝑐𝑎𝑥,𝑡 from near design to the last stable 

operating point. At the last stable operating point, the peak Ψ𝑚 is located about 10% of 

𝑐𝑎𝑥,𝑡 aft of the tip LE. From this information, an optimised single casing groove design is 
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obtained using the same method used for the high-speed case presented in Chapter 6. The 

SMI obtained from the optimised casing groove design is about 5.4%. It was found that 

the reduction of the near casing blockage and the shift in TLV angle by the optimised 

groove delays the advancement of the TLF-main flow interface. This results in the delay 

of the onset of rotating stall. 

 

8.3 Closure 

This thesis provides a possible method for compressor designers to achieve SMI using an 

optimised single casing groove design. The introduction of a blockage-based parameter, 

Ψ𝑚 further helps to understand and explain the missing link between SMI and various 

casing groove designs. 

 

8.4 Recommendation for further work 

The physics-based method has been successfully implemented numerically onto a high-

speed and low-speed compressor to find an optimised single casing groove design for 

SMI. Up until now, this method has only been validated numerically and for rotor only 

configurations.  

8.4.1 Experiments 

The low speed design and analysis was partly aimed at making a cost-effective test rig 

experimental validation viable for the optimisation methodology presented in this thesis. 

Although there was an intention to do this as part of the current thesis work delay in 

manufacturing, pandemic related lock-down and the thesis submission deadline as stipu-

lated all contributed to a lack of time to conduct any meaningful experimentation. It is 

therefore recommended that a complete and detailed experimental validation of the SMI 

improvement strategy be carried out. These could range from performance only tests to 

very detailed measurements to quantify the blockage.  

 

8.4.2 Complete compressor stage configuration and multi-stage environment 

In this thesis, the simulation has been performed on an isolated compressor rotor config-

uration. It would be interesting to numerically test the design optimisation method in a 

complete compressor stage and also in a multi-stage environment. This will take into ac-

count the effects of upstream and downstream blade rows on the development of blockage 

which is not present in this thesis.  
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8.4.3 Other casing treatment methods 

The optimisation method developed in this thesis is based on the identification of block-

age, whatever the source of it may be, and its minimisation by using it (i.e. the blockage 

parameter) as one of the objective function to be minimised. The choice of the SMI meth-

odology could then be changed in theory from single circumferential groove to the em-

ployment of other concepts such as axial grooves, casing recirculation strategies or active 

injection methods. Optimisation of multiple circumferential grooves could also be a topic 

for future study. 
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Appendix I 

 

 

Inverse blade design using MISES  

Introduction 

An example for obtaining a 2D blade shape through an inverse design method is shown 

in this appendix.  

 

Pre-requisites 

Seed geometry 

The inverse design method is an iterative method where the blade shape is transformed 

towards a specified design target. Hence, a seed geometry is required to begin with. Using 

a simple MATLAB code, a blade shape is defined by specifying the camber profile, thick-

ness distribution and leading and trailing edge profiles. Figure A1- 1 shows the parame-

ters to define the initial blade shape. 

 

 

Figure A1- 1 Blade shape parameterisation 

 

Target blade loading 

The next pre-requisite is the specified design target which is the blade loading. The target 

blade loading is normally obtained from an existing blade shape. In this study, the target 

blade loading is obtained numerically from 3D RANS simulations. The blade loading is 

extracted at a specified radius. 

 

𝑡, thickness 
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MISES  

The MISES is a collection of programs developed for 2D cascade design and analysis. 

The snapshot of the MISES menu is shown in Figure A1- 2. For the inverse design pro-

cedure, Option 1, 3 and 4 are used.  Option 1 (ISES) is the program that solves the flow 

domain. The flow in the inviscid region is obtained by solving the Euler equations. In the 

boundary layer region, the integral boundary layer equation is solved. Option 3 (EDP) is 

the inverse design program. The target blade loading and inverse design setup are per-

formed using this program. MISES uses mode shapes to transform the initial blade shape 

towards the final blade shape that satisfies the target blade loading. Option 4 is the geom-

etry import and grid meshing program. 

 

 

 

Figure A1- 2 MISES menu 

 
 

Input geometry and grid generation 

The blade shape is first input into MISES. The geometric input parameters required are 

blade coordinates, pitch and flow angles. Figure A1- 3 shows the seed geometry read into 

the program. The dashed line represents the location of the inlet and outlet of the numer-

ical domain. Next, the grid is automatically generated by the program. Figure A1- 4 shows 
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the generated grid with default setup. The grid nodes are distributed along the blade sur-

face and the streamwise nodes are obtained from simple linear interpolation. The grid 

undergoes several iterations of smoothing to improve the quality. 

 

 

Figure A1- 3 Blade input into MISES 

 

Figure A1- 4 Grid of the numerical domain 
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Setup and initial flow solution 

The numerical setup is input using ISES program (option 1) from the main menu. Here, 

the numerical setup and boundary conditions are prescribed. The flow angle, Mach num-

ber and pressure are required at the inlet and outlet. These values are obtained from a 1D 

design analysis. The calculation is iterated until the flow converges. The convergence 

occurs when the changes of global variables fall below 1 × 10−5. Figure A1- 5 shows 

the blade loading for a converged calculation. The aim now is to modify the blade shape 

until the blade loading shown in Figure A1- 5 matches the target blade loading. 

 

 

Figure A1- 5 Blade loading of the initial seed geometry 

 

Inverse design 

The input of the target blade loading and setting up for the inverse design are performed 

using the EDP program (Option 4) from the main menu. Figure A1- 6 shows the compar-

ison of the initial blade loading (dotted line) with respect to the target blade loading 

(smooth line). The inverse design method uses a modal-inverse method. Here, the sum of 

mode shapes is used to deform the surface normal of the blade with respect to the initial 
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shape. The blade shape is perturbed iteratively until the target blade loading is matched 

using a method of least squares. The user also has an option to re-camber or vary the blade 

stagger angle to reduce the error between the target and the obtained blade loading. Figure 

A1- 7 to Figure A1- 9 shows the iterative procedure of matching the target blade loading.  

In the first iteration as shown in Figure A1- 7, there is a slight mismatch at the front part 

of the blade suction side (red line). This is improved in Figure A1- 8 where the blade has 

been rotated ever so slightly to reduce the blade incidence at the leading edge. The blade 

undergoes another round of perturbation where the result is shown in Figure A1- 9. The 

blade loading now is a relatively better match of the target blade loading. The comparison 

of the initial seed geometry with respect to the final blade shape is shown in Figure A1- 

10. 

 

 

Figure A1- 6 Comparison between initial blade loading (dotted lines) and target blade loading 

(smooth lines) 
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Figure A1- 7 First iteration of the modal inverse design. 

 

Figure A1- 8 Second iteration of the modal inverse design. 



 

156 
 

 
Figure A1- 9 Third iteration of the modal inverse design 

 
Figure A1- 10 Comparison of the final blade shape with respect to the initial seed geometry 
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Appendix II 

 

 

Structural Analysis and Testing of 

a Low-speed Rotor 

Among the downside of experimentation in the field of turbomachinery is the associated 

cost. However, with the advent of polymer additive manufacturing technology, the cost 

of manufacturing the blades can be significantly reduced. Polymer additive manufactur-

ing allows for the blade to be rapidly manufactured at a lower cost than metallic blades. 

An FEA analysis is conducted to ensure that the 3D polymer printed blades can withstand 

the load during the experimentation. A simplified diagram for the low speed axial com-

pressor (LSAC) structural analysis is shown in Figure A2- 1. Table A2-1 presents the 

material properties of the selected polymer material. The material properties are taken 

from the product information brochure. Later in this appendix, description of a tensile test 

conducted to validate the use of the selected blade material is presented. 

 

 

 

Figure A2-1 Schematic diagram of the test rig (not to scale). 
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Table A2-1 Vero Clear TM material properties as specified by the manufacturer 

Material property Testing standards Value 

Tensile Strength D-638-03 50-65 MPa 

Elongation at Break D-638-05 10-15% 

Modulus of Elasticity D-638-04 2000-3000 MPa 

Flexural Strength D-790-03 75-110 MPa 

Flexural Modulus D-790-04 2200-3200 MPa 

HDT °C @ 0.45MPa D-648-06 45-50 °C 

HDT °C @ 1.82MPa D-648-07 45-50 °C 

Izod Notched Impact D-256-06 20-30 J/m 

Glass transition temperature, Tg DMA 52-54 °C 

Shore Hardness (D) Scale D 83-86 

Rockwell Hardness Scale M 73-76 

Polymerized Density ASTM D792 1.18-1.19 g/cm3 

Ash content USP281 0.02-0.06% 

 
 

Numerical Method 

The rotor blades are designed to be printed individually and are mounted on an aluminium 

disk as shown in Figure A2- 2. The material specification for the rotor blades can be found 

in Table A2-1. The structural analysis contains two parts. The first part is a static analysis 

where the focus is to calculate the stresses and deflection of the rotor blades under load. 

Secondly, a modal analysis is performed to study the rotor-dynamics of the axial com-

pressor. This is to investigate the critical speed of the compressor (rotating speed that 

excites the natural frequency of the compressor). Both analyses are done using ANSYS 

Mechanical software package. For the static analysis, the stress on the disk can be as-

sumed to be circumferentially uniform. Hence a sector of the blade and disc assembly 

with periodic boundary conditions (on the disc) is modelled as shown in Figure A2- 2. 

The meshed model contains about 35000 grid points.  For the modal analysis, a full bladed 

disk domain is used as shown in Figure A2- 3.  
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Figure A2-1 Isometric view of the rotor blades mounted on a shaft fitted disk. Inset: Grid of a 

single rotor blade used for the static analysis. 

 

 

Figure A2-3 Mesh of a full sector blade assembly used for the Modal analysis 
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Figure A2-4 shows the load applied on the numerical domain for the static analysis. The 

effect of the centrifugal load on the blade is prescribed through the rotational velocity. 

The force of 2.85 N (obtained from CFD results) is imposed on the blade surface is equiv-

alent to the reaction force due to the torque exerted on the air by the rotor blade at design 

conditions.  The setup for the modal analysis is shown in Figure A2-5. Contact surfaces 

are modelled as bonded contact to simplify the analysis. The bearing is modelled as a 

simple support with a restricted degree of freedom. 

 

 
 
 
 

 

Figure A2-4 Boundary conditions of the static analysis.  
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Figure A2-5 Boundary conditions of the Modal analysis. 

Results of the Structural Analysis 

Stress (Von-Mises) 

Figure A2-6 and Figure A2-7 show the stress calculated on the disk and the blades. The 

maximum stress on the disk is about 18.2 MPa. For the blade, the maximum stress is 

about 4 MPa. This is less than 1/10th of the tensile strength of the polymer material. 

 

 

Figure A2-6 Stress contour calculated on the blade disk assembly. Inset: Stress on the disk. 

MPa 
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Figure A2-7 Stress calculated on the blade surface 

Deformation 

The deformation of the blade is shown in Figure A2-8 to Figure A2-11. Overall, the de-

flection is found to be within an acceptable range. The maximum overall deformation is 

0.237 mm and direction wise; the deformation is small. The maximum radial deformation 

as shown in Figure A2-9 is found to be about 0.06 mm which is less than 1/10th of the 

nominal tip clearance of 1mm. A significant radial deformation is not permitted as the 

blade will ‘rub’ the casing. This will damage the blades and the test rig.  

 

 

Figure A2-8 Total deformation calculated on the blades and disk 

MPa 

mm 
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Figure A2-9 Deformation along the radial direction 

 

 

Figure A2-10 Deformation along the pitch direction 

 

mm 

mm 
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Figure A2-11 Deformation along the axial direction 

Results of the modal analysis (Campbell diagram) 

The Campbell diagram as shown in Figure A2-12 shows the mode frequencies at different 

rotating speed. From, the Campbell diagram it can be seen that the mode frequency does 

not cross the rotating frequency of the blade disk which suggest that the rotating body 

will not be subjected to resonance in the intended operational speed range of the LSAC. 

 

Figure A2-12 Campbell diagram of the rotor blades 

mm 
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Tensile test of the selected rotor blade material 

Further to the structural analysis presented in the previous sections, a tensile test on the 

blade material is performed to find out the breaking strength of the material. This is to 

verify the tensile strength of the material quoted by the manufacturer as found in Table 

A2-1. The setup for the material tensile test is shown in Figure A2-13. The test specimen 

which has a radius of 3mm is mounted in-line to an S-type beam load cell. The tensile 

load is controlled using a threaded rod and nut. The tensile load is increased by gradually 

and uniformly tightening the nut. The tensile load as obtained as an output from the cali-

brated load cell is logged into a computer for monitoring after the acquisition of the sig-

nals from a bridge based signal conditioner. The result of the tensile test is shown in 

Figure A2-14. The ultimate tensile strength is about 65 MPa which falls within the value 

range provided by the manufacturer. Furthermore, the material is found to experience 

negligible necking before braking. This can be seen in the reduction of the stress past the 

ultimate tensile strength limit. The occurrence of necking has been captured using a port-

able microscopic camera as shown in Figure A2-15a). Figure A2-15b) shows the frac-

tured surface of the test specimen. The clean fracture of the surface and relatively small 

percentage of necking suggest a brittle type failure. 

 

 

Figure A2-13 Blade material tensile test rig and setup 
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Test specimen Load cell Tensile load 

control  
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Figure A2-14 Blade material tensile stress curve 

 

Figure A2-15 a) Necking on the test specimen and b) fracture surface of the test specimen 

The printed rotor blades are weighed and labelled to ensure that the blades printed are 

within the allowable engineering tolerance. The standard deviation of the blades’ mass is 

within 1% of the mean. A low standard deviation means that the blades are similar. This 

is important for balancing the rotor and avoiding catastrophic vibrations during operation. 

 

 

 

 

 

  

Ultimate tensile strength Necking 

Breaking strength 

a) b) 
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Appendix III 

 

 

Low Speed Compressor Rig: 

Preliminary Test Results and 

Analysis 

Introduction 

Continuing the discussion from Chapter 7, this appendix describes the assembly and in-

strumentation of a low-speed axial compressor test rig that was built for experimentally 

validating the SMI methodology explained in this thesis. However, as mentioned before,  

due to the unprecedented lockdown caused by the global pandemic (COVID-19) and the 

thesis submission deadline imposed by the financial sponsors, no extensive experimental 

studies were possible other than for a few days prior to the submission of this thesis. The 

first and second section of this appendix details the test rig setup and instrumentation, 

respectively. In the final section, the preliminary results from the rig are presented. 

 

Compressor rig setup 

The compressor used in this study is a low-speed axial compressor rotor test rig as shown 

in Figure A3- 1. The test rig is vertically designed to save space and to avoid the need for 

horizontal alignment of the sections that requires expensive support framework. The rig 

consists of a single rotor blade row with no inlet guide vanes and downstream stator 

blades. Exact details of test section are explained in Figure A3- 2 and Table A3-1. The 

motor speed is controlled by using a variable frequency drive controller. Rotatable motor-

powered flaps are used as the compressor outlet throttle as shown in Figure A3- 3. The 

assembly of the rotor blades, disk, and shaft is shown in Figure A3- 4.  
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Figure A3- 1 a) The photo of the LSAC and b) the view inside of the LSAC looking into the in-

let from the top. 

 

Figure A3- 2 GA drawing of the rig with exact measurements for instrumentation. Legends are 

supplied in Table A3-1. 

 
 
 

a) b) 
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Table A3-1 Legends explaining Figure A3- 2. 

1 3 × support struts at 120º (15mm thick plates) 

2 Beginning of parallel annulus 

3 Provisions for boundary layer trip 

4 Provisions for turbulence grid 

5 Boundary layer traverse 

6 3 × inlet pitot (mid-span) & casing wall static pressure tappings 

7 Rotor blade tip LE 

8 Rotor blade tip TE 

9 3 × exit casing wall static pressure tappings 

11 8 motor-powered rotatable flaps 

12 3 phase AC motor with maximum speed of 3000 RPM 

 

 

 

Figure A3- 3 Outlet throttle mechanism 

 

  

Figure A3- 4 Rotor blades mounted on the disk (left) and the rotor blades-disk-shaft assembly 

(right) 

Outlet fully closed Outlet fully open 
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Instrumentation 

Steady pressures were measured with a DSA 3017 pressure array, 9 of the 16 channels of 

which were used. The inlet pitot-tube and static wall tappings are positioned within the 

120º sectors created by the inlet nose-cone support struts such that they avoided being in 

the wakes emanating from the struts. Flexible plastic tubings with 1.1 mm internal diam-

eter (ID) were used for connecting the pressure tapping and pitot probe (hypodermic 

tubes) to the DSA. The only DSA available was of a higher pressure range (0 − 35 kPa). 

The accuracy of pressure measurements was only within ±15 Pa. Since this is inadequate 

for determining the compressor operating points (especially the stall point) of the low 

speed compressor with reasonable accuracy. Two Furness Controls micromanometers 

(differential type) were used by doubling up on the respective channels of the DSA. The 

inlet dynamic head was measured using a 0 − 1 kPa range micromanometer whereas the 

total to static pressure rise across the rotor was measured using a 0 − 1.5 kPa range mi-

cromanometer. The transducer output was zeroed at the beginning of each measurement 

cycle. Once the manometers were warmed up, the zero-level drift was less than ±1.5 Pa 

within a measurement cycle. The use of the lower range pressure transducers ensured that 

the flow coefficient and the pressure rise coefficient were measured to within ±0.005. At 

the beginning of the measurement cycle, the ambient conditions are recorded using a dig-

ital thermometer and a digital manometer both located in the same test cell as the rig. 

 

Preliminary results 

Figure A3- 5 shows the total to static pressure rise, 𝜓𝑡𝑠, characteristic lines obtained from 

the 5 test runs. The total to static pressure rise, 𝜓𝑡𝑠, and flow coefficient, 𝜙𝑚𝑖𝑑
′ ,  are de-

fined using Equation 1 and 2, respectively. 

 

𝜓𝑡𝑠 =
𝑃𝑐𝑎𝑠𝑖𝑛𝑔,𝑒𝑥𝑖𝑡 − 𝑃01

0.5 𝜌𝑈𝑚𝑖𝑑
2  

 
(1) 

𝜙𝑚𝑖𝑑
′ =

𝑉𝑧,𝑚𝑖𝑑

𝑈𝑚𝑖𝑑
 

 
(2) 

 

The numerator of Equation 1 is the difference between the outlet casing pressure, 

𝑃𝑐𝑎𝑠𝑖𝑛𝑔,𝑒𝑥𝑖𝑡, and the inlet total pressure, 𝑃01. 𝑃01 is obtained from the inlet pitot tube at 
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mid-span. The quantities 𝜌, and 𝑈𝑚𝑖𝑑 are the air density and the mid-span blade speed, 

respectively. The abscissa of Figure A3- 5 is the mid-span flow coefficient, 𝜙𝑚𝑖𝑑
′ . The 

axial velocity, 𝑉𝑧,𝑚𝑖𝑑, is calculated from the inlet pitot tube and the wall static pressure 

tapping on the casing located at the same axial plane as the head of the pitot probe. 

 

Figure A3- 5 Comparison of the total to static pressure lines between the test and CFD results. 

 

Unfortunately, the LSAC did not produce the desired pressure rise as what it was designed 

for. The design pressure rise corresponds to the pressure rise predicted by the CFD (𝑘 −

𝜖 line). Instead, the pressure line of the LSAC indicates a roll-over before reaching the 

design pressure rise. This does not correspond to a ‘spike’-type stall as what a tip-critical 

compressor would normally show as reported in the literature. Casing treatments would 

be less effective if the compressor does not stall at the near casing. Therefore, further test 

runs using a grooved casing would be inconclusive if the compressor is not tip-critical.  

 

One of the reasons that might be causing this problem is a possible flow separation on the 

rotor blades. Since the 𝑘 − 𝜖 turbulence model that was originally used in the design ver-

ification of the LSAC blade has some known limitations in predicting flow separation 

near the blade surface, additional CFD calculations were carried out using an SST turbu-

lence model. Operating point A in Figure A3- 5 is the last stable operating point (based 

A 
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on convergence criteria in Chapter 3) of the CFD run using an SST model. Initial inves-

tigations as shown in Figure A3- 6 suggest that there is a separation bubble on the suction 

side surface near the LE. This is plotted at 85% span for operating point A and operating 

point A’ (un-converged case that has a slightly higher backpressure than operating point 

A). 

 

 

Figure A3- 6 Separation bubble on the blade LE suction side at 85% span for operating point 

A and A’ 

The flow separation can be caused by either a badly designed blade or due to the existence 

of a laminar boundary flow separation on the blade surface. The former might be possible 

since the design of the blade were based on steady CFD results using a 𝑘 − 𝜖 model. The 

latter can be caused by the low turbulence intensity levels inside the rig. Note that the 

simulations used for the design verification assumed a fully turbulent boundary layer with 

a turbulent inlet prescription. If the flow entering the blade is laminar then transition to 

turbulence may occur through a separation process at high incidence angles. The turbu-

lence model is unable to capture the laminar-turbulent boundary layer transition on the 

blades. Neither of these theories could be confirmed due to the lack of time to conduct 

further investigations. In addition, the current rig did not perform well on installing tur-

bulence grid to induce artificial turbulence at the inlet. This is because the pressure loss 

through the gird resulted in the compressor operating at a low flow coefficient even at 

fully open throttle conditions.  
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